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2. Abstract 
 The research interests include two-phase flow, heat transfer enhancement and thermal 

system design. Generally, the process of heat exchange between two kinds of fluids of different 

temperatures can be accomplished with equipment called a heat exchanger. A well-designed heat 
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exchanger can transfer heat effectively. Heat transfer enhancement can increase the performance 

of a heat exchanger through the saving or cost-effective use of energy. 

 Since Thailand is situated in a tropical zone, air conditioners and refrigerators are considered 

necessary appliances in Thai daily life. Additionally, Thailand has become an important production 

base for air conditioner and refrigerator manufactoring, as well as a top exporter of these products 

to the world market. Therefore, research and development, as well as the preparation of 

specialists in this field is necessary. 

 The research team have applied the sciences of heat and mass transfer, fluid mechanics, and 

thermodynamics in developing higher-performance heat exchangers, the main focus being on 

increasing the efficiency and reducing the power consumption of air conditioners and refrigerators. 

The new body of knowledge gained from this basic research can be applied in designing high-

performance equipment that is directly useful in the industry. 

 

3. Executive Summary 
 Gas-liquid two-phase flow is one of four types of two-phase flows. It occurs commonly in both 

the power and the process industries and in ordinary life. Gas-liquid flows are the most complex. 

They combine the characteristics of the compressibility of gas and a deformable interface. Gas-

liquid flow occurs in a wide variety of equipment, for example, in all condenser and evaporator of 

refrigeration and air conditioning system and in petroleum pipelines which carry a mixture of gas 

and oil. In fact, the majority of  the real heat-mass transfer problems in the industries is related 

with changes of phase during  boiling and condensation.  
 
 Boiling and condensation under the conditions of free or forced convection is an extreamly 

important subject that confronts engineers in the process industries. The design and analysis of 

refrigeration and air conditioning system, distillators, water-tube and fire-tube boiliers, process 

industry reboilers and condensers, surface condensers, automotive industries, pressurized water 

reactors in nuclear power plants, heat pumps and various kinds of heat exchanger and many 

other equipment in chemical and power plant are examples which are based on the knowledge of 

the two-phase flow and heat-mass transfer characteristics occurring during the changes of phase.  
 
 In general, the heat and mass transfer rate and the pressure drop in a considered system are 

the usual design parameters of interest. It is very meaningful to know the phenomena which 

occurs. This is because it may impose some limitation in the performance of the system, for 

example, a change in hydrodynamic or heat transfer characteristics. In boiling and condensation, 

the flow and heat transfer characteristics are very closely related and the coupling is much closer 

than in single-phase flows.  
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        The exchange rates of heat, mass and momentum, pressure drop, holdup and system stability 

causes variations in the amount and distribution of each phase and topology of the flow. The 

subject of the heat transfer enhancement has been developed generally for the purpose of heat 

exchange applications. It is also not possible to understand the two-phase flow phenomena without 

a clear understanding of the flow patterns encountered. 
 
  The ability to predict the type of flow accurately is necessary before the relevant calculation 

techniques will be developed. The external and internal extended surfaces in forms of, for 

example, longitudinal or radial fins are also alternative ways to enhance the heat transfer rate 

between the surface and the adjacent fluid. However, while the heat transfer rate is augmented, 

the flow characteristic is changed and the resistance resulted from extended surface becomes 

higher. This is still big room to discuss and go further into detail. 

   The main objective of this project is to study experimentally and theoretically the two-phase 

gas-liquid flow characteristics and its relations with the heat-mass transfer mechanism and to 

enhance the heat transfer rate by considering in the view of the fluids and equipment. All these 

fundamental works will be concentrated on the improvement of the performance of the 

refrigeration and air-conditioning system.     

        The project is divided into various relevant related sub-projects as follows;  
 
 -Micro-Channel Heat Exchanger used for Refrigeration and Air Conditioning 
 

 -Heat and Mass Transfer Characteristics of Fin-and-Tube Evaporators used in Air conditioning  system 
 
 -Saturated Pool Boiling Characteristics of New Alternative Fluorine-Based Refrigerants 
 
   -Pool Boiling Characteristics of New Alternative Refrigerants “Nano-Fluids” 
 

-Hydrocarbon Mixtures to Replace Refrigerants used in an Automotive Air Conditioning System 

  -Heat Transfer, Pressure Drop and Effect of Flow Direction of Working Fluids  Flowing 

   Through a Plate Heat Exchanger Simulated as Evaporator and Condenser   
 
 -Characteristics of Refrigerant HFC-134a Flowing Through Micro-Scale Short Tube Orifices 
 
 -Vertical Upward Gas-Liquid Flow in Sinusoidal Wavy Channels 
 

-Heat Transfer and Pressure Drop Characteristics of Refrigerant HFC-134a During Evaporation and      

 Condensation in Annulus Coil Evaporator and Condenser 
 
 -Two-Phase Flow Patterns, Void Fraction and Pressure Drop in a Narrow Concentric Annuli    
 
 -Performance of a Vapor Compression Refrigeration Cycle Using a Two-Phase Ejector as an  

    Expansion Device   
 
  -Experimental and Theoretical Investigations of Two-Phase Flow in  Micro-Channels 
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 -Effects of Electrohydrodynamics on the In-Tube Condensation and Boiling Heat Transfer – 

   Enhancement of a New Alternative Refrigerant in Smooth and Micro-Fin Tubes   
 
 -Two-Phase Flow Patterns and Pressure Drop in a Small Circular Tube Vertical  

   Bend used in Refrigeration and Air conditioning   
 
 -Forced Convective Heat Transfer Characteristic of New Alternative Refrigerants “Nano-fluid” 
 
 -Selection Charts for Fluorine-Based Capillary Tubes Used in Refrigerator and Air-Conditioner 
 
 -Effect of Geometric Parameters on the Air-Side Performance of Crimped Finned Tube   

   Condenser used in the Air-Conditioning System 
 
 -Heat Transfer Performance of a Helically Coiled Heat Exchanger 
 
 -Performance of New Alternative Refrigerants Flowing Through Non-Adiabatic Capillary  

   Tubes Used as An Expansion Device in Refrigeration and Air Conditioning System 
 
 -Combined Refrigeration and Solar Energy Systems 
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This article concerns the pressure drop caused by using the electrohydrodynamic (EHD) technique during evaporation of
pure R-134a inside smooth and micro-fin tubes. The test section is a counter-flow concentric tube-in-tube heat exchanger
where R-134a flows inside the inner tube and hot water flows in the annulus. A smooth tube and micro-fin tube having an
inner diameter of 8.12 mm and 8.92 mm, respectively, are used as an inner tube. The length of the inner tube is 2.50 m. The
outer tube is a smooth copper tube having an inner diameter of 21.2 mm. The electrode, which is a cylindrical stainless steel
wire having diameter of 1.47 mm, is placed in the center of the inner tube. The electrical field is established by connecting
a DC high voltage power supply of 2.5 kV to the electrode while the inner tube is grounded. Experiments are conducted
at saturation temperatures of 10–20◦C, mass fluxes of 200–600 kg/m2s, and heat fluxes of 10–20 kW/m2. The experimental
results indicate that the application of EHD introduces a small pressure drop penalty. New correlations for the pressure drop
are proposed for practical applications.

INTRODUCTION

Normally, heat transfer enhancement techniques can be di-
vided into two groups: namely passive techniques and active
techniques. The passive techniques require special surface ge-
ometries, such as rough surface or extended surface. The active
techniques require external forces, such as fluid vibration, sur-
face vibration, and an electrical field. An electrohydrodynamic
(EHD) technique is one of the types of active techniques, which
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of Energy and Environment (JGSEE) and the Thailand Research Fund (TRF)
whose guidance and assistance are gratefully acknowledged.

Address correspondence to Professor Somchai Wongwises, King Mongkut’s
University of Technology Thonburi, 126 Pracha-utid Road, Bangmod,
Toongkru, Bangkok 10140, Thailand. E-mail: somchai.won@kmutt.ac.th

can be achieved by the interaction between the electrical field
and the flow of dielectric fluid medium. This interaction creates
additional fluid motion which leads to a higher heat transfer
coefficient. The electrical body force density acting on the fluid
element of dielectric fluid in the presence of an electrical field
can be expressed as:

fe = qE − 1

2
E2∇ε + 1

2
∇
[
E2ρ

(
∂ε

∂ρ

)
T

]
(1)

The three terms on the right side of Eq. (1) represent the
electrophoretic, dielectrophoretic, and electrostrictive compo-
nents of the force, respectively. The first term represents the
force acting on the free charges in the presence of an electrical
field, called Coulomb force. The second term is a consequence
of inhomogeneous or spatial change in the permittivity of the
dielectric fluid due to non-uniform electrical fields, temperature
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Table 1 Refrigerants, electrode and tube configurations studied by various researchers

Experimental Supplied energy to
Source Refrigerant Test section Electrode geometry condition the test section

Singh et al. [1] R-123 Smooth stainless steel tube Cylindrical stainless steel
electrode having
diameter of 3 mm

Tsat = 27.52◦C Hot water
ID = 9.4 mm EHD = 0, 10 kV
Length = 1220 mm q′′ = 5, 10, 20 kW/m2

G = 50–400 kg/m2s
Inlet quality = 0–0.5

Singh et al. [2] R-134a Smooth stainless steel tube Cylindrical stainless steel
electrode having
diameter of 3 mm

Tsat = 20.15◦C Hot water
ID = 9.4 mm EHD = 0, 10 kV
Length = 1220 mm q′′ = 5, 10, 20 kW/m2

G = 50–400 kg/m2s
Inlet quality = 0–0.5

Salehi et al. [3] R-404A Micro-fin copper tube Cylindrical stainless steel
wire having diameter of
0.46 mm

Tsat = 20.15◦C Electric heater
ID = 11.78 mm EHD = 0–3 kV
OD = 12.7 mm q′′ = 5, 10 kW/m2

Length = 304.8 mm Helical electrode G = 50–200 kg/m2s
ID = 8.92 mm, OD = 9.84

mm
Average quality = 0–0.8

Salehi et al. [4] R-134a 1. Smooth copper tube Cylindrical rod Re =500, 1000 Electric heater
ID = 9.5 mm EHD = 0–3 kV
OD = 11.56 mm q′′ = 25 kW/m2

Length = 114.3 mm Inlet quality = 0–0.6
2. Corrugated copper tube

with helical angle of 18
with height of ridge of
0.25 mm

Bryan and Seyed-Yagoobi [5] R-134a Smooth copper tube Cylindrical brass rod
electrode having
diameter of 1.6 mm

Tsat = 4.9–25.1◦C Hot water
ID = 14.1 mm EHD = 0, 5, 15 kV
OD = 15.9 mm G = 99.9–300.7 kg/m2s
Length = 100, 200, 300,

500 mm (connecting in
series)

Inlet quality = 0–0.8

Cotton et al. [6] R-134a Smooth stainless steel tube Cylindrical stainless steel
electrode having
diameter of 3.175 mm

Tsat = 24◦C Hot water
ID = 10.92 mm EHD = 0–8 kV
OD = 12.7 mm q′′ = 10, 20 kW/m2

Length = 1800 mm G = 100–500 kg/m2s
Inlet quality = 0–0.6

gradients, and phase differences. The third term is caused by
inhomogeneous electrical field strength and the variation in di-
electric constant with temperature and density.

Heat transfer enhancement during evaporation using EHD
has been published in the literature. Some of the works were
performed by Singh et al. ([1, 2]), Salehi et al. [3, 4], Bryan and
Seyed-Yagoobi [5] and Cotton et al. [6] as shown in Table 1.

It can be noted that the mass fluxes of the reported test tubes
are almost all below 300 kg/s.m2. As a consequence, the ob-
jective of this study is to study the pressure drop penalty from
the use of electrohydrodynamic technique during evaporation of
R-134a flowing in a horizontal smooth tube and micro-fin tube
at high mass flux conditions.

EXPERIMENTAL APPARATUS

The experimental apparatus can be divided into two parts: the
refrigeration test unit and the direct current (DC) high voltage
power supply unit. A schematic diagram of the test apparatus is

shown in Figure 1. This experimental apparatus was designed to
measure the heat transfer coefficient and pressure drop of pure
R-134a over the length of the test tube.

The test loop consists of a test section, refrigerant loop, heat-
ing water flow loops, sub-cooling loop, and the relevant instru-
mentation. For the refrigerant circulation loop, liquid refrigerant
is pumped by a magnetic gear pump which is regulated by an
inverter. The refrigerant flows in series through a filter/dryer, a
sight glass tube, and enters the test section. The inlet quality be-
fore entering the test section is controlled by the pre-heater. The
pre-heater is a spiral counter flow heat exchanger that supplies
energy to control inlet quality of the refrigerant. The refriger-
ant leaving the test section is then condensed and sub-cooled
by the chilling loop that removes heat load receiving from the
pre-heater and, returns from the two-phase refrigerant to a sub-
cooled state and later collects in a receiver and eventually returns
to the refrigerant pump to complete the cycle.

The test section as shown in Figure 2 is a horizontal
counter-flow double tube heat exchanger. The length of the
heat exchanger is 2.5 m. Refrigerant temperature and the tube

heat transfer engineering vol. 31 no. 2 2010
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Figure 1 Schematic diagram of experimental apparatus.

Figure 2 Schematic diagram of test section.

heat transfer engineering vol. 31 no. 2 2010
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S. LAOHALERTDECHA ET AL. 111

Table 2 Smooth tube and micro-fin tube dimensions

Parameter Smooth tube Micro-fin tube

Outside diameter, Do (mm) 9.52 9.52
Bottom thickness, t (mm) 0.7 0.3
Wwetted perimeter (mm) 25.5 43.2
Maximum inner diameter, Di (mm) 8.12 8.92
Hydraulic diameter, Dh (mm) 8.12 5.43
Cross sectional area, Ac (mm2) 51.78 61.31
Number of fins, n — 60
Spiral angle, β (degrees) — 18
Fin height, ef (mm) — 0.2
Fin pitch, p (mm) — 0.47
Bottom width (mm) — 0.27
Apex angle, γ (degrees) — 52.45
Fin tip diameter, Dt (mm) — 8.52

wall temperatures in the test section are measured by T-type
thermocouples. A total of eighteen thermocouples are soldered
at the top, bottom and side at six points along the tube. All
the temperature measuring devices are well calibrated in a
controlled temperature bath using standard precision mercury
glass thermometers. The uncertainty of the temperature mea-
surements after considering the data acquisition system is ±
0.1◦C. All static pressure taps are mounted in the tube wall. The
refrigerant flow meter is a variable area type. The flow meter is
specially calibrated in the range of 0–8.3 × 10−3 m3/min for R-
134a by the manufacturer. The differential pressure transducer
and pressure gauges are calibrated against a primary standard,
the dead weight tester. A stainless steel cylindrical electrode,
1.47 mm in diameter, is used in all experiments. The cylindrical
electrode is supported in the center of the test section by electri-
cally insulating spacers (Teflon type material) at intervals of 250
mm. The electrode is attached to the spacers by using a special
epoxy-resin. Since the electric field is applied to the test section
by a DC high voltage power supply, the electrode attached to a
modified automotive spark plug serves as the charged electrode
and the heat transfer surface as the receiving electrode.

The dimensions of the smooth and micro-fin tubes are shown
in Table 2. The cross-section of micro-fin tube is shown in

Figure 3 The cross-section of micro-fin tube.

Table 3 Experimental uncertainty

Parameter Uncertainty

Temperature, T (◦C) ±0.1◦C
Pressure drop, �P (kPa) ±0.075 kPa
Mass flow rate of refrigerant, ṁref ±2% Full scale
Mass flow rate of water, ṁw ±5% Full scale
Heat transfer rate at test section, Q̇T S ±11%
Heat transfer rate at pre-heater, Q̇ph ±8%
Heat transfer coefficient, havg ±12%
Inlet quality, xin ±8%

Figure 3. The inlet water temperature is controlled by a ther-
mostat. A differential pressure transducer and thermocouples
are installed at the test section to measure the pressure drop
and temperature across the test section respectively. The length
between the pressure taps is 3 m.

It is necessary to realize that the maximum voltage before
starting the electrical breakdown in the test section must be
known and should not be exceeded during any steady-state
condition. Before the two-phase experiment was performed,
the heat balance between refrigerant-side and water-side of the
single-phase experiment was conducted. The uncertainties of
the heat balance were within 8% and 5% for the pre-heater and
the test section, respectively. The uncertainties of the measured
quantities and calculated parameters are shown in Table 3.

DATA REDUCTION

The data reduction of the measured results can be summa-
rized as follows:

The inlet vapor quality of the test section (xT S,in)

xT S,in = iT S,in − if @TT S,in

ifg@TT S,in

(2)

where if is the enthalpy of the saturated liquid based on the
temperature of the test section inlet, ifg is the enthalpy of vapor-
ization based on the temperature of the test section inlet, iT S,in

is the refrigerant enthalpy at the test section inlet and is given
by:

iT S,in = iph,in + Q̇ph

ṁref

(3)

where iph,in is the inlet enthalpy of the liquid refrigerant be-
fore entering the pre-heater, ṁref is the mass flow rate of the
refrigerant and Q̇ph is the heat transfer rate in the pre-heater:

Q̇ph = ṁw,phcp,w(Tw,in − Tw,out )ph (4)

where ṁw,ph is the mass flow rate of water entering the pre-
heater.

The outlet vapor quality of the test section (xT S,out )

xT S,out = iTS,out − if @TTS,out

ifg@TTS,out

(5)

heat transfer engineering vol. 31 no. 2 2010
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112 S. LAOHALERTDECHA ET AL.

where iT S,out is the refrigerant enthalpy at the test section outlet,
if is the enthalpy of the saturated liquid based on the temperature
of the test section outlet, and ifg is the enthalpy of vaporization.
As a consequence, the outlet enthalpy of the refrigerant flow is
calculated as:

iT S,out = iT S,in + Q̇T S

ṁref

(6)

where the heat transfer rate in the test section is obtained from:

Q̇T S = ṁw,T Scp,w(Tw,in − Tw,out )T S (7)

where ṁw,T S is the mass flow rate of the water entering the test
section.

The average heat transfer coefficient (havg)

havg = Q̇T S

Ainside(Tavg,wall − Tavg,sat )
(8)

where havg is the average heat transfer coefficient, Q̇T S is the
heat transfer rate in the test section, Tavg,wall is the average
temperature of the wall, Tavg,sat is the average temperature of
the refrigerant at the test section inlet, and outlet.

Tavg,sat = Tin,sat + Tout,sat

2
(9)

Ainside is the inside surface area of the test section:

Ainside = πDf L (10)

where Df is the inside diameter of the test tube. L is the length
of the test tube. The inside diameter of the micro-fin tube is
defined as the outer diameter of the micro-fin tube minus twice
the minimum wall thickness.

RESULTS AND DISCUSSION

In general, the EHD technique can provide enhancement of
heat transfer. However, the heat transfer enhancement should be
considered together with pressure drop penalty. In the present
study, the effects of electrode, supporter, mass fluxes, saturation
temperatures, heat fluxes, and applied voltage of 2.5 kV on
the pressure drop during evaporation of R-134a inside smooth
and micro-fin tubes are experimentally investigated. The test
conditions were selected to cover as much as possible of the
range of inlet quality. The pressure drop is the sum of a frictional
pressure drop and a momentum pressure drop. The pressure drop
per unit length is obtained by dividing the measured pressure
drop by the length between pressure taps. In our apparatus, the
length between pressure taps is 3 m, while the length of the heat
exchanger is 2.5 m.

There are two phenomena that are usually encountered in-
side EHD-enhanced smooth and micro-fin tubes [7]. The first is
the liquid-extraction phenomenon. When a coaxial cylindrical
electrode is used with a smooth tube, the highest electrical field
is at the electrode surface due to its small radius of curvature

Figure 4 Liquid-extraction phenomenon [7].

since the liquid surface extends into the gas toward the electrode
as shown in Figure 4. The second is the electro-convection phe-
nomenon. When a coaxial cylindrical electrode is used with a
micro-fin tube, the highest electrical field is at the tip of the fin
due to its small radius of curvature (sharp) since the liquid inter-
face is pulled toward the tip of the fin, as shown in Figure 5. Both
liquid-extraction and electro-convection phenomena generate a
secondary fluid motion inside the tube leading to increase in
heat transfer and pressure drop.

Figures 6 and 7 show the comparisons of the measured pres-
sure drop inside smooth and micro-fin tubes for the absence of
an electrode, the presence of an uncharged electrode (0 kV),
and the presence of a charged electrode (2.5 kV). The test con-
ditions are performed at the saturation temperature (Tsat ) of
20◦C, heat flux (q”) of 10 kW/m2, and mass flux (G) of 400
kg/m2s. The measured pressure drop in the absence of an elec-
trode is obtained by Wongsa-ngam et al. [8]. These figures also
show that the pressure drops obtained from both tubes increase
with increasing inlet quality. At the same quality, the pressure
drop obtained with the presence of an uncharged electrode (0
kV) is higher than that with the absence of an electrode up to

Figure 5 Electro-convection phenomenon [7].

heat transfer engineering vol. 31 no. 2 2010
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S. LAOHALERTDECHA ET AL. 113

Figure 6 Pressure drop versus inlet quality for smooth tube at Tsat = 20◦C,
G = 400 kg/m2s and q′′ = 10 kW/m2.

100% for smooth tube and 80% for micro-fin tube. This is be-
cause the supporter and electrode obstruct the fluid flow. The
pressure drop obtained with the presence of a charged electrode
is slightly higher than that with the presence of an uncharged
electrode at the same inlet quality because of the instabilities
at the liquid-vapor interface resulting from the molecules of
refrigerant disturbed by the EHD force.

Figures 8 and 9 show the variation of the measured pressure
drop with inlet quality of pure R-134a during evaporation in the
smooth and micro-fin tubes for the presence of an uncharged
electrode (0 kV) and for the presence of a charged electrode
(2.5 kV) at a saturation temperature of 20◦C and heat flux of 20
kW/m2 for different mass fluxes of 200, 400, and 600 kg/m2 s.
These figures show that the measured pressure drops obtained
from the presence of an uncharged electrode (0 kV) and the
presence of a charged electrode (2.5 kV) increase with increas-

Figure 7 Pressure drop versus inlet quality for micro-fin tube at Tsat = 20◦C,
G = 400 kg/m2s and q′′ = 10 kW/m2.

Figure 8 The effect of mass flux on the pressure drop for smooth tube at
Tsat = 20◦C and q′′ = 20 kW/m2.

ing inlet quality. As expected, at the same quality the pressure
drops for the presence of an uncharged electrode (0 kV) and the
presence of a charged electrode (2.5 kV) obtained from higher
mass flux are always higher than at lower mass fluxes across the
range of the inlet quality. However, the effect of the mass flux
on the pressure drop can be clearly seen at higher inlet quality,
i.e., the pressure drop is much higher for a higher mass flux
than that for a lower mass flux. The application of EHD seems
to be negligible for almost all pressure drops obtained from the
broadest range of inlet quality.

Figures 10 and 11 show the variation of the measured evapo-
ration pressure drop with inlet quality in the smooth and micro-
fin tubes for the presence of an uncharged electrode (0 kV) and
the presence of a charged electrode (2.5 kV) at a mass flux of 400
kg/m2 s and saturation temperature of 20◦C for different heat
fluxes of 10, 15 and 20 kW/m2. These figures also show that

Figure 9 The effect of mass flux on the pressure drop for micro-fin tube at
Tsat = 20◦C and q′′ = 20 kW/m2.

heat transfer engineering vol. 31 no. 2 2010
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114 S. LAOHALERTDECHA ET AL.

Figure 10 The effect of heat flux on the pressure drop for smoth tube at
Tsat = 20◦C and G = 400 kg/m2s.

the pressure drops for both smooth and micro-fin tubes with
the presence of an uncharged electrode (0 kV) and the pres-
ence of a charged electrode (2.5 kV) increase with increasing
inlet quality. It can be seen that pressure drop increases with
increasing heat flux. This is because more vapor bubbles are
created at higher heat flux. This phenomenon promotes more
agitation in the fluid flow, leading to the increase in pressure
drop. Application of EHD voltage of 2.5 kV also has a slight
effect on the pressure drop in a wide range of inlet qualities.

Figures 12 and 13 show the variation of the measured evapo-
ration pressure drop with inlet quality in the smooth and micro-
fin tubes for the presence of an uncharged electrode (0 kV) and
the presence of a charged electrode (2.5 kV) at a mass flux of
400 kg/m2 s, heat flux of 20 kW/m2 and different saturation tem-
peratures of 10, 15 and 20◦C. These figures also show that the
pressure drops increase slightly with increasing inlet quality. As

Figure 11 The effect of heat flux on the pressure drop for micro-fin tube at
Tsat = 20◦C and G = 400 kg/m2s.

Figure 12 The effect saturation temperature on the pressure drop for smooth
tube at Tsat = 20◦C and G = 400 kg/m2s.

expected, the pressure drop at lower saturation temperatures is
higher than those at higher saturation temperatures at an equiva-
lent inlet quality. The effect of the saturation temperature on the
pressure drop is clear at higher inlet quality. The pressure drop is
higher for a lower saturation temperature than that for a higher
saturation temperature, and this is caused by the decrease in the
mixture viscosity. The application of an EHD voltage of 2.5 kV
for smooth and micro-fin tubes slightly increases the pressure
drop at all saturation temperatures.

Figures 14 and 15 show the comparisons of the average mea-
sured evaporation heat transfer coefficient obtained from the
smooth tube with that obtained from the micro-fin tube at a
mass flux of 400 kg/m2 s, a heat flux of 20 kW/m2, and satu-
ration temperatures of 20◦C for the presence of an uncharged
electrode and a charged electrode, respectively. It can be clearly
seen that the heat transfer coefficient increases with increasing
inlet quality. Both in the presence of uncharged electrode and
charged electrode, the heat transfer coefficient obtained from

Figure 13 The effect saturation temperature on the pressure drop for micro-
fin tube at Tsat = 20◦C and G = 400 kg/m2s.

heat transfer engineering vol. 31 no. 2 2010
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S. LAOHALERTDECHA ET AL. 115

Figure 14 Heat transfer coefficient versus inlet quality for the presence of an
uncharged electrode at Tsat = 20◦C, G = 400 kg/m2s, and q′′ = 20 kW/m2.

the microfin tube are higher than that obtained from the smooth
tube at the same inlet quality.

In the case of a smooth tube, with the presence of charged
electrode, due to liquid extraction phenomenon, the liquid-vapor
interface becomes unstable. This causes the average heat transfer
coefficient to be higher than in the case of uncharged electrode.
In the case of micro-fin tube, due to electro-convection phe-
nomenon, the liquid interface was pulled toward the tip of the
fin causing the increase of heat transfer coefficient.

Figures 16 and 17 show the heat transfer coefficient ratio
(hratio), pressure drop ratio (�P/L)ratio and enhancement factor
((hratio)/(�P/L)ratio) with inlet quality at a saturation tempera-
ture of 20◦C, heat flux of 20 kW/m2 and mass flux of 400 kg/m2

s in smooth and micro-fin tubes, respectively. The heat trans-
fer coefficient ratio (hratio) is defined by havg,e/havg,o, where
havg,e is the heat transfer coefficient with the presence of a
charged electrode (2.5 kV) and havg,o is the heat transfer co-
efficient with the presence of an uncharged electrode (base

Figure 15 Heat transfer coefficient versus inlet quality for the presence of a
charged electrode at Tsat = 20◦C, G = 400 kg/m2s, and q′′ = 20 kW/m2.

Figure 16 The heat transfer ratio and the pressure drop ratio versus inlet
quality for smooth tube at Tsat = 20◦C, G = 400 kg/m2s, and q′′ = 20 kW/m2.

case, 0 kV). The pressure drop ratio ((�P/L)ratio) is defined
by [(�P/L)e/(�P/L)o], where (�P/L)e is the pressure drop with
the presence of a charged electrode (2.5 kV) and (�P/L)o is
the pressure drop with the presence of an uncharged electrode
(base case, 0 kV). From these figures it can be seen that heat
transfer coefficient ratio and pressure drop ratio are decreased
with an increase in inlet quality. The heat transfer coefficient
ratios are all higher than the pressure drop ratio. The enhance-
ment ratios (hratio/(�P/L)ratio) are almost always higher than 1
in the whole range of the tested inlet quality. It can be explained
that the slight pressure drop penalty is compensated by the heat
transfer augmentation.

Correlation for Predicting Pressure Drop

The two-phase friction pressure gradient (dpF /dz) of smooth
and micro-fin tubes may be expressed in term of two-phase

Figure 17 The heat transfer ratio and the pressure drop ratio versus inlet
quality for micro-fin tube Tsat = 20◦C, G = 400 kg/m2s, and q′′ = 20 kW/m2.

heat transfer engineering vol. 31 no. 2 2010
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multiplier φ2
l defined as follow:

φ2
l =

(
dpF

dz

)
/

(
dpF

dz

)
l

(11)

Martinelli parameter (X) is given by:

X =
√

(dpF /dz)l
(dpF /dz) v

(12)

where (dpF /dz)l and (dpF /dz)v are the single-phase liquid and
vapor pressure gradients (kPa/m) calculated by using the actual
phase flow as follows:

(dpF /dz)l = 2flG
2(1 − x)2

Dρl

(13)

and

(dpF /dz)v = 2fvG
2x2

Dρv

(14)

where fl is the single phase liquid friction factor calculated
from:

4fl = 1.325

[
ln

(
e/D

3.7
+ 5.74

Re0.9
l

)]−2

(15)

And

Rel = GD(1 − x)

μl

(16)

where fv is the single phase vapor friction factor calculated
from:

4fv = 1.325

[
ln

(
e/D

3.7
+ 5.74

Re0.9
v

)]−2

(17)

And

Rev = GDx

μv

(18)

Figure 18 Predicted pressure drop versus the measured pressure drop.

Figure 19 Predicted pressure drop versus the measured pressure drop.

For micro-fin tube the relative roughness (e/D) in Eqs. (15)
and (17) are replaced by the equation: Cavalini and Zecchin [9]:

e/D = 0.18(ef /Dt )/(0.1 + cos β) (19)

where ef is the fin height. Dt is the fin tip diameter. β is the
spiral angle.

For smooth tube, empirical correlation shown in Eq. (20) is
developed based on the presence of a charged electrode. It is
created by fitting the Martinelli parameter (X) against a two-
phase multiplier.

The presence of a charged electrode the two-phase multiplier
is:

φ2
l = 1 + 22.473

X1.237
(20)

The correlation is also plotted in Figure 18. It can be ex-
plained that the present correlation can predict the pressure drop
within a deviation of ±25%.

For micro-fin tube, the empirical correlation shown in Eq.
(21) is developed based on the presence of a charged electrode.
It is created by fitting the Martinelli parameter (X) against a
two-phase multiplier.

The presence of a charged electrode the two-phase multiplier
is:

φ2
l = 1 + 50.848

X0.995
(21)

The correlation is also plotted in Figure 19. It can be ex-
plained that the present correlation can predict the pressure drop
within a deviation of ±30%.

CONCLUSIONS

The present article reports the pressure drop penalty from
the application of EHD force on evaporation heat transfer en-
hancement of R-134a in horizontal smooth and micro-fin tubes.
The pressure drop obtained from the presence of an uncharged

heat transfer engineering vol. 31 no. 2 2010
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S. LAOHALERTDECHA ET AL. 117

electrode (0 kV) is higher than that from the absence of an elec-
trode, up to 100% for smooth tube and 80% for micro-fin tube.
Pressure drop results from both smooth and micro-fin tubes in-
dicate that the application of an EHD voltage of 2.5 kV slightly
increases the pressure drop across the range of tested condi-
tions. The enhancement ratio is almost always higher than 1.
The present correlation can predict the pressure drop within a
deviation of ±25% for smooth tube and ±30% for micro-fin
tube, respectively.

NOMENCLATURE

Ainside inside surface area of test section (m2)
Ac cross section area (m2)
cp specific heat at constant pressure (J/kg-K)
Dh hydraulic diameter (m)
Do outside tube diameter (m)
Df inside tube diameter (m)
ef fin height (m)
E electric field strength (V/m)
fe EHD force density (N/m3)
G mass flux (kg/m2s)
h heat transfer coefficient (W/m2 K)
i enthalpy (J/kg)
L tube length (m)
ṁ mass flow rate (kg/s)
n number of fin
p fin pitch (m)
P pressure (Pa)
Q̇ heat transfer rate (W)
q′′ heat flux (W/m2)
q electric charge density (C/m3)
T temperature (◦C)
u velocity (m/s)
x quality
X Martinelli parameter
φ2

l two-phase multiplier

Greek Symbols

β spiral angle (degree)
γ apex angle (degree)
ε electric permittivity (F/m)
εo electric permittivity of free space (8.854 × 10−12)

(F/m)
ρ density (kg/m3)

Subscripts

avg average
e presence of an uncharged electrode

exp experiment
f saturated liquid
fg difference in property between saturated liquid and va-

por
in inlet
l liquid
o presence of a charged electrode
out outlet
ph pre-heater
pre prediction
ref refrigerant
sat saturation
TS test section
V vapor
w water
wall wall

REFERENCES

[1] Singh, A., Dessiatoun, S., Ohadi, M. M., Salehi, M., and Chu, W.,
In-tube Boiling Heat Transfer Enhancement of R-123 using the
EHD technique. ASHRAE Transactions: Symposia, pp. 818–825,
1994.

[2] Singh, A., Dessiatoun, S., Ohadi, M. M., Salehi, M., and Chu W.,
In-tube Boiling Enhancement of R-134a Utilizing the Electric Field
Effect, ASME/JSME Thermal Engineering Conference, vol. 2, pp.
215–223, 1995.

[3] Salehi, M., Ohadi, M. M., and Dessiatoun, S., The Applicability of
the EHD Technique for Convective Boiling of Refrigerant Blends—
Experiments with R-404A, ASHRAE Transactions: Symposia, pp.
839–844, 1996.

[4] Salehi, M., Ohadi, M. M., and Dessiatoun, S., EHD Enhanced
Convective Boiling of R-134a in Grooved Channels—Application
to Subcompact Heat Exchangers, Journal of Heat Transfer, vol.
119, pp. 805–809, 1997.

[5] Bryan, J. E., and Seyed-Yagoobi, J., Elecrohydrodynamically En-
hanced Convective Boiling: Relationship between Electrohydro-
dynamic Pressure and Momentum Flux Rate, Transaction of the
ASME, vol. 122, pp. 266–277, 2000.

[6] Cotton, J., Robinson, A. J., Shoukri, M., and Chang, J. S., A Two-
Phase Flow Pattern Map for Annular Channels under a DC Applied
Voltage and the Application to Electrohydrodynamic Convective
Boiling Analysis, International Journal of Heat and Mass Transfer,
vol. 48, pp. 5563–5579, 2005.

[7] Singh, A., Ohadi, M. M., and Dessiatoun, S., EHD Enhancement
of In-tube Condensation Heat Transfer of Alternate Refrigerant
R-134a in Smooth and Microfin Tubes, ASHRAE Transactions:
Symposia, pp. 813–823, 1997.

[8] Wongsa-ngam, J., Nualboonrueng, T., and Wongwises, S., Perfor-
mance of Smooth and Micro-fin Tubes in High mass Flux Region
of R-134a during Evaporation, Heat and Mass Transfer, vol. 40,
pp. 425–435, 2004.

[9] Cavallini, A., and Zecchin, R., A Dimensionless Correlation for
Heat Transfer Coefficient in Forced Convection Condensation, In-
ternational Journal of Heat and Mass Transfer conference, pp.
193–200, 1974.

heat transfer engineering vol. 31 no. 2 2010

D
o
w
n
l
o
a
d
e
d
 
B
y
:
 
[
U
p
p
s
a
l
a
 
U
n
i
v
e
r
s
i
t
y
 
L
i
b
r
a
r
y
]
 
A
t
:
 
0
8
:
0
2
 
2
0
 
O
c
t
o
b
e
r
 
2
0
0
9



118 S. LAOHALERTDECHA ET AL.

Suriyan Laohalertdecha is currently a Ph.D. student
at the Joint Graduate School of Energy and Envi-
ronment, King Mongkut’s University of Technology
Thonburi, Bangmod, Thailand. He received his Mas-
ter’s degree in energy technology from the same de-
partment in 2005. He also received his B.Eng. degree
from the Department of Mechanical Engineering at
the same university in 2002. Currently, his research
works concern heat transfer enhancement.

Jatuporn Kaewon is currently a Ph.D. student at the
Joint Graduate School of Energy and Environment,
King Mongkut’s University of Technology Thonburi,
Bangmod, Thailand. He received his Master’s degree
in energy technology from the same department in
2003. He also received his B.Eng. degree from the
Department of Mechanical Engineering at the same
university in 1999. He is also currently a lecturer at
Thaksin University.

Somchai Wongwises is a Professor of Mechanical
Engineering at King Mongkut’s University of Tech-
nology Thonburi, Bangmod, Thailand. He received
his Doktor-Ingenieur (Dr.-Ing.) in mechanical engi-
neering from the University of Hannover, Germany,
in 1994. His research interests include two-phase
flow, heat transfer enhancement, and thermal sys-
tem design. Professor Wongwises is the head of the
Fluid Mechanics, Thermal Engineering and Multi-
phase Flow Research Lab.

heat transfer engineering vol. 31 no. 2 2010

D
o
w
n
l
o
a
d
e
d
 
B
y
:
 
[
U
p
p
s
a
l
a
 
U
n
i
v
e
r
s
i
t
y
 
L
i
b
r
a
r
y
]
 
A
t
:
 
0
8
:
0
2
 
2
0
 
O
c
t
o
b
e
r
 
2
0
0
9



Technical Note

Correlations for wet surface ratio of fin-and-tube heat exchangers

Worachest Pirompugd a,*, Chi-Chuan Wang b, Somchai Wongwises c

aDepartment of Mechanical Engineering, Faculty of Engineering, Burapha University, Saensook, Muang, Chonburi 20131, Thailand
b Energy and Environment Research Laboratories, Industrial Technology Research Institute, Hsinchu 310, Taiwan, ROC
c Fluid Mechanics, Thermal Engineering and Multiphase Flow Research Lab. (FUTURE), Department of Mechanical Engineering,
King Mongkut’s University of Technology Thonburi, Bangmod, Bangkok 10140, Thailand

a r t i c l e i n f o

Article history:
Received 10 September 2008
Received in revised form 21 August 2009
Accepted 21 August 2009
Available online 7 October 2009

Keywords:
Dehumidifying condition
Finite Circular Fin Method
Heat and mass transfer characteristics
Partially wet surface
Fin-and-tube heat exchanger

a b s t r a c t

Correlations are proposed for the wet surface ratio of a fin-and-tube heat exchanger with plain and wavy
fin geometry under dehumidifying conditions. The ‘Finite Circular Fin Method’ (FCFM) is used for data
reduction. It is found that the percentage of wet surface area increases with increasing fin spacing or
number of tube rows and decreasing Reynolds number. Despite the addition of tube rows or reduced
fin spacing the effective surface area is increased, and its influence on a partially wet surface is apparently
the opposite. This is because adding tube rows will provide a more effective temperature drop in air flow
than adding fins, Moreover, the heat and mass transfer characteristics of jh and jm increase with an
increase in the area of wet surface. Correlations for prediction of the percentage of wet surface area
are proposed. These correlations can describe 83.81% of the area of wet surface to within ±10%.

� 2009 Elsevier Ltd. All rights reserved.

1. Introduction

Fin-and-tube heat exchangers are widely-used heat transfer de-
vices in association with applications like refrigeration and air-
conditioning systems. They can be applicable to both condensers
and evaporators. For a typical evaporator, the outside surface tem-
perature of the heat exchanger is generally below the dew point
temperature, and therefore condensation of water vapour takes
place around the outside surfaces. As a result, simultaneous heat
and mass transfer occurs and it becomes even more complicated
as the condensate may interact with the air flow, yet may result
in full or partial condensation along the surface. In this regard, de-
tailed simulation of the performance of the heat exchanger is
rather difficult.

The heat and mass transfer characteristics of fin-and-tube heat
exchangers have been studied by many researchers (McQuiston
[1,2], Beecheer and Fagan [3], Yan and Sheen [4], Mirth and Rama-
dhyani [5,6], Wang et al. [7–13], Pirompugd et al. [14–19]). The
published data were mainly focused, however, on sensible heat
transfer characteristics rather than on mass transfer characteris-
tics. Moreover, in a typical operation some outside surface temper-
ature is higher than the dew point temperature while the other
surface is lower than the dew point temperature, indicating a par-
tially wet surface. There were even limited studies dealing with the

heat and mass transfer characteristics of fin-and-tube heat
exchangers under partially wet surface conditions. Pirompugd
et al. [16,17] presented the fully wet and fully dry tiny circular
fin method for evaluation of heat and mass transfer characteristics
under fully wet and partially wet surface conditions. Xia and Jacobi
[20] formulated the logarithmic-mean temperature difference
(LMTD) and logarithmic-mean enthalpy difference (LMED) meth-
ods for fully dry, fully wet, partially wet and frosted surface condi-
tions. Pirompugd et al. [18,19] developed a new mathematical
reduction method, the ‘Finite Circular Fin Method (FCFM)’ for fin-
and-tube heat exchangers under fully dry, fully wet and partially
wet surface conditions. The FCFM is capable of dividing a fin-
and-tube heat exchanger into many tiny segments through which
the detailed surface conditions (fully dry, fully wet, or partially
wet) are taken into account. In this study, the objective is to inves-
tigate the effect of a partially wet surface on the heat and mass
transfer characteristics of the plain and wavy fin-and-tube heat ex-
changer based on the FCFM methodology.

2. Experimentation

The experimental apparatus can be found in Pirompugd et al.
[18,19]. A total of fifteen plain fin-and-tube heat exchangers and
eighteen wavy fin-and-tube heat exchangers with various geomet-
ric parameters are tested in this study. The details of test samples
are shown in Tables 1 and 2. The test conditions approximate those
encountered with typical fan-coils and evaporators of air-condi-
tioning applications.
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The test conditions of the inlet-air are as follows:

Dry-bulb temperature of the air 27 ± 0.5 �C
Inlet relative humidity for the incoming air 50% and 90%
Inlet-air velocity From 0.3 to 4.5 m/s
Inlet-water temperature 7 ± 0.5 �C
Water velocity inside the tube 1.5–1.7 m/s

3. Data reduction

In the present study, the ‘Finite Circular Fin Method (FCFM)’
published in our previous literature (Pirompugd et al. [18,19]) is

used for calculating the heat and mass transfer characteristics of
a fin-and-tube heat exchanger. The heat exchanger is divided into
many tiny segments by number of tube rows, number of tube
passes per row and number of fins. The surface conditions of each
tiny segment can be fully wet, partially wet, or fully dry. If the sur-
face is fully wet, the fin tip temperature is lower than the dew
point temperature of moist air. Both sensible and latent heat trans-
fers take place along this tiny segment. For the second case, where
partially wet conditions prevail, in which the outside tube (includ-
ing collar) temperature is lower than the dew point temperature,
part of the fin temperature is higher than the dew point tempera-
ture. The last case is the fully dry condition, in which the outside
tube (including collar) temperature is higher than the dew point
temperature, yet only sensible heat transfer occurs on the whole
area of this tiny segment. In this study, FCFM is used to explain
the heat and mass transfer characteristics of fin-and-tube heat
exchangers. The reduced results of the heat and mass transfer char-
acteristics are presented in terms of dimensionless groups of jh and
jm, respectively.

4. Results and discussion

In practice it is very interesting to examine the wet/dry surface
distribution pertaining to influences such as inlet conditions and
flow conditions. The partially dry condition becomes even more
conspicuous when the inlet humidity is reduced. Fig. 1 shows the
percentage of wet surface area for all the test samples with an inlet
relative humidity of 50%. As seen from the figure, at a very low Rey-
nolds number (<1000), the partially dry surface is hardly seen, yet

Table 1
Geometric dimensions of the sample plain fin-and-tube heat exchangers.

No. Fp (mm) t (mm) Dc (mm) Pt (mm) Pl (mm) N

1 1.19 0.115 8.51 25.4 19.1 1
2 1.75 0.120 10.34 25.4 22.0 1
3 1.23 0.115 8.51 25.4 19.1 2
4 1.23 0.115 7.53 21.0 12.7 2
5 1.23 0.115 10.23 25.4 19.1 2
6 1.82 0.130 10.23 25.4 22.0 2
7 1.23 0.115 10.23 25.4 19.1 4
8 1.23 0.115 7.53 21.0 12.7 4
9 1.55 0.115 10.23 25.4 19.1 4

10 1.60 0.115 8.51 25.4 19.1 4
11 2.03 0.130 10.23 25.4 22.0 4
12 2.31 0.115 10.23 25.4 19.1 4
13 1.85 0.130 10.23 25.4 22.0 6
14 2.21 0.130 10.23 25.4 22.0 6
15 3.16 0.130 10.23 25.4 22.0 6

Nomenclature

Ao total surface area, m2

Awet outside surface area of wet portion, m2

Dc collar diameter, m
Fp fin pitch, m
jh Colburn heat transfer group or Chilton-Colburn j-factor

for the heat transfer
jm Colburn mass transfer group or Chilton-Colburn j-factor

for the mass transfer
N number of tube row

Pd wave height, m
Pl longitudinal tube pitch, m
Pt transverse tube pitch, m
ReDc moist air-side Reynolds number based on the collar

diameter
RHin inlet relative humidity
Sp fin spacing, m
t fin thickness, m
Xf projected fin length, m

Table 2
Geometric dimensions of the sample wavy fin-and-tube heat exchangers.

No. Fp (mm) t (mm) Dc (mm) Pt (mm) Pl (mm) Pd (mm) Xf (mm) N

1 1.60 0.12 10.38 25.4 19.05 1.18 4.7625 1
2 1.64 0.12 8.62 25.4 19.05 1.58 4.7625 1
3 2.82 0.12 10.38 25.4 19.05 1.18 4.7625 1
4 2.92 0.12 8.62 25.4 19.05 1.58 4.7625 1
5 3.54 0.12 8.62 25.4 19.05 1.58 4.7625 1
6 3.63 0.12 8.62 25.4 25.40 1.68 6.3500 1
7 1.69 0.12 8.62 25.4 19.05 1.18 4.7625 2
8 1.71 0.12 8.62 25.4 19.05 1.58 4.7625 2
9 3.12 0.12 8.62 25.4 19.05 1.58 4.7625 2

10 3.17 0.12 8.62 25.4 19.05 1.18 4.7625 2
11 1.64 0.12 8.62 25.4 19.05 1.58 4.7625 4
12 1.70 0.12 8.62 25.4 19.05 1.18 4.7625 4
13 3.07 0.12 8.62 25.4 19.05 1.58 4.7625 4
14 3.14 0.12 8.62 25.4 19.05 1.18 4.7625 4
15 1.57 0.12 10.38 25.4 19.05 1.18 4.7625 6
16 1.65 0.12 8.62 25.4 19.05 1.58 4.7625 6
17 2.82 0.12 10.38 25.4 19.05 1.18 4.7625 6
18 3.06 0.12 8.62 25.4 19.05 1.58 4.7625 6

W. Pirompugd et al. / International Journal of Heat and Mass Transfer 53 (2010) 568–573 569



the percentage of wet surface area drops with the rise of the Rey-
nolds number. This is because a higher Reynolds number results in
higher heat transfer coefficient, thereby leading to a smaller tem-
perature difference and corresponding to a higher surface temper-
ature. In this context, the temperature of part of the fin surface
may exceed that of the dew point temperature and become par-
tially dry. This phenomenon becomes more evident when the
number of tube rows is reduced or when the fin spacing is reduced.
Again, one of the reasons may be attributed to the heat transfer
coefficient. The heat transfer coefficient usually decreases with
the number of tube rows (Wang et al. [8]). This may not, however,

be the main cause. As air flows into the heat exchanger under
dehumidifying conditions, the temperature of the air flow de-
creases along the air flow direction, resulting in a rise of relative
humidity as the number of tube rows rises. In essence, the surface
can become wet more easily. Moreover, one can see that the per-
centage of the wet surface area is increased with the increase of
the fin spacing. In the beginning, with more fins being added
(smaller fin spacing), it is expected that the temperature of air flow
will drop and should exhibit the same results as obtained when
tube rows are added. The results, however, are the opposite of
what we originally expected. Although extra tube rows and extra
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fins act similarly in increasing surface temperature, they are not
the same in fact. The following schematic shows the difference be-
tween adding rows and adding fins. Note that the coolant flows
into the heat exchangers parallel to each row, so adding rows
may effectively reduce the air temperature along the flow direc-
tion, as seen in Fig. 2(a). In the meantime, the coolant in the tube
is rising with further reduction in fin spacing (adding fins). As
shown in Fig. 2(b), the inlet-air temperature remains unchanged
by the addition of fins despite the average air temperature being
slightly reduced. It becomes less evident for air flow temperature
to fall below the dew point temperature. Accordingly, adding sur-
face by reducing fin spacing reveals less partially wet conditions
compared with adding tube rows. In fact, adding tubes is more like
‘mixed flow’, whereas adding fins produces a more ‘unmixed’ flow
situation.

The heat and mass transfer characteristics are presented in the
dimensionless terms of jh and jm, respectively. In Fig. 3a and b, the
transfer characteristic of jh and jm increases with an increase of wet
surface. In the present study, the percentage of the wet portion de-
pends on the moist air velocity. Raising the air velocity means that
the convective heat and mass transfer coefficient will be increased
but the percentage of the wet portion dwindles considerably, indi-
cating a drop in the heat and mass transfer characteristic of jh and
jm. Moreover, it can be seen that the jh and jm drop with an increase
of the fin spacing. This phenomenon can be described from the
flow field within the fin passage. In the numerical simulation (Tor-
ikoshi et al. [21]), the entire flow region can be kept laminar and
steady and the vortex forming behind the tube can be suppressed
for the tight fin. The cross-stream width of the vortex region be-
hind the tube will take place when the fin spacing increases. Then,

0.000

0.005

0.010

0.015

0.020

0.025

0 20 40 60 80 100

j h

Area of wet surface (

1 Row 2 Rows 4 Rows 6 Rows

Plain fin

(a)  jh

0.000

0.005

0.010

0.015

0.020

0.025

0.030

0 20 40 60 80 100

j m

Area of wet surface (

1 Row 2 Rows 4 Rows 6 Rows

Plain fin

(b)  jm

Fig. 3. jh and jm plotted against area of wet surface.

W. Pirompugd et al. / International Journal of Heat and Mass Transfer 53 (2010) 568–573 571



the jh and jm decrease with the increase in fin spacing for one-row
configuration, indicating a detectable influence of fin spacing. The
effect of fin spacing on jh can be negligible when the number of
tube rows is increased. This is because with the increasing number
of tube rows the subsequent row can block the condensate blow-
off phenomenon from the preceding row.

Using a multiple linear regression technique in a range of exper-
imental data (300 < ReDc < 5500, RHin � 50%), we present the
appropriate correlations of the percentage area of wet surface
based on the present data as follows:

Awet

Ao
¼ a1

Sp
Dc

� �3

þ a2
Sp
Dc
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þ a3
Sp
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þ a4

 !

� e
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� �3
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Sp
Dc

� �2
þb3

Sp
Dc
þb4

� �
ReDC

� �
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The coefficients for the equation are shown in Table 3. Detailed
comparisons of the proposed correlations against the experimental
data are shown in Fig. 4. It is found that the correlations can de-
scribe 83.81% of the area of the wet surface within 10%.

5. Conclusions

This study explored the partially wet characteristics of fin-and-
tube heat exchangers with the help of the FCFM reduction method.
A total of fifteen plain fin-and-tube heat exchangers and eighteen

wavy fin-and-tube heat exchangers were tested and compared.
On the basis of previous discussions, the following conclusions
were drawn:

1. The percentage of wet surface area increases with the increase
of the Reynolds number or fin spacing or the number of tube
rows. Whether tube rows are added or fin spacing is reduced,
the effective surface area is increased, and its influence on par-
tially wet surfaces is apparently the converse. This is because
adding tube rows will provide more effective temperature drop
of air flow than the addition of fins.

2. The heat and mass transfer characteristic of jh and jm increases
with an increase in the area of wet surface.

3. Correlations applicable to the present fin-and-tube heat
exchangers are proposed. These correlations can describe
83.81% of the area of wet surface within ±10%.
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Table 3
Coefficients for the correlations.

Type N a1 a2 a3 a4 b1 b2 b3 b4

Plain 1 0 0 374.2 79.1 0 0 0.0115 �0.0020
2 �391,566.8 173,756.3 �24,895.6 1272.9 �3.7345 1.6463 �0.2373 0.0109
4 101,167.3 �49,475.7 7893.4 �281.7 �0.7475 0.3840 �0.0629 0.0030
6 0 �5827.6 2608.3 �143.7 0 0.0084 �0.0031 0.0001

Wavy 1 0 0 �3.0062 187.3 0 0 0.0012 �0.0008
2 0 0 �1497.3 406.8 0 0 �0.0395 0.0070
4 0 10,363.9 �5247.6 709.7 0 �0.0786 0.0413 �0.0050
6 �24,596.9 19,730.9 �5083.2 501.7 0.1308 �0.1024 0.0259 �0.0021
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a b s t r a c t

Nanofluid is a new class of heat transfer fluids engineered by dispersing metallic or non-metallic nano-
particles with a typical size of less than 100 nm in the conventional heat transfer fluids. Their use remark-
ably augments the heat transfer potential of the base liquids. This article presents the heat transfer
coefficient and friction factor of the TiO2-water nanofluids flowing in a horizontal double tube coun-
ter-flow heat exchanger under turbulent flow conditions, experimentally. TiO2 nanoparticles with diam-
eters of 21 nm dispersed in water with volume concentrations of 0.2–2 vol.% are used as the test fluid. The
results show that the heat transfer coefficient of nanofluid is higher than that of the base liquid and
increased with increasing the Reynolds number and particle concentrations. The heat transfer coefficient
of nanofluids was approximately 26% greater than that of pure vol.%, and the results also show that the
heat transfer coefficient of the nanofluids at a volume concentration of 2.0 vol.% was approximately 14%
lower than that of base fluids for given conditions. For the pressure drop, the results show that the pres-
sure drop of nanofluids was slightly higher than the base fluid and increases with increasing the volume
concentrations. Finally, the new correlations were proposed for predicting the Nusselt number and fric-
tion factor of the nanofluids, especially.

� 2009 Elsevier Ltd. All rights reserved.

1. Introduction

Conventional heat transfer fluids such as oil, water and ethylene
glycol are widely used in many industries, including power gener-
ation, chemical processes, heating and cooling processes, transpor-
tation, microelectronics and other micro-sized applications. In
general, the heat transfer performance of these fluids is restricted
by their poor thermal properties compared to those of most solids.
This is the important reason why the development of heat transfer
devices is retarded. Based on industrial needs, the enhancement
techniques meet an astronomical increase in heat flux and high de-
gree of compactness of the heat transfer equipment. So, a search
for high efficiency heat transfer fluid is a challenging task for today.
In recent years, many researchers have attempted to develop spe-
cial classes of heat transfer fluids for augmentation of their heat
transfer properties. An innovative method is to suspend small solid
particles in the common fluid to form fluid slurries. Different types
of solid particles, such as metallic, non-metallic and polymeric can
be added into fluids. In the early studies, however, use of sus-
pended particles of millimetre or even micrometre-size demon-
strated unusually high thermal enhancement, but some extreme

problems are also experienced, such as poor stability of the sus-
pension, clogging of flow channels, eroding of pipelines and in-
crease in pressure drop in practical applications. Although the
solutions show better thermal performance compared to common
heat transfer fluids, they are still not suitable for use as heat trans-
fer fluids in practical applications, especially for the mini and/or
micro-channel or even electronic cooling equipment.

A decade ago, with the rapid development of modern nanotech-
nology, particles of nanometre-size (normally less than 100 nm) are
used instead of micrometre-size for dispersing in base liquids, and
they are called nanofluids. This term was first suggested by Choi
[1] in 1995, and it has since gained in popularity. Compared with
millimetre or micrometre sized particle suspensions, a number of
researchers have reported that nanofluids have shown a number
of potential advantages, suchas better long-termstability, little pen-
alty inpressuredrop, andcanhave significantlygreater thermal con-
ductivity. As a result, many researchers have investigated the heat
transfer performance and flow characteristics of various nanofluids
withdifferentnanoparticles andbasefluidmaterials. Several follow-
ing existing published articleswhich associatewith the use of nano-
fluids are described in the following sections.

Pak and Cho [2] investigated experimentally the heat transfer
performance of c-Al2O3 and TiO2 nanoparticles dispersed in water
flowing in a horizontal circular tube with a constant heat flux

0017-9310/$ - see front matter � 2009 Elsevier Ltd. All rights reserved.
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under turbulent flow conditions. The results showed that the Nus-
selt number of nanofluids increased with increasing Reynolds
number and the volume concentration. However, they still found
that the convective heat transfer coefficient of the nanofluids with
3 vol.% nanoparticles was 12% lower than that of pure water at a
given condition. Finally, a new heat transfer correlation for predict-
ing the convective heat transfer coefficient of nanofluids in a tur-
bulent flow regime was proposed.

Li and Xuan [3] and Xuan and Li [4] studied experimentally the
convective heat transfer and flow features for Cu-water nanofluids
flowing through a straight tube under laminar and turbulent flow
regimes with a constant heat flux. The experimental results
showed that addition of nanoparticles into the base liquid remark-
ably enhanced the heat transfer performance of the base liquid.
Moreover, the friction factor of nanofluids coincided well with that
of the water. They also proposed new convective heat transfer cor-
relations for calculating the heat transfer coefficients of the nano-
fluid for both laminar and turbulent flow conditions.

Tsai et al. [5] studied experimentally gold-DI water nanofluids
flowing in a conventional heat pipe. The experimental results illus-
trated that use of the nanofluids led to a significant reduction in
the thermal resistance of the heat pipe when compared with DI
water at given concentrations.

Wen and Ding [6] investigated the convective heat transfer
coefficient of Al2O3-DI water flowing through a copper tube under
a constant heat flux for a laminar flow regime and placed empha-
sis on the entrance region in particular. Their results showed that
the local heat transfer coefficient increased with increasing the
Reynolds number as well as the volume concentration of
nanofluids.

Yang et al. [7] investigated the convective heat transfer coeffi-
cient of graphite nanoparticles dispersed in two liquids flowing
in a horizontal tube heat exchanger under laminar flow conditions.
Their results showed that the heat transfer coefficient increased
with the Reynolds number and the particle volume concentration.
Furthermore, two graphite nanoparticle sources at the same parti-
cle loading gave different values of heat transfer coefficient. Finally,
they proposed a new heat transfer correlation to predict the heat
transfer coefficient of nanofluids under laminar flow conditions.

Ding et al. [8] reported on an experiment in which the local heat
transfer coefficient of CNT-distilled water nanofluids flowing
through a tube under a laminar flow regime. They found that the
local heat transfer coefficient of CNT nanofluids is much greater
than that of pure water, and the enhancement depends on the flow

conditions, CNT concentration and the PH value. However, they re-
ported that the effect of pH value is smallest compared with other
parameters. They also suggest that the aspect ratio should be asso-
ciated with the high enhancement of heat transfer performance of
CNTs based nanofluids [9].

Heris et al. [10,11] studied experimentally the heat transfer per-
formance of Al2O3-water and CuO-water nanofluids flowing in an
annular concentric tube under constant wall temperature bound-
ary condition for a laminar flow regime. The results indicated that
the heat transfer coefficient increased with an increasing Peclet
number as well as particle volume concentration, and CuO-water
nanofluids showed smaller heat transfer enhancement than
Al2O3-water nanofluid.

He et al. [12] investigated the heat transfer performance and
flow characteristic of TiO2-distilled water nanofluids flowing
through a vertical pipe in an upward direction under a constant
heat flux in both a laminar and a turbulent flow regime. Their re-
sults indicated that the local heat transfer coefficient increased
with increasing nanoparticle concentration in both laminar and
turbulent flow regimes at a given Reynolds number and particle
size. Moreover, the results showed that the pressure drop of the
nanofluids was very close to that of the base fluid.

Nguyen et al. [13] reported on an experiment in which the heat
transfer coefficient of Al2O3 nanoparticles was dispersed in water
flowing through a liquid cooling system of microprocessors under
turbulent flow condition. They found that the nanofluid gave a
higher heat transfer coefficient than the base liquid. Moreover,
the results also showed that the nanofluid with a 36 nm particle
diameter gave higher heat transfer coefficient than the nanofluid
with a 47 nm particle diameter.

Ko et al. [14] investigated the pressure drop and viscosity of car-
bon nanotubes dispersed in distilled water flowing through a hor-
izontal tube and also reported the effect of the CNT concentrations
and preparation methods on the viscosity of nanofluids. Their re-
sults showed that the nanofluids prepared by acid treatment
(TCNT) have much smaller viscosity than the ones made with sur-
factant (PCNT). Under laminar flow conditions, the friction factor of
the PCNT nanofluids is much higher than that of the TCNT nanofl-
uids. Moreover, both nanofluids show larger friction factors than
the base fluid. In contrast, under turbulent flow conditions, the
friction factor of both nanofluids becomes similar to that of the
base fluids as the flow rate increases.

Chein and Chuang [15] reported experimentally on microchannel
heatsink(MCHS)performanceusingCuO-waternanofluidsascoolants.

Nomenclature

Cp specific heat, J/kg K
d nanoparticle diameter, m
D tube diameter, m
f friction factor
h heat transfer coefficient, W/m2 K
k thermal conductivity, W/m K
L length of the test tube, m
_m mass flow rate, kg/s
Nu Nusselt number
DP Pressure drop, Pa
Pe Peclet number
Pr Prandtl number
q heat flux, W/m2

Q heat transfer rate, W
Re Reynolds number
T temperature, �C
u mean velocity, m/s
_V volume flow rate, m3/s

Greek symbols
/ volume fraction
e tube roughness
q density, kg/m3

a thermal diffusivity
l viscosity, kg/ms

Subscripts
ave average
f fluid
h heating fluid
in inlet
m mean
out outlet
p particles
nf nanofluid
w water
wall tube wall
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The thermal and physical properties of nanofluids were calculated
using the following equations: the Brinkman equation [16] for vis-
cosity, the Xuan and Roetzel equation [17] for specific heat, and the
Hamilton and Crosser model [18] for thermal conductivity. The re-
sults showed that the presence of nanoparticles creates greater en-
ergy absorption than pure water at a low flow rate and that there is
no contribution from heat absorption when the flow rate is high.

DuangthongsukandWongwises [19,20] investigated theeffect of
thermophysical propertiesmodels on prediction of the heat transfer
coefficient and also reported the heat transfer performance and fric-
tion characteristics of nanofluid, respectively. The 0.2 vol.% TiO2

naoparticles are used to disperse in the water. The results showed
that the various thermophysical models have no significant effect
on the predicted values of Nusselt number of the nanofluid. The re-
sults also indicated that the heat transfer coefficient of nanofluid is
slightly greater than that of water by approximately 6–11% and
use of nanofluid has little penalty in pressure drop.

However, the previous work of the authors did not examine the
effect of the particle concentrations on heat transfer and pressure
drop of nanofluids. The authors used the existing thermophysical
property model to calculate the thermal conductivity and viscosity
of nanofluids, which may have caused a small error in the results.
In vies of that consequence, this article is aimed at reporting the ef-
fect of particle concentration on the heat transfer performance and
pressure drop of nanofluids experimentally. Moreover, the thermal
conductivity and viscosity of nanofluids are measured. Finally, new
heat transfer and friction factor correlations of nanofluids are
proposed.

2. Sample preparation

The term ‘nanofluid’, meaning a two-phase mixture usually con-
sists of nanoparticles dispersed in common liquids. In order to pre-
pare the nanofluids by dispersing the nanoparticles in a base fluid,
proper mixing, and stabilisation of the particles is required. There
are three effective methods used to attain stability of suspension
against sedimentation of nanoparticles, and these are summarised
as follows: (1) control of ph value of the suspensions, (2) addition
of surface activators or surfactants, (3) use of ultrasonic vibration.
All of these techniques aimat changing the surface properties of sus-
pended nanoparticles and suppressing formation of the cluster of
particles, in order to obtain stable suspensions. In the present study,
nanofluids provided by a commercial source (DEGUSSA, VP Disp.
W740�) are used. This mixture is composed of TiO2 nanoparticles
with average diameter of 21 nm, dispersed in water. The original
particle concentration was 40 wt%. In order to produce other re-
quired particle volume fractions, dilution with water followed by a
stirring action was effected. Moreover, an ultrasonic vibrator was
used to sonicate the solution continuously for approximately 2 h
in order to break down agglomeration of the nanoparticles. The de-
sired volume concentrations used in this study are 0.2%, 0.6%, 1.0%,
1.5%and2.0%,withpHvaluesof7.5, 7.1, 7.0, 6.8 and6.5, respectively.
From the pH values, it can be seen that the solution chemistry of
nanofluids is nearly neutral in nature. A transmission electron
microscope (TEM) was used to approximate the size of the primary
nanoparticles. As shown in Fig. 1, it is clear that the primary shape
of nanoparticles is approximately spherical, with an average diame-
ter of approximately 21 nm.

3. Experimental apparatus

3.1. Convective heat transfer coefficient and pressure drop of
nanofluids

Theexperimental apparatusused in this study is shownschemat-
ically in Fig. 2a. Itmainly consistsof a test section, tworeceiver tanks,

a magnetic gear pump, a hot water pump, a cooler tank, a hot water
tank and a collection tank. The test section is a 1.5 m long counter-
flow horizontal double tube heat exchanger with nanofluid flowing
inside the tubewhilehotwaterflows in theannular. The inner tube is
made from smooth copper tubing with a 9.53 mm outer diameter
and an 8.13 mm inner diameter, while the outer tube is made from
PVC tubing and has a 33.9 mm outer diameter and 27.8 mm inner
diameter. The test section is thermally isolated from its upstream
and downstream sections by plastic tubes in order to reduce heat
loss along the axial direction. The differential pressure transmitter
and T-type thermocouple are mounted at both ends of the test
section to measure pressure drop and the bulk temperature of the
nanofluid, respectively. Thermocouples are mounted at different
longitudinal positions on the inner tube surface of the wall, each
with three thermocouples equally space around the tube circumfer-
ence. The inlet and exit temperatures of hot water are measured
using T-type thermocouples which are inserted directly into the
flow. The receiver tanks of 60 L capacity are made from stainless
steel to store the nanofluid and hot water leaving from the test sec-
tion.Thecooler tankwitha4.2 kWcoolingcapacityanda thermostat
is used to keep the nanofluid temperature constant. Similar to the
cooler tank, a 3 kW electric heater with a thermostat was installed
to keep the temperature of the hot water constant. The nanofluid
flow rate is controlled by adjusting the rotation speed of the mag-
netic gear pump. The hotwater flow rate ismeasured by a rotameter
whereas the nanofluids flow rate is evaluated by the time taken for a
given volume of nanofluid to be discharged.

In the present study, the differential pressure transmitter was
calibrated using an air operated dead weight tester. The uncer-
tainty of the pressure measurement is ±0.030 kPa. Then, a portable
programmable calibrator having a maximum precision of 0.1 �C
was used to calibrate all of the T-type thermocouples. Furthermore,
the nanofluid flow rates were determined by electronic balance.
The uncertainty of the electronic balance is ±0.0006 kg. Therefore,
the uncertainty of the measured heat transfer coefficient is approx-
imately 5%.

During the test run, wall temperatures of the test section, mass
flow rates of the hot water and nanofluids, the pressure difference
in the nanofluid, the inlet and exit temperatures of the hot water
and nanofluids were recorded.

3.2. Measurement of the thermal conductivity and viscosity of
nanofluid

The thermal conductivity and viscosity of the nanofluids are
important thermophysical properties. Inorder toapply thenanofluids

Fig. 1. TEM image of dispersed TiO2 nanoparticles in water.
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for the practical application, the exact value of thermal conductivity
and viscosity of nanofluids are needed. In the case of thermal con-
ductivity, the transient hot-wire technique is used to measure the
thermal conductivity of nanofluids. The experimental system of
the transient hot-wire method is shown schematically in Fig. 2b.
The main parts consist of the Wheatstone bridge, and cooling and
heating jacket. In theWheatstone bridge circuit, Rw is the resistance
of the platinumwire (namedhot-wire), R1 is a potentiometer, and R2

andR3 are resistors. Themainreasons for choosing theplatinumwire
as ahot-wire cell is due to itswell-knownrelationshipbetween tem-
perature and resistance through a wide temperature range. The
resistance–temperature coefficient of the platinum wire is
0.0039092/oC [21]. The platinum wire of 76.2 lm and length of
200 mm coated with teflon produced by OMEGA was used as a
hot-wire cell. Thewire length todiameter ratio of thewire is approx-
imately 2625 forminimisationof loss due to heat conduction at both

endsof thewire. Ananofluidpolypropylene container of 700 mLvol-
ume, 50 mm inner diameter and 350 mm length was used as the
container which is sufficiently large to be considered infinite com-
pared with the diameter of the wire. The storage tank with temper-
ature controllerwas used to keep the temperature ofwater constant
and circulate to the cooling and heating jacket by a pump in order to
keep the nanofluid temperature at the desired value. The thermal
conductivity of nanofluids with various volume fractions (0.2%.
0.6%, 1.0%, 1.5% and 2.0%,) were measured at temperatures of
15 �C, 25 �Cand35 �C, respectively. Finally, the thermal conductivity
of the nanofluids is calculated from:

k ¼ q
4pðT2 � T1Þ ln

t2
t1

� �
ð1Þ

where k is the thermal conductivity, q is the applied electric power
per unit length of the wire, and T2 � T1 is the temperature rise of the

Fig. 2. Schematic diagram of the experimental apparatus.
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wire between time t1 and t2. Then, the measured thermal conduc-
tivity of nanofluids is compared with those obtained from the
well-known correlations, which are defined as follows:

One well-known formula for computing the thermal conductiv-
ity of nanofluid is the Hamilton and Crosser [18] model (H–C mod-
el), which is expressed in the following form:

knf ¼ kp þ ðn� 1Þkw � ðn� 1Þ/ðkw � kpÞ
kp þ ðn� 1Þkw þ /ðkw � kpÞ

� 	
kw ð2Þ

n ¼ 3=w ð3Þ
In which, n is the empirical shape factor andW is the sphericity,

defined as the ratio of the surface area of a sphere (of the same vol-
ume as the given particle) to the surface area of the particle. The
sphericity is 1 and 0.5 for the spherical and cylindrical shapes,
respectively. Moreover, knf is the thermal conductivity of the nano-
fluid, kp is the thermal conductivity of the nanoparticles, and kw is
the thermal conductivity of the base fluid.

The thermal conductivity of the nanofluids is calculated from
the Wasp [22] model, which is defined as follows:

knf ¼ kp þ 2km � 2/ðkw � kpÞ
kp þ 2kw þ /ðkw � kpÞ

� 	
kw ð4Þ

For spherical particles, the results given by the Wasp model coin-
cide with those of the Hamilton and Crosser model.

An alternative formula for calculating the thermal conductivity
was introduced by Yu and Choi [23], which is expressed in the fol-
lowing form:

knf ¼ kp þ 2kw þ 2ðkp � kwÞð1þ bÞ3/
kp þ 2kw � ðkp � kwÞð1þ bÞ3/

" #
kw ð5Þ

where b is the ratio of the nanolayer thickness to the original parti-
cle radius. Normally b = 0.1 is used to calculate the thermal conduc-
tivity of the nanofluid.

Murshed et al. [24] introduced the Bruggeman model [25] for
calculating the thermal conductivity of nanofluids, which is ex-
pressed as follows:

knf ¼1
4
½ð3/�1Þkpþð2�3/Þkw�þkw

4

ffiffiffiffi
D

p
ð6Þ

D¼ ð3/�1Þ2ðkp=kwÞ2þð2�3/Þ2þ2ð2þ9/�9/2Þðkp=kwÞ
h i

ð7Þ

Finally, Timofeeva et al. [26] introduced the effective medium
theory for computing thermal conductivity of nanofluids, which
is defined as follows:

knf ¼ ½1þ 3/�kw ð8Þ
In the case of viscosity measurement, the viscosity of nanofluids

was measured by using the rotational rheometer (Gemini 200HR
Nano, Ultra low viscosity) manufactured by Malvern-Bohlin Instru-
ments. The measurement conditions are the same as those of the
thermal conductivity measurement. Moreover, the measured data
are compared with those obtained from the well-known correla-
tions, which are summarised as follows:

Brinkman [16] suggested the equation for calculating the vis-
cosity of the suspension, which is defined as follows:

lnf ¼
1

ð1� /Þ2:5
lw ð9Þ

Drew and Passman [27] suggested the well-known Einstein’s
equation for calculating viscosity, which is applicable to spherical
particles in volume fractions less than 5.0 vol.%, and is defined as
follows:

lnf ¼ ð1þ 2:5/Þlw ð10Þ

Batchelor [28] introduced a correlation for calculating the vis-
cosity of nanofluids with spherical shape nanoparticles, which is
defined as:

lnf ¼ ð1þ 2:5/þ 6:2/2Þlw ð11Þ
Furthermore, Wang et al. [29] proposed a model to predict the

viscosity of nanofluids which is expressed as:

lnf ¼ ð1þ 7:3/þ 123/2Þlw ð12Þ
where u is the volume concentration, lnf is the viscosity of the
nanofluid and lw is the viscosity of the base fluid.

4. Data reduction

In the present study, the TiO2 nanoparticles dispersed in water
with volume concentrations of 0.2%, 0.6%, 1.0%, 1.5% and 2.0% were
used to investigate the convective heat transfer coefficient and
pressure drop of the nanofluids. Thus, the heat transfer coefficient
and pressure drop of nanofluids can be calculated from the follow-
ing equations.

The heat transfer rate from the heating fluid is calculated from:

Qw ¼ _mwCpwðT in � ToutÞw ð13Þ
where Qw is the heat transfer rate of the hot water and _mw is the
mass flow rate of the hot water.

The heat transfer rate into the nanofluid is defined as:

Qnf ¼ _mnfCpnf ðTout � T inÞnf ð14Þ
where Qnf is the heat transfer rate of the nanofluid and _mnf is the
mass flow rate of the nanofluid.

The average heat transfer rate is defined as follows:

Qave ¼
Qw þ Qnf

2
ð15Þ

where Qave is the average heat transfer rate between the hot water
and the nanofluid.

In this study, the energy differences between nanofluid and
heating fluid are approximately 3%.

The experimental heat transfer coefficient and Nusselt number
of the nanofluid are computed from the following equation:

hnf ¼ qave

Twall � Tnf
ð16Þ

Nunf ¼ hnfD
knf

ð17Þ

where hnf is the heat transfer coefficient of the nanofluid, qave is the
average heat flux between the hot water and the nanofluid, Twall is
the average temperature of the wall, Tnf is the bulk temperature of
the nanofluid, Nunf is the Nusselt number of the nanofluid, D is the
inner diameter of the test tube, and knf is the thermal conductivity
of the nanofluid.

Similarly to the heat transfer coefficient, the friction factor of
the nanofluid is calculated from:

fnf ¼ 2DDPnfL
u2
mLqnf

ð18Þ

where fnf is the friction factor of the nanofluid, DPnf is the measured
pressure drop of the nanofluid, L is the length of the tube, D is the
diameter of the tube, qnf is the density of the nanofluid, and um is
the mean velocity of the nanofluid.

The density and specific heat of the nanofluids presented in the
above equation are calculated by use of the Pak and Cho [2] corre-
lations, which are defined as follows:

qnf ¼ /qp þ ð1� /Þqw ð19Þ
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and

Cpnf ¼ /Cpp þ ð1� /ÞCpw ð20Þ
where Cpnf is the specific heat of the nanofluid, Cpp is the specific
heat of the nanoparticles and Cpw is the specific heat of the base
fluid.

The properties of the nanofluid shown in the above equations
are evaluated from water and nanoparticles at average bulk
temperature.

5. Results and discussion

5.1. The thermal conductivity of nanofluids

In order to validate the transient hot-wire system, the thermal
conductivity of water was measured at temperatures of 15 �C,
25 �C and 35 �C. Then, the measured data of water were compared
with the reference data presented in the standard textbook [30]. As
shown in Fig. 3, the results show that the measured data gave rea-
sonable agreement with the reference data. Furthermore, the re-
sults also show that the uncertainty of the thermal conductivity
measurement is approximately 2.5%. Fig. 4 shows the thermal con-
ductivity of TiO2-water nanofluids as a function of temperature
and particle volume concentration. The results indicated that the
thermal conductivity of nanofluids substantially increases with
increasing particle volume concentration as well as nanofluid tem-
perature. Fig. 5 shows a comparison of measured values of thermal
conductivity of nanofluids with the calculated values from well-
known correlations. The results show that the measured thermal
conductivity of the nanofluids is significantly greater than the
computed value of the H–C model, Wasp model, Bruggeman mod-
el, and the effective medium theory. However, the results showed
that the measured values are closer to the calculated values of the
Yu and Choi equation than of the other equations.

5.2. The viscosity of nanofluids

In compliance with the thermal conductivity measurement, the
viscosity of pure water was first measured for validating the exper-
imental apparatus. The measurement conditions are the same as
those of the thermal conductivity measurement. Then, the refer-
ence data presented in the standard textbook [31] were used to
compare with the measured data. Fig. 6 shows the comparison of
viscosity between the measured data and the reference data for

water. The results show a good correspondence between the mea-
sured data and the reference data, and the uncertainty of the vis-
cosities measurement is approximately 3.5%. As shown in Fig. 7,
the results show that the viscosity of nanofluids increases with
increasing particle volume concentration and also increases with
decreasing nanofluid temperature. Fig. 8 shows a comparison of
measured values with the predicted values from well-known cor-
relations. The results show that the measured data of nanofluids
are much larger than those of predicted values by use of the Ein-
stein equation, Brinkman equation and Batchelor equation. How-
ever, the results also show that the measured values are rather
consistent with the calculated values by using the Wang et al.
equation.

5.3. Convective heat transfer of nanofluid

In the present study, TiO2 nanoparticles dispersed in water for
0.2%, 0.6%, 1.0%, 1.5% and 2.0% by volume are used to investigate
the heat transfer performance and the pressure drop characteris-
tics of the nanofluid. The test conditions used in this study are
summarised as follows: (1) the Reynolds number of the nanofluid
varies in the approximate range of 3000–18,000, (2) the tempera-
ture of the nanofluid is 15 �C, 20 �C and 25 �C, (3) the mass flow
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rates of hot water is 3 LPM and 4.5 LPM, and (4) the temperature of
the hot water is 35 �C and 45 �C.

Before evaluating the heat transfer performance of the nanofl-
uids, the pure water is used as the working fluid for estimating
the reliability and accuracy of the experimental system. The results

of the experimental Nusselt number are compared with those ob-
tained from the Gnielinski equation [32], which is defined as
follows:

Nu ¼ ðf=8ÞðRe� 1000ÞPr
1þ 12:7ðf=8Þ0:5ðPr2=3 � 1Þ

ð21Þ

where Nu is the Nusselt number, Re is the Reynolds number, Pr is
the Prandtl number and f is the friction factor.

The friction factor can be calculated from the Colebrook equa-
tion [33] as follows:

1ffiffiffi
f

p ¼ �2:0 log
e=D
3:7

þ 2:51

Re
ffiffiffi
f

p
 !

ð22Þ

where e is the roughness of the test tube.
Moreover, the existing correlations for calculating the Nusselt

number for nanofluids were used for comparison with the experi-
mental results. Up to now, there are only two correlations for pre-
dicting the heat transfer performance of nanofluids flowing in the
turbulent flow regime, namely the Pak and Cho [2] and Xuan and Li
[4] correlations, which are defined as follows:

The Pak and Cho correlation is defined as:

Nunf ¼ 0:021Re0:8nf Pr
0:5
nf ð23Þ

The Xuan and Li correlation is defined as:

Nunf ¼ 0:0059 1:0þ 7:6286/0:6886Pe0:001d

� �
Re0:9238nf Pr0:4nf ð24Þ

The Reynolds number of the nanofluid is expressed as:

Renf ¼ qnfumD
lnf

ð25Þ

The Prandtl number and Peclet number of the nanofluid can be
calculated from the following equation:

Prnf ¼ lnfCpnf

knf
ð26Þ

Penf ¼ umdp

anf
ð27Þ

where dp is the diameter of the nanoparticles.
In order to calculate the Peclet number, the thermal diffusivity

of the nanofluid (anf) is defined as:

anf ¼ knf
qnfCpnf

ð28Þ

As shown in Fig. 9, the measured Nusselt number coincided well
with the calculated values for pure water.

As shown in Fig. 10, the heat transfer coefficient and the Nusselt
number of the nanofluids are higher than those of the base liquid,
and they increase with increasing the Reynolds number as well as
the particle volume concentration for the volume concentration
61.0 vol.%. At 1.0 vol.%, the enhancement range between 20% and
32% is observed. However, the heat transfer coefficient for particle
concentration of 1.5 vol.% is smaller than that for the volume con-
centration of 1.0 vol.%, but still larger than for the base liquid. It
was also found that the heat transfer coefficient of nanofluid at vol-
ume fraction of 2.0 vol.% was approximately 14% smaller than that
of pure water when compared under the same conditions. This
behaviour may be due to the fact that the nanoparticles presented
in the base liquid increase the thermal conductivity and the viscos-
ity of the base liquid at the same time, and increase with increasing
the particle concentrations. The increasing of the thermal conduc-
tivity leads to an increase in the heat transfer performance,
whereas the increasing of the viscosity of the fluid leads to an in-
crease in the boundary layer thickness, which results in a decrease
in the heat transfer performance. As a result, for the volume
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concentration 61.0 vol.%, the effect of thermal enhancement may
overcome the effect of the increasing of the viscosity. On the other
hand, for the volume concentration of more than 1.0 vol.%, the ef-
fect of the viscosity increase may overcome the effect of thermal
conductivity enhancement, which leads to a decrease in the heat

transfer performance of the nanofluids. Moreover, in our opinion,
the nanoparticles at higher volume concentration may become
combined together, which caused the size became bigger and leads
to a decrease in the heat transfer performance. According to this
study, the present results are found to be different from those ob-
tained from other researchers. For example, Xuan and Li [4] inves-
tigated experimentally the convective heat transfer and flow
characteristics for Cu-water nanofluids. They found that the Nus-
selt number of the nanofluid is increased more than 39% for the
particle volume fraction of 2.0 vol.%. He et al. [12] determined
experimentally the heat transfer and flow behaviour of TiO2-dis-
tilled water nanofluids in both laminar and turbulent flow condi-
tion. The results showed that the convective heat transfer
coefficient increased more than 40% for a volume fraction of
1.1 vol.%. Nguyen et al. [13] experimentally investigated the heat
transfer behaviour of Al2O3-water nanofluid flowing under a turbu-
lent flow regime inside an electronic cooling system. They found
that the heat transfer coefficient of nanofluids for particle volume
concentration of 6.8 vol.% is greater than the base fluid by approx-
imately 40%. However, Pak and Cho [2] experimentally studied
heat transfer performance of c-Al2O3 and TiO2 nanoparticle dis-
persed in water flowing in a horizontal circular tube. Their results
showed that the Nusselt number of nanofluids increased with an
increase in the Reynolds number as well as the volume fraction.
Moreover, their results still showed that the heat transfer coeffi-
cient of the nanofluids for a volume concentration of 3 vol.% was
12% lower than that of pure water under the same conditions. As
mentioned above, it is difficult to explain this difference in behav-
iour. It may be caused by several factors, such as particle source,
particle size, particle shape, particle preparation, and even solution
chemistry (e.g. pH value). Therefore, more experimental works are
needed in order to address the exact heat transfer behaviour of
nanofluids for applying them in practical applications.

From the previous work of the authors [20], the results indi-
cated that the Pak and Cho [2] equation can be used to predict
the heat transfer performance of TiO2-water nanofluid with a vol-
ume concentration of 0.2% and give an agreement that compares
with the experimental results. At the same time, the Xuan and Li
[4] correlation gives a significantly lower heat transfer coefficient
compared with the measured data and the Pak and Cho correlation.
However, in this study, Fig. 11 shows that Pak and Cho [2] correla-
tion fails to predict the Nusselt number of nanofluids for volume
concentrations of 0.6% and 1.0%. This may be caused by the effect
of the particle concentrations, which was not considered in their
correlation, and by different configuration of the test section. Thus,
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a new heat transfer correlation which gives better accuracy for pre-
dicting the heat transfer performance of the nanofluids may still be
required. This is an important subject for the present study.

In general, Nusselt numbers of nanofluids may be related with
the parameters as follows:

Nunf ¼ f ðRenf ; Prnf ;/Þ ð29Þ
Considering the above mentioned, the equation for predicting

the heat transfer performance of nanofluid was formed and is pro-
posed in the following form:

Nunf ¼ 0:074Re0:707nf Pr0:385nf /0:074 ð30Þ
The above equation is obtained by curve fitting all the experi-

mental data for the nanofluids. Comparisons of the experimental
Nusselt number with those calculated by the proposed correlation
are shown in Fig. 12. The results show good correspondence be-
tween the experimental values and the calculated values by the
above equation. It is clearly seen that the majority of the data falls
within ±10% of the proposed equation. The authors would like to
introduce that this equation can be used for predicting the heat
transfer coefficient of nanofluids with a volume concentration of
61.0% and a Reynolds number range between 3000 and 18,000.
Moreover, it is very important to note that this equation is only
established with respect to the data for TiO2-water nanofluids.

5.4. Pressure drop of nanofluid

In order to apply the nanofluids for practical application, in
addition to the heat transfer performance of the nanofluids it is
necessary to study their flow features. In this study, nanofluid with
0.2, 0.6, 1.0, 1.5 and 2.0 vol.% suspended nanoparticles are used in
the pressure drop test under the turbulent flow condition. Similar
to the convective heat transfer coefficient of nanofluids, pure water
is used as the working fluid in order to estimate the reliability and
accuracy of the measured pressure.

As shown in Fig. 13, the measured friction factor agrees well
with those of calculated values for pure water.

As shown in Fig. 14, the results show that the pressure drop and
friction factor of the nanofluids increase with increasing Reynolds
number and that there is a small increase with increasing particle
concentrations. This means that using the nanofluids at higher par-
ticle volume fraction may create a small penalty in pressure drop.
Moreover, although the Colebrook equation can fairly predict the
pressure drop of nanofluids as shown in Fig. 14a, a new correlation

which gives better accuracy and that is easy to use for calculating
the friction factor of nanofluids is still needed. Similar to the heat
transfer correlation, a new equation for predicting the friction fac-
tor of nanofluids is proposed in the following form:
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fnf ¼ 0:961/0:052Re�0:375 ð31Þ
As shown in Fig. 15, the results show that the present correla-

tion gave reasonably good agreement with the experimental data.
This equation can be used to compute the friction factor of nanofl-
uids with particle volume concentrations range between 0% and
2.0%.

6. Conclusions

The convective heat transfer performance and flow characteris-
tic of TiO2-water nanofluid flowing in a horizontal double tube
counter-flow heat exchanger was experimentally investigated.
Experiments were carried out under turbulent flow conditions.
The effect of particle concentrations and the Reynolds number on
the heat transfer performance and flow behaviour of nanofluids
are determined. Important conclusions have been obtained and
are summarised as follows:

� Dispersion of the nanoparticles into the base liquid increases the
thermal conductivity and viscosity of the nanofluids, and this
augmentation increases with increasing particle concentrations.

� At a particle volume concentration of 61.0 vol.%, the use of TiO2-
water nanofluid gives significantly higher heat transfer coeffi-
cients than those of the base fluid. For example, at the
1.0 vol.%, the heat transfer coefficient of nanofluids was approx-
imately 26% greater than that of pure water. However, at the
particle concentration of 2.0 vol.%, it was found that the heat
transfer coefficient of nanofluids was roughly 14% smaller than
that of pure water for the given conditions.

� The pressure drop of nanofluids increases with increasing Rey-
nolds number and there is a small increase with increasing par-
ticle volume concentrations. This is caused by increase in the
viscosity of nanofluids, and it means that nanofluids incur little
penalty in pressure drop.

� The results showed that the Pak and Cho [2] correlation can pre-
dict the heat transfer coefficient of nanofluids and gives results
that corresponded well only with the experimental results for
the volume concentration of 0.2%. However, for the volume con-
centrations of 0.6% and 1.0%, the Pak and Cho equation fails to
predict the heat transfer performance of the nanofluids.

� New heat transfer and friction factor correlations for predicting
the Nusselt number and friction factor of TiO2-water nanofluids
are proposed in the form of Nu = 0.074Re0.707Pr0.385/0.074, and
f = 0.961/0.052Re-0.375, respectively. The majority of the data falls
within ±10% of the proposed equation. These equations are valid

in the range of Reynolds number between 3000 and 18,000 and
particle volume concentrations in the range of 0 and 1.0 vol.% for
Nusselt number and 0 and 2.0 vol.% for friction factor.
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A B S T R A C T

A colloidal mixture of nano-sized particles in a base fluid, called nanofluids, tremendously enhances the

heat transfer characteristics of the original fluid, and is ideally suited for practical applications due to its

marvelous characteristics. This article addresses the unique features of nanofluids, such as enhancement

of heat transfer, improvement in thermal conductivity, increase in surface volume ratio, Brownian

motion, thermophoresis, etc. In addition, the article summarizes the recent research in experimental and

theoretical studies on forced and free convective heat transfer in nanofluids, their thermo-physical

properties and their applications, and identifies the challenges and opportunities for future research.
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1. Introduction

Ever since the adverse effect of green house gases was
discovered, leading to the Kyoto Protocol [1], the search for
methods and technological advancement to mitigate the impact of
global warming on Planet Earth became a pressing need for the
research and industrial communities. The Protocol had exhorted
both the developed and developing countries to show intense
curiosity with a sense of participation, to find definitive ways to
tackle the issue. Subsequent meetings which were held in many
countries had called for a gentle decline in the production of green
house gases. Even as scientists subscribed to a number of methods
to tackle the carbon footprints, the global energy need and
inefficient thermal-fluid systems always increased the green house
gases.

A reduction in energy consumption is possible by enhancing the
performance of heat exchange systems. Heat transfer is one of the
most important processes in industrial and consumer products and
it is worth addressing its influence over carbon footprints. For
instance, the present telecommunication demand for enhanced
functionality in circuit boards, results in high process density

circuit boards. In such cases, the company spendsmore than 50% of
the total electricity on the thermal management of electronic
cooling systems [2]. Further, one of themost influential regulations
is the 65 Dba noise limit in a central office environment compared
to the 85 Dba in data centers and thus, typical air-cooling methods
are unsuitable for these conditions [3]. The dozens ofmethods such
as Fin-Foam Heat Sink, Minichannels, Microchannels, Novel
interface materials, Dielectric mist cooling, Forced convective
boiling, etc. and their combinations are limited to heat removal of
up to 1000 W/cm2. Some of the electronic systems like ultra-high
heat flux optical devices, high-powered X-rays and lasers demand
as high as 2000 W/cm2 of heat removal [4]. Similarly, the growth of
Heating Ventilation and Air-Conditioning (HVAC) and chemical
processing equipment had adversely increased the carbon
footprints. The paradigm shift in their design with respect to heat
transfer will both simultaneously reduce the size of the heat
exchangers and the energy consumption. In many industrial
applications, the conventional heat transfer fluids are refrigerants,
water, engine oil, ethylene glycol, etc. Even though an improve-
ment in energy efficiency is possible from the topological and
configuration points of view, much more is needed from the
perspective of the heat transfer fluid. Further, enhancement in heat
transfer is always in demand, as the operational speed of these
devices depends on the cooling rate. New technology and advanced
fluids with greater potential to improve the flow and thermal
characteristics are two options to enhance the heat transfer rate
and the present article deals with the latter option. One such latest
advancement in heat transfer fluids, is an engineered colloidal
mixture of the base fluids and nano-sized metallic particles (1–
100 nm). The earlier versions of colloidal fluids such as micro-fluid
substances tend to sediment and cause erosion in the moving
component. However, nanofluids are claimed to be a non-
agglomerated mono-dispersed particles in the base fluids, which
proved to be enhancing the heat transfer more than 50% in real-
time applications even when the volume ratio of the nanoparticle
to base fluid is less than 0.3% [5]. As the need formore efficient heat
transfer systems increases, researchers have introduced various
heat transfer enhancement techniques since the middle of the
1950s. The exponential increase in the number of research articles
dedicated to this subject thus far shows a noticeable growth and
the importance of heat transfer enhancement technology. Some
recent review articles [6–10] have covered a variety of methods for
the enhancement of heat transfer. Investigation in convective heat
transfer characteristics has been carried out in recent times. In this
paper, the various articles related to the mechanism of nanofluid
heat transfer, thermo-physical properties and pioneering experi-
ments related to convective and boiling heat transfer of nanofluids
are discussed. This article presents the recent research in natural,
forced and two-phase convective heat transfer in nanofluids and its
applications, and identifies the challenges and opportunities for
future research.

2. Nanofluids

Enhancement of convective heat transfer and thermal con-
ductivity of liquids was earlier made possible by mixing micron-
sized particles with a base fluid (Maxwell paper) [11]. However,
rapid sedimentation, erosion, clogging and high-pressure drop
caused by these particles has kept the technology far frompractical

Nomenclature

A cross-sectional area (m2)

Cp specific heat (J/kg K)

D tube diameter (m)

h heat transfer coefficient (W/m2 K)

k thermal conductivity (W/m K)

m mass flow rate (kg/s)

Nu Nusselt number

Pr Prandtl number

q00 heat flux (W/m2)

Re Reynolds number

T temperature (8C)

Greek symbols

b thermal dispersion coefficient (N/m2 K)

w volume fraction

r density (kg/m3)

m dynamic viscosity (kg/m s)

g particle size (nm)

Subscript

f bulk fluid

nf nanofluid

w tube wall

x axial distance

bf base fluid

i inner wall

o outer wall

Abbreviation

CHF critical heat flux

CNT carbon nano tube

HTC heat transfer coefficient
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use. A very small amount of nanoparticles, when dispersed
uniformly and suspended stably in base fluids, can provide
impressive improvements in the thermal properties of base fluids.
Nanofluids, which are a colloidal mixture of nanoparticles (1–
100 nm) and a base liquid (nanoparticle fluid suspensions) is the
term first coined by Choi in the year 1995 [12] at the Argonne
National Laboratory to describe the new class of nanotechnology
based heat transfer fluids that exhibit thermal properties superior
to those of their base fluids or conventional particle fluid
suspensions.

Thephases in the colloid aredistinguishable and interact through
weak surface molecular forces, preferably without any chemical
reaction. Compared to micron-sized particles, nanoparticles are
engineered to have larger relative surface areas, less particle
momentum, high mobility, better suspension stability than
micron-sized particles and importantly increase the thermal
conductivity of the mixture. This makes the nanofluids a promising
working medium as coolants, lubricants, hydraulic fluids andmetal
cutting fluids. Further, a negligible pressure drop and mechanical
abrasion makes researchers subscribe to nanofluids for the
development of the next generation miniaturized heat exchangers.

Based on their application, nanoparticles have been made of
variousmaterials [13–27] such as oxide ceramics, nitride ceramics,
carbide ceramics, metals, semiconductors, carbon nanotubes and
composite materials such as alloyed nanoparticles Al70Cu30 or
nanoparticle core–polymer shell composites. In addition to
nonmetallic, metallic, and other materials for nanoparticles,
completely new materials and structures have been used, such
as materials ‘‘doped’’ with molecules in their solid–liquid. The goal
of nanofluids is to achieve the best possible thermal properties at
the least possible volume fraction (w < 1%) in the base fluids. Thus,
the suspension of nearly non-agglomerated or mono-dispersed
nanoparticles in liquids is the key to significant enhancement in
the heat transfer. In addition, Xuan and Li [28] suggested ultrasonic
vibration of nanofluids and addition of surfactants to enhance the
suspension.

3. Enhancement of thermal conductivity

A substantial increase in liquid thermal conductivity, liquid
viscosity, and heat transfer coefficient, are the unique features of
nanofluids. It is well known that at room temperature, metals in
solid phase have higher thermal conductivities than those of fluids
[29]. For example, the thermal conductivity of copper at room
temperature is about 700 times greater than that of water and
about 3000 times greater than that of engine oil. The thermal
conductivity of metallic liquids is much greater than that of
nonmetallic liquids. Thus, fluids containing suspended metal
particles are expected to manifest enhanced thermal conductiv-
ities relative to pure fluids [30]. Masuda et al. [31] dispersed oxide
nanoparticles (g-Al2O3 and TiO2 with w = 4.3%) particles in liquid
and showed the increase in the thermal conductivity to be 32 and
11%, respectively. Grimm [32] dispersed aluminum particles
(g = 80–1 mm) into a fluid and claimed a 100% increase in the
thermal conductivity of the fluid forw = 0.5–10%. Choi and Eastman
[33] showed that the thermal conductivity of Cu–water and CNT–
water nanofluids was higher compared to that of their base liquids.
Eastmann et al. [34] showed that Cu–ethylene glycol (nanopar-
ticles coated with thioglycolic acid) with w = 0.3% gave a 40%
increase in thermal conductivity. Recently, an attempt at the Indira
Gandhi Centre for Atomic Research (IGCAR) was made, to align
magnetic nanoparticles (Fe3O4 coated with Oelic acid) in a base
fluid (hexadecane) in a linear chain using a magnetic field, which
was applied to increase the thermal conductivity by 300% [35].
Further, it was proved that the thermal properties are tunable for
magnetically polarizable nanofluids that consist of a colloidal

suspension of magnetite nanoparticles. Moreover, the effective
thermal conductivity depends also on other mechanisms of
particle motion; the commonly explained physics are as follows.

3.1. Dispersion of the suspended particles

Dispersion is a system in which particles are dispersed in a
continuous phase of a different composition. Surface-active
substances (surfactants) can increase the kinetic stability of
emulsions greatly so that, once formed, the emulsion does not
change significantly over years of storage. Some of the surfactants
are thiols [36], oleic acid [37,38], laurate salts, etc. Pak and Cho
[39], Xuan and Li [28] and others claimed that the abnormal
increase in thermal conductivity is due to uniformdispersion of the
nanoparticles.

3.2. Intensification of turbulence

Even though thermal conductivity (kth) is a function of primary
variables such as thermodynamic pressure and temperature, in a
turbulent flow the effective thermal conductivity (kth + kturb) due to
the effects of turbulent eddies is many times higher than the actual
value of kth. Similarly in nanofluids, such intensification is believed
to be possible due to the addition of nanoparticles. Xuan and Li
[28]. However, Buongiorno [40] has claimed that due to the
particle size, the effects of both dispersion and turbulence are
negligible and not sufficient to explain the enhancement of
thermal conductivity in nanofluids.

3.3. Brownian motion

It is a seemingly randommovement of particles suspended in a
liquid or gas and the motion is due to collisions with base fluid
molecules, which makes the particles undergo random-walk
motion. Thus, the Brownian motion intensifies with an increase
in temperature as per the kinetic theory of particles. Keblinski et al.
[41] and Koo and Kleinstreuer [42] have suggested that the
potential mechanism for enhancement of thermal conductivity is
the transfer of energy due to the collision of higher temperature
particles with lower ones. The effectiveness of the Brownian
motion decreases with an increase in the bulk viscosity.

3.4. Thermophoresis

Thermophoresis or the Sorét effect is a phenomenon observed
when a mixture of two or more types of motile particles (particles
able to move) is subjected to the force of a temperature gradient.
The phenomenon is most significant in a natural convection
process, where the flow is driven by buoyancy and temperature.
The particles travel in the direction of decreasing temperature and
the process of heat transfer increases with a decrease in the bulk
density.

3.5. Diffusiophoresis

Diffusiophoresis (also called as Osmo-phoresis) occurs when
there is a migration of particles from a lower concentration zone to
a higher concentration one. However, this is not a favorable
condition since the nanofluids may lose their non-agglomeration
characteristics. Thus, the resulting fluid will result in a discrete
spread in the particle density. Buongiorno [40] has stressed that
the Brownian motion, thermophoresis and diffusiophoresis are
significant in the absence of turbulent eddies.

The thermal conductivity enhancement ratio is defined as the
ratio of the thermal conductivity of the nanofluid to that of the base
fluid and this ratio depends on the material, size and shape of the
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particle, volume concentration and the operating temperature
itself. The influence of type of material on thermal conductivity
enhancement has no effect for relatively low thermal conductivity
particles and positive enhancement with higher thermal con-
ductivity particles. For instance, the enhancement of thermal
conductivity using metal particles is higher that the metal oxide
particles. However, it is difficult to createmetal particle nanofluids
without particles oxidizing during the production process. A major
obstacle for metal-particle nanofluids is eliminating the oxidation
process during production and later during usage. Particle coating
is one technique that has received some attention to solve this
problem.

The smaller in particle size higher will be the enhancement.
Since the surface to volume ratio will be higher for small diameter
particles which results in uniform distribution of particles gives
and the best enhancement. The most commonly used geometric
shape of the particles is spherical and cylindrical. The cylindrical
particles show an increase in thermal conductivity enhancement
due to amesh formed by the elongated particles that conducts heat
through the fluid. This indicates the elongated particles are
superior to spherical for thermal conductivity. The thermal
conductivity enhancement increases with increased particle
volume concentration. Metal oxide particle volume concentrations
below w = 4–5% produces an enhancement level up to about 30% is
typical and metal particles with less than w < 1.5% gives an
enhancement up to 40%. The thermal conductivity of nanoparticles
is more temperature sensitive than that of the base fluid.
Consequently, the thermal conductivity enhancement of nano-
fluids is also rather temperature sensitive and a strong dependence
of nanofluid thermal conductivity is due to the random motion of
nanoparticles.

The physics of the above explained mechanisms is important
and to be considered while studying the enhancement of thermal
conductivity and the convective heat transfer of nano-sized
colloidal mixture; the mechanisms are studied experimentally
and theoretically by researchers and the summary of these
investigations, findings and suggestions are presented in the
following sections.

4. Experimental investigation

Enhancement in heat transfer was tried earlier also, with the
help of suspended micro-particles. Ahuja [43,44] conducted
experiments on the enhancement of heat transport in the laminar
flow ofwaterwithmicro-sized polystyrene suspension. The results
showed a significant enhancement in the Nusselt number and heat
exchanger effectiveness compared to that of a single phase liquid.
Hetsroni and Rozenblit [45] investigated the thermal interaction
between liquid and solid mixtures consisting of water and
polystyrene particles in a turbulent flow. Interestingly, polystyrene
has very low thermal conductivity close to only 0.08 W/m K. Still,
the turbulence intensification and particle rotation effect are to be
reasoned for an enhancement of heat transfer. The penalty in
pumping power, clogging, agglomeration, sedimentation and
erosion are some of the adverse effects of micro-particles.
However, this issue has been eliminated with the use of stable
nano-sized particulate colloids, and this has paved the way for
researchers to further investigate the enhancement of convective
heat transfer.

4.1. Forced convection heat transfer experiments with nanofluids

4.1.1. Experiments with metal oxide nanoparticles

Nanoparticles made from metal oxides, metals, nanotubes and
graphite are widely investigated in base fluids such as water,
ethylene glycol, acetone, etc. Some of the important experiments in

macro, mini channels, heat pipes, etc. commonly used in many
industrial heat transfer applications are discussed in the following
sections.

Lee and Choi [46] used a nanofluid as a coolant in a micro-
channel heat exchanger and compared the enhanced cooling rates
with those of conventional water-cooled and liquid-nitrogen
cooled micro-channel. The intensification of turbulence or eddy,
suppression of the boundary layer, dispersion of the suspended
particles, besides the augmentation of thermal conductivity and
the heat capacity of the fluid were suggested to be the possible
reasons for heat transfer enhancement. Eastman et al. [47]
conducted tests to assess the thermal performance of CuO–water
withw = 0.9% under turbulent flow conditions and the heat transfer
coefficient was higher by 15% than that of pure water. Pak and Cho
[39] presented an experimental investigation of the convective
turbulent heat transfer characteristics of nanofluids (gAl2O3–
water and TiO2–water) with w = 1–3%. The Nusselt number for the
nanofluids increased with an increasing volume concentration and
Reynolds number.Wen and Ding [48] assessed the convective heat
transfer of nanofluids in the entrance region under laminar flow
conditions. Aqueous based nanofluids containing g-Al2O3 nano-
particles (g = 27–56 nm; w = 0.6–1.6%) with sodium dodecyl
benzene sulfonate (SDBS) as the dispersant, were tested under a
constant heat flux boundary condition. For nanofluids containing
w = 1.6%, the local heat transfer coefficient in the entrance region
was found to be 41% higher than that of the base fluid at the same
flow rate. It was observed that the enhancement is particularly
significant in the entrance region, and decreases with axial
distance. Particle migration was reasoned for the enhancement.
Heris et al. [49] examined and proved the enhancement of in-tube
laminar flow heat transfer of nanofluids (water–CuO and water–
Al2O3) in a constant wall temperature boundary condition.
Similarly, Esfahany et al. [50] presented an investigation of the
laminar flow convective heat transfer of Al2O3–water under
constant wall temperature with w = 0.2–2.5% for Reynolds number
varying between 700 and 2050. The Nusselt number for the
nanofluid was found to be greater than that of the base fluid; and
the heat transfer coefficient increased with an increase in particle
concentration. The ratio of the measured heat transfer coefficients
increases with the Peclet number as well as nanoparticle
concentrations. Lai et al. [51] studied the flow behavior of
nanofluids (Al2O3–DI water; g = 20 nm) in a millimeter-sized
stainless steel test tube, subjected to constant wall heat flux and a
low Reynolds number (Re < 270). The maximum Nusselt number
enhancement of the nanofluid of 8% at w = 1% was recorded. Jung
et al. [52] conducted convective heat transfer experiments for a
nanofluid (Al2O3–water) in a rectangular micro-channel
(50 mm � 50 mm) under laminar flow conditions. The convective
heat transfer coefficient increased bymore than 32% for w = 1.8% in
base fluids. The Nusselt number increased with an increasing
Reynolds number in the laminar flow regime (5 < Re < 300) and a
new convective heat transfer correlation for nanofluids in
Microchannels was also proposed.Williams et al. [53] investigated
the turbulent convective heat transfer behavior of alumina (Al2O3–
water and ZrO2–water). The convective heat transfer and pressure
loss behavior of nanofluids under a fully developed turbulent flow,
matched the correlations of a single-phase flow. Duangthongsuk
and Wongwises [54] showed an enhancement of heat transfer at a
lower concentration of TiO2–water (w = 0.2%) and claimed that the
convective heat transfer coefficient also depends on the experi-
mental measurement system and calibration. Jang and Choi [55]
showed an enhancement of the convective heat transfer coefficient
of nanofluids (Al2O3–water with w = 0.3%) up to 8%. Duangth-
ongsuk and Wongwises [56] reported an experimental study on
the forced convective heat transfer under varied heat flux
boundary conditions and pressure drop characteristics of a
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nanofluid consisting of water and 0.2 vol.% TiO2 nanoparticles of
21 nm diameter flowing in a horizontal double-tube counter flow
heat exchanger under turbulent flow conditions. The results
showed that the convective heat transfer coefficient of nanofluid is
slightly higher than that of the base liquid by about 6–11%. The
heat transfer coefficient of the nanofluid increases with an increase
in the mass flow rate of the hot water and nanofluid. It was seen
that the Gnielinski equation failed to predict the heat transfer
coefficient of the nanofluid. Finally, it was also observed that the
use of the oxide nanofluid has a little penalty in pressure drop.

4.1.2. Experiments with pure metal nanoparticles

Xuan and Li [57] experimentally studied the single phase heat
transfer of the Cu–water nanofluid in tubes in the turbulent flow
regime (Reynolds number between 10,000 and 25,000) with
w = 0.3–2.0% and proposed a heat transfer correlation. The
convective heat transfer coefficient increased remarkably with
the volume-fraction and with the flow velocity, with a negligible
penalty in pumping power. Xuan and Li [58] measured the
convective heat transfer of the Cu–water nanofluid in a small-
hydraulic-diameter flat tube under laminar flow conditions. The
Nusselt number of the nanofluid with w = 2% increased by more
than 39% comparedwith that of purewater. Zhou [59] investigated
the enhancement of the single phase heat transfer of Cu–acetone
particles with average particle sizes in the g = 80–100 nm range
and concentrations ranging from 0.0 to 4.0 g/l. Xuan et al. [60]
investigated Cu–water (deionised) with g = 26 nm and w = 0.5–2%.
The Nusselt number increased proportionately with the Reynolds
number, and for the same Reynolds number the ratio of Nusselt
number of Cu–water to water varied from 1.06 to 1.39 when the
volume fraction of copper nanoparticles increased from 0.5 to 2.0%.

Faulkner et al. [61] investigated the convective heat transfer of a
CNT–water nanofluid in a micro-channel, with a hydraulic
diameter of 355mm, a Reynolds number between 2 and 17 and
w = 1.1, 2.2 and 4.4%. The results showed an enhanced heat transfer
coefficient of CNT–water at highest concentration. Yang et al. [62]
investigated the convective heat transfer of graphite nanoparticles
dispersed in liquid in laminar flow in a horizontal tube heat
exchanger, and reported that at 2 wt% the heat transfer coefficient
of the nanofluids increased, compared with that of the base fluid;
at 2.5 wt% the heat transfer coefficient 22 and 15% was higher than
that of pure fluid at 50 and 70 8C respectively. Ding et al. [63] tested
multi-walled carbon nanotubes (MCNT with w = 0.1–1.0% with
0.5 wt% in aqueous solution) in a horizontal tube, and obtained a
maximum enhancement of heat transfer (350%) at a Reynolds
number of 800. Particle re-arrangement, shear induced thermal
conduction, reduction of thermal boundary layer due to the
presence of nanoparticles and high aspect ratio of CNTs were
reasoned for the enhancement. Yulong et al. [64] experimentally
analyzed forced convective heat transfer using aqueous and
ethylene glycol-based spherical titania, and aqueous-based
titanate nanotubes, carbon nanotubes and nano-diamond nano-
fluids. For aqueous-based titania, carbon and titanate nanotube
nanofluids, the convective heat transfer coefficient enhancement
exceeded, by a large margin. The competing effects of particle
migration on the thermal boundary layer thickness and the
effective thermal conductivity were suggested to be responsible
for the heat transfer enhancement.

4.1.3. Inferences from forced convection heat transfer experimental

studies

The observed results from the prior work done on the
convective heat transfer performance of nanofluids clearly shows,
that the suspended particles outstandingly increase the heat
transfer performance of the base-fluid; and the nanofluids have
higher heat transfer coefficients than those of the base-fluids at the

same Reynolds number. High aspect ratio nanoparticles such as
carbon nanotubes resulted in greater enhancement in thermal
conductivity and the heat transfer coefficient, compared to
spherical and low aspect ratio nanoparticles. It has been shown
in many references that the heat transfer behavior of nanofluids
and the application of nanofluids for heat transfer enhancement,
are influenced by the effective thermo-physical properties of
nanofluids and many other factors such as particle size, shape and
distribution; Brownian motion, particle–fluid interaction and
particle migration also have an important influence on the heat
transfer performance of nanofluids. However, because of the lack
of agreement between the experimental results reported by
various groups, most of the studies lack physical explanation for
their observed results. All the convective studies have been
performed with oxide particles, Future convective studies must be
performed with metallic nanoparticles with different geometries
and concentrations to consider heat transfer enhancement in
laminar, transition and turbulence regions. Besides, the experi-
mental data available for convective heat transfer are limited and
insufficient to exactly predict the trend for heat transfer
enhancement. Maiga et al. [65] reported that, with regard to the
nanofluid thermal properties, the actual amount of experimental
data available in the literature remains surprisingly small, and it is
obvious that more works in this area will be published in the near
future. Therefore, further research on the convective heat transfer
of nanofluids is needed. Table 1 shows the summary of published
experimental investigations of the convective heat transfer
performance of various nanofluids.

4.2. Natural convection heat transfer experiments with nanofluids

Putra et al. [66] presented a study of the natural convection of
nanofluids (Al2O3–water, CuO–water with w = 1–4%) using a
horizontal cylinder test section with one end heated and the other
cooled. The time to reach the steady state was much lesser even at
relatively high particle concentrations, due to the non-agglomera-
tive andmono-dispersive nature of the nanofluids. The heat transfer
coefficient was found to be higher at the hot wall than at the cold
wall. The natural convective heat transfer is higher for the CuO–
water than the Al2O3–water nanofluid. Wen and Ding [67]
conducted experiments on nanofluids (TiO2–water with w = 0–1%)
using two horizontally positioned aluminum discs separated by a
10 mm gap filled with nanofluid. The lower disc was heated at the
bottom surface and the upper surface was open to the atmosphere.
The temperature rose smoothly without any initial temperature
oscillations as compared to micro-sized particles. The time to reach
the steady state was also shorter and the heating surface
temperature was found to increase with nanoparticle concentra-
tions. The temperature difference between thewalls increasedwith
the volume fraction and reached 2.3 K for a w = 0.57% compared to
1.5 K for pure liquid. Hwang et al. [68] theoretically presented the
effects of the volume fraction, the size of nanofluids (Al2O3–water),
and the average temperature of nanofluids on natural convective
heat transfer characteristics in a rectangular cavity heated from the
bottom. The results were validated with Touloukian et al. [69]. The
results showed that as the volume fraction the of nanoparticles
increased, the size of the nanoparticles decreased, the average
temperature of nanofluids increased and the ratio of the heat
transfer coefficient of nanofluids to that of base fluid decreased.
Polidori et al. [70] investigated the natural convection heat transfer
of Newtonian nanofluids in a laminar flow region with g-Al2O3–
water nanofluids whose Newtonian behavior was experimentally
confirmed for w < 4%. The experimental investigations showed that
the addition of nanoparticles deteriorated the heat transfer
characteristics in the natural convective heat transfer region,
whereas, the theoretical models predicted otherwise.
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4.2.1. Inferences from natural convection heat transfer experimental

studies

Based on the limited experimental studies and contradictory
results found innatural convectiveheat transfer ofnanofluids, a firm
conclusion cannot be drawn. However, the heat transfer enhance-
ment of nanofluids in natural convective conditions needs further
experimental and theoretical investigations, to exactly predict the
behavior of nanofluids.Many factors such as particle size, shape and
distribution, and the particle–fluid interactions should also be
considered as significant parameters in the heat transfer perfor-
mance of nanofluids in natural convective heat transfer.

4.3. Boiling heat transfer experiments with nanofluids

Boiling is an effective method of heat removal used in a variety
of phase change heat exchanger like boilers, evaporators, etc.
When the boiling occurs under a quiescent fluid condition, it is
referred to as nucleate boiling and under a forced-flow condition; it
is referred as forced convective boiling or convective vaporization.
The former depends of the microstructure and the active
nucleation cites (pits and crevices, Collier and Thome, [71] of
the heat surface and heat flux. Whereas, the latter depend on tube
dimension and mass flow rate. The nucleate boiling and its onset
depends wall superheat, surface characteristics, presence of
dissolved gas, the number of nucleation sites and frequency,

and the bubble growth rates. Critical heat flux in pool boiling is
peak heat flux under which a boiling surface can sustain nucleate
boiling. Reaching the CHF causes a transition from nucleate boiling
regime to film boiling regime, which undesirable and causes
temperature of the heated surface to reach the melting point.
Therefore, an enhanced CHF provides increase in the safety margin
of the thermal system and to design compact and efficient cooling
systems for electronic devices, nuclear and chemical reactors, air
conditioning, etc. Further, the invention of nanofluid has paved
way for investigation on improvising the heat transfer in a phase
change process. The boiling heat transfer characteristics are
broadly investigated with respect to enhancement, critical heat
flux and hysteresis. For instance, Chang and You [72] applied
micro-porous coat to increase the number of active sites and
enhanced the nucleate boiling heat transfer in a plain copper/FC-72
tube by 330% and increased CHF by 100%.

Pool boiling heat transfer using nanofluids has been a subject of
many investigations and incoherent results have been reported in
literature regarding the same. In the past, experiments were
conducted in nucleate pool boiling with varying parameters such
as particle size, concentration, surface roughness, etc. and the
results showing heat transfer enhancement, deterioration and
negligible effect were reported [73,74]. It has been found that
deterioration in heat transfer coefficient is mainly observed at
higher particle concentrations (4–16% by weight) and enhance-

Table 1
Summary of experimental investigations in convective heat transfer of nanofluids.

Author Base fluid Particle

material

Particle size Volume

fraction (vol.%)

Dimension Flow regime, Re Results and remarks

Pak and Cho. [39] Water gA12O3

TiO2

13nm

27nm

1–3

1–3

ID: 1.066cm

Length: 480 cm

S.S. tube

Re=104–105

(turbulent flow)

Nu increased with increase in w
and Re

Eastman et al. [47] Water CuO <100nm 0.9 – (Turbulent flow

conditions)

HTC increased by >15% compared

with pure water.

Wen and Ding [48] Water gA12O3 26–56nm 0.6, 1, 1.6 ID: 4.5mm

Length: 970mm

Copper tube

Re=500–2100

(laminar flow)

For w=1.6%, the HTC is 41%

higher than the base fluid

Heris et al. [49] Water A12O3

CuO

20nm

50–60nm

0.2–3.0

0.2–3.0

ID: 6mm

Copper tube

Re=650–2050

(laminar flow)

HTC was high when w increases

for A12O3, Nu is high

Esfahany etal. [50] Water gAl2O3 20nm 0.2, 0.5, 1,

1.5, 2, 2.5

ID: 6mm

Length: 1m

Copper tube

Re=700–2050

(laminar flow)

HTC ratio increases with w and

22% increase with Pe

Lai et al. [51] Water A12O3 20nm 0–1% ID: 1mm

S.S. tube

Re<270 Nu enhancement of 8% for

w=1%. A12O3 nanofluid at Re=270

Jung et al. [52] Water A12O3 l0nm 0.5–1.8% Rectangular

microchannel

(50mm�50mm)

5<Re<300 Conv. HTC increased by 32%

for w=1.8%. Nu increases with Re

Williams et al. [53] Water ZrO2 46nm

60nm

0.9–3.6

0.2–0.9

OD: 1.27 cm

Thick. = 1.65mm

S.S. tube

9000<Re<63,000

(turbulent flow)

Considerable heat transfer

enhancement is observed

Xuan and Li [57] Water Cu <100nm 0.3, 0.5, 0.8,

1, 1.2, 1.5, 2

ID: 10mm

Length: 800mm

Brass tube

Re=10,000–25,000

(turbulent flow)

Conv. HTC increases with increase

in w and flow velocity

Xuan and Li [58] Water Cu 26nm 0.5, 1, 1.5, 2 Hydraulic

diameter =1.29mm

Re=200–2000

(Laminar flow)

Nu of nanofluid with w=2% is

39% more than pure water

Zhou [59] Acetone Cu 80–100nm 0.0–4.0 g/1 ID: 16mm

Length: 200mm

Copper tube

– Conv. HTC increases with addition

of Cu nanoparticles

Xuan and Li [60] Water Cu 26nm 0.5, 1, 1.5, 2 ID: 10mm

Length: 800mm

Brass tube

Re=1000–4000

(laminar and

turbulent flow)

Nu ratio varied from 1.06 to

1.39 when w increases from 0.5 to 2%

Faulkner et al. [61] Water CNT <100nm 1.1, 2.2, 4.4 Hydraulic

diameter =355mm

Re=2–17

(laminar flow)

HTC was found to be high at

higher concentrations

Yang et al. [62] Oil Graphite 20–40nm 0.7–1.0 ID: 4.57mm

Smooth tube

Re=5<110

(laminar flow)

HTC was 22% higher at 50 8C and

15% higher at 70 8C for 2.5wt%.

Ding et al. [63] Water MWCNT 100nm 0.1–1.0wt% ID: 4.5mm

Length: 970mm

Copper tube

Re=800–1200

(laminar flow)

350% enhancement was found

for 0.5wt% at Re=800

Yulong et al. [64] Ethylene

glycol

TiO2

CNT

– – – – Conv. HTC increases with w and Re
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ments mainly at lower particle concentrations (0.32–1.25% by
weight). Moreover, the relative size of the particle with respect to
the surface roughness of the heating surface seems to play an
important role in understanding the boiling behavior.

Yang and Maa [75] performed pool boiling experiments with
Al2O3–water (g = 50, 300 nm, 1 mm) and found that pool boiling
performance is greatly improved for w = 0.1–0.5% in nucleate pool
boiling regime. However, micron sized particle suspensions are
known to cause problems of erosion and clogging. Das et al. [76]
who investigated nucleate pool boiling characteristics of Al2O3–
water (g = 20–50 nm; w = 4–16%) using cartridge heater and found
that the nanoparticles sediment on the heater at higher
concentration, and deteriorating the boiling performance.

Das et al. [77] showed that pool boiling of nanofluids on narrow
horizontal tubes (4 and 6.5 mm diameter. It was found that at this
range of narrow tubes the deterioration rate boiling performance
with nanofluids is less compared to large industrial tubes, which
make it less inclined to local overheating in convective applications
because of the relatively small size of the tube.

Bang and Chang [78,79] studied pool-boiling characteristics of
Al2O3–water nanofluids with (w = 4–16%) concentration at high
heat flux condition. It was observed that the boiling characteristics
of nanofluids deteriorated with high concentration similar to Das
et al. [76] but the rate of heat transfer was different due to the
difference in geometrical features of the heaters in the two studies.

Wen and Ding [80] studied pool boiling heat transfer using
spherical Al2O3–water (g = 10–50 nm). The results were quite
different from the earlier studies. It was observed that the pure
water results matchedwith the Rohsenow correlation and the heat
transfer with nanofluids showed an enhancement in heat flux at
the same wall super heat and this enhancement increased with
particle volume fraction. It was also observed 40% increase in heat
transfer coefficient between nanofluids and pure water. Also, the
enhancement was with just 1.25 wt% of particles, which is about
0.3% by volume. Hence, the study concluded saying that this
increase is much more than the measured value of thermal
conductivity enhancement and hence the boiling enhancement
cannot be explained by conductivity enhancement alone.

You et al. [81] performed experiments with alumina-water
nanofluids of very small solid particle concentrations (0.0001–
0.005% by weight) on a 10 mm square heater in sub-atmospheric
conditions and found no significant change in nucleate pool
boiling. Vasallo et al. [82] conducted experiments with SiO2–water
nanofluids (g = 15–50 nm; w = 2%) on a NiCr wire heater and found
no significant change in the boiling performance at low and
medium heat fluxes. But at heat fluxes near to CHF of water, it was
observed that there is boiling deterioration for the 50 nm
nanofluid. Similar increase in CHF is observed in many references
(You et al. [81]; Bang and Chang [78,79]; Kim et al. [83,84];
Milanova et al. [85] Jackson et al. [86]).

Witharana [87] carried out experiments using Au–water
nanofluids of very low solid particle concentrations (0.001% by
weight) on plate heater. An enhancement of 11–21% in heat
transfer coefficient was found. With increasing particle concen-
tration the percentage enhancement in heat transfer coefficient
also increased.

Nguyen et al. [88] showed enhancement of boiling heat transfer
using Al2O3–nanofluids (g = 47 nm) under atmospheric pressure,
at various particle concentrations. The critical heat flux had
considerably decreased with the augmentation of particle con-
centrations. For distilled water, the value of CHF was 1192 kW/m2

which was quite close to that predicted by using the modified
Zuber formula. The corresponding values for nanofluids of 0.5, 1
and 2% concentration were 744, 690, and 422 kW/m2. Thus, the
decrease of maximum heat flux was nearly 65% for 2% nanofluid as
compared to distilled water.

Jung et al. [89] measured nucleate boiling heat transfer data of
eight halocarbon refrigerants and made a specific correlation for
halocarbon refrigerants based on the observed data. Test results
showed that nucleate boilingHTCs of these halocarbon refrigerants
were increased with the addition of CNTs. Especially, heat transfer
was enhanced up to 36.6% at low heat flux. As the heat flux
increased, the heat transfer enhancement with CNTs decreased.
The developed correlation agreed best with these halocarbon
refrigerants.

Tu et al. [90] carried out pool boiling experiments using Al2O3–
water nanofluids on a 26 mm � 40 mm rectangular surface at the
atmospheric pressure and an enhancement of heat transfer of 64%
was recorded. Zhou [91] investigated experimentally the heat
transfer characteristics of Cu–acetone based nanofluids with and
without acoustic cavitation and showed that the copper nano-
particles and acoustic cavitation had significant influence on heat
transfer in the fluid. The addition of nanoparticles did not affect the
dependence of the heat transfer on acoustic cavitation and fluid
sub-cooling. In an acoustic field, the boiling heat transfer of
nanofluids was enhanced and the boiling hysteresis disappeared.

Park and Jung [92] conducted a study on nucleate boiling heat
transfer coefficients of R123 and R134a, on a 152.0 mm long
horizontal plain tube of 19.0 mm outside diameter with and
without 1.0 vol.% of carbon nanotubes. The addition of CNTs
resulted in heat transfer enhancement at low heat flux was up to
36.6%. Further, unlike conventional nanoparticles, no fouling was
observed on the surface with CNTs.

Park and Jung [93] investigated pool boiling of CNT-R22 and
CNT–water (w = 1.0%) of CNTs and showed that CNTs increase
boiling heat transfer coefficients of these fluids up to 28.7%. With
increasing heat flux, however, the enhancement was suppressed
due to vigorous bubble generation. Penetration into the thermal
boundary layer by CNTs to generate more bubbles at the surface
seemed to be the key element in the improvement of nucleate
boiling heat transfer associated with the use of CNTs.

4.3.1. Inferences from boiling heat transfer experimental studies

The observations based on the studies of boiling heat transfer of
nanofluids shows that the boiling performance is inversely
proportional to nanoparticle concentration. However, Wen and
Ding [80] have reported a trend contradictory to this. As far as the
effect of nanoparticles on the boiling heat transfer performance is
concerned, conflicting results were observed from these limited
data. The inconsistencies indicate that the understanding of the
thermal behavior of nanofluids related to the boiling heat transfer
is still poor. The pool boiling is affected by the surface properties
such as surface roughness, surface wettability, and surface
contamination. In the reviewed studies, only the surface roughness
is themost often considered parameter. Also no study on boiling of
metallic nanofluids or flow boiling of nanofluids is available.
Further, detailed investigations are necessary to understand the
phenomena of boiling of nanofluids and the influence on the above
factors.

5. Mathematical modeling

5.1. Theoretical investigations for convective heat transfer of

nanofluids

The mixture of nanoparticles and base fluid is a multiphase
problem and thus, could be approximated as either a homogeneous
fluid or heterogeneous mixture. In the case of a homogeneous
approach, because of the size of the nanoparticles, it has been
suggested that these particles may easily be fluidized and
consequently, can be considered to behave more like a single
phase fluid. Further, by assuming a negligible motion slip between
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the particles and the thermal equilibrium conditions, the nanofluid
could be considered as a conventional single-phase fluid with
averaged physical properties of individual phases [39,94]. How-
ever, because the effective properties of the nanofluids are not
known precisely, the numerical predictions of this approach are
not in good agreement with the experimental results. Choi et al.
[95] first adopted a homogeneous model and used the conven-
tional heat transport equations for pure fluids, such as the Dittus–
Boelter correlation, to the nanofluids. In the case of a hetero-
geneous approach (two-phase), factors such as gravity, friction
between the phases, Brownian diffusion, sedimentation, and
dispersion are included in the flowmodel. The two-phase approach
provides the possibility of understanding the functions of both the
fluid phase and the solid particles in the heat transfer process, and
provides a field description of both the phases.

Xuan and Roetzel [96] proposed a two-phase thermal disper-
sion model and assumed that the convective heat transfer
enhancement in nanofluids comes from two factors, (i) higher
thermal conductivity, and (ii) the thermal dispersion of the
nanoparticles. In this approach, the effect of the nanoparticle/base
fluid relative velocity and temperature are treated as a perturba-
tion of the energy equation. The thermal dispersion coefficient was
introduced to describe the heat transfer enhancement. Khanafer
et al. [97] investigated the heat transfer enhancement in a two-
dimensional enclosure utilizing the nanofluid. The effective
thermal conductivity was taken as the sum of the mixture thermal
conductivity evaluated from the conventional theory and a
dispersion thermal conductivity. It was observed that in any of
the numerical studies in convection, the effect of temperature on
thermal conductivity was not considered. However, the effect of
temperature on the thermal conductivity of nanofluids was proved
significant from studies made by Das et al. [98].

Buongiorno [99] developed an alternative model that elim-
inates the shortcomings of the homogeneous and dispersion
models. The homogeneous flow models are in conflict with the
experimental observation and the pure-fluid correlations under-
predict the heat transfer coefficient. In this model, a detailed
analysis of convective transport with seven slip conditions
between particles and fluid were considered, for explaining the
enhancement of heat transfer with nanofluids. In these mechan-
isms the Brownian diffusion and thermophoresis were the two
most important nanoparticles/base fluid slip mechanisms. Con-
vective heat transfer enhancementwas obtainedwith a decrease in
viscosity and consequent thinning of the laminar sub-layer. It was
observed that the radial distribution of the particle concentration
(more concentration at the core than the walls) brought about by
thermophoresismake the temperature profile flatten, thus giving a
higher heat transfer coefficient and finally, a new correlation was
developed to predict the enhanced heat transfer coefficient of
nanofluids.

Behzadmehr et al. [100] applied a two-phase mixture model to
study the heat transfer of nanofluids (Cu–water; w = 1%) for forced
turbulent convection in a uniformly heated tube. The Nusselt
number increased by more than 15%, was proportional to the
Reynolds number and resulted in a more uniform velocity profile.
The frictional coefficient decreased as the Reynolds number
increased when compared with that of pure fluid. Finally,
increasing particle concentration caused the Nusselt number to
increase and thus, the convective heat transfer coefficient.

Maı̈ga et al. [101] modeled the forced convection flow of a
nanofluid (gAl2O3 with water and ethylene glycol) in a straight
tube of circular cross-section. A single-phase flow was assumed to
derive the governing equations to calculate the heat transfer
enhancement by the nanofluids in the laminar flow as well as the
turbulent flow regime,with nanofluid concentrations ranging from
0 to 10%. For laminar flow, the results indicated an increase in the

heat transfer rate, particularly at the walls, with the augmentation
of w (for w = 10%, the product rcp and thermal conductivity, k
increased by �18 and �33%, respectively). The heat transfer
coefficient ratio hr also increases with particle loading and
particularly at the tube end (by nearly 60%). Further, averaged
heat transfer enhancement was clearly more pronounced for the
gAl2O3–ethylene glycol than for the gAl2O3–water nanofluid for
w > 3% (identical otherwise). The wall shear stress was found to
increase considerably with the particle volume fraction and along
the tube length. For the turbulent flow regime, the heat transfer
coefficient increased steeply for a very short distance from the inlet
section. The properties hr and tr varied in a similarmanner as in the
previous case.

Roy et al. [102] modeled the hydrodynamic and thermal fields
of a gAl2O3–water nanofluid (w = 1–10%) in a radial laminar flow
cooling system. Considerable increases in the wall shear stress
were predicted on account of the increase in the fluid viscosity (a
maximum of 2.5-fold increase for w = 5%). Overall, the study
indicated that considerable heat transfer enhancement was
possible and a maximum increase of twice the value of the base
fluid in the case of w = 10%. Ding and Wen [103] modeled the
effects of particle migration in pressure driven laminar flows of
nanofluids and predicted the particle concentration and velocity
field of nanofluids; in the transverse plane of the pipe by taking
into account the effects of the shear induced and viscosity gradient
induced particle vibrations as well as self-diffusion due to the
Brownian motion. Two approaches were used, one was based on
mass conservation law for the dispersed phase and the other on the
momentum balance of the particle phase. The results indicate that
the Peclet number increased rapidly with increasing particle size
and Reynolds number. The Brownian motion had a significant
effect on the particle migration of nanofluids and became
important at Peclet numbers less than 10. At the limit of zero
Peclet number, the particle concentration is uniform. Further, the
smaller the particle size, the more uniform the distribution of
particles in the transverse plane. The existence of an optimal
particle size at which the thermal conductivity was enhanced with
little penalty due to pressure drop is suggested.

Palm et al. [104] numerically investigated the enhanced heat
transfer capabilities of Al2O3–water (g = 38 nm; w = 1–4%) in a
radial laminar flow cooling system and used temperature-
dependant nanofluid properties. The experimental results
obtained using the single-phase approach indicated that property
fluctuations are noticed near the injection inlet. Lower viscosities
at higher temperature, decrease in wall shear stress for increase in
wall heat flux and greater wall heat transfer rates were shown
when compared to predictions using constant properties.

Kim et al. [105] theoretically investigated the Thermo-diffusion
(Soret effect) and diffusion thermo (Dufour effect) effects on
convective instabilities in binary nanofluids (the base-fluid is a
binary mixture). Data from silver and copper nanofluids studies
were used in this investigation, which showed that the particles
caused a unique convective motion in binary nanofluids. The heat
transfer enhancement by the Soret effect in binary nanofluids is
more significant than that in mono-nanofluids. Further, the heat
transfer coefficient of silver nanofluids was higher than that of
copper, owing to the higher thermal conductivity of silver. Studies
predicted that the Soret and Dufour diffusionsmake the nanofluids
unstable and this was more profound for denser nanofluids.
Further, the convective motion in nanofluids sets easily in both the
effects as the concentration increased.

Mansour et al. [106] investigated the effect of the Hamilton–
Crosser model and the Modified Maxwell model, to predict
nanofluid (gAl2O3–water; w = 1–10%) physical properties, on their
thermal and hydrodynamic performance for both fully developed
laminar and turbulent forced convection in a tube with uniform
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heat flux at the wall. Two models gave substantially different
results for thermal conductivity, specific heat and viscosity, and
the differencesweremore profound for higher particle loading. The
expressions failed to account for the size disparity between the
nanoparticles. The two models revealed in very different predic-
tions and it was not possible to ascertain which was accurate. The
study illustrated that the operational conditions or the design
parameters varied significantly with the thermo-physical proper-
ties of the nanofluid.

Prakash and Giannelis [107] calculated the thermal conductiv-
ity of nanofluids (Al2O3–water and ethylene glycol) using
temperature and concentration dependent viscosity relations.
The temperature profile was obtained using the Gaussian fit to the
available experimental data. The micro-convection of the alumina

nanoparticle (g < 100 nm)was included through the Reynolds and
Prandtl numbers. The model was further improved by explicitly
incorporating the thermal conductivity of the nano-layer sur-
rounding the nanoparticles. The results indicated that the thermal
conductivity ratio depends on both the temperature variation in
viscosity and the Brownian motion. However, the thermal
conductivity was more sensitive to the Reynolds number than
to the Prandtl number. As a result, there is net enhancement in
thermal conductivity as the temperature was increased. Studies
showed that a cylindrical-shaped particle leads to much higher
thermal transport than a spherical-shaped particle.

Li and Peterson [108] simulated the mixing effect of the base
fluid with nanoparticles caused by the Brownian motion; they
modeled and compared it with the existing experimental data
available in the literature. The mixing effect predicted a significant
influence on the effective thermal conductivity of nanofluids.

5.2. Inferences from theoretical studies with nanofluids

The observations based on the reviewed literature for
theoretical studies in the convective heat transfer of nanofluids
clearly shows, that the models developed by the various
researchers have been satisfactory only under very stringent
conditions. However, a generalized theoretical model should be
developed by considering all the factors such as inertia, thermo-
phoresis, Brownion motion, and gravity which influences the heat
transfer characteristics and the behavior of nanofluids under
convective heat transfer conditions. The correlations based on the
experimental data for finding the Nusselt number of nanofluids

Table 2
Existing convective heat transfer correlations for nanofluids.

Reference Correlation

Pak and Cho [39] Nu=0.021Re0 8Pr0.5

Xuan and Li [57] Nu ¼ 0:4328ð1:0þ 11:285’0:754Pe0:218p ÞRe0:333nf Pr0:4nf

for laminar flow

Nu ¼ 0:0059ð1:0þ 7:6286’0:6886Pe0:001p ÞRe0:9238nf

for turbulent flow

Maiga et al. [65] Nu=0.86Re0 55Pr0.5 for constant wall heat flux

Nu=0.86Re0.35Pr0.36 for constant temperature

Buongiorno [40,99] Nub ¼ ð f=8ÞðRe�1000ÞPr
1þdþv

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ð f=8ÞðPr2=3v �1Þ

p
Maı̈ga et al. [118] Nu=0.085Re0 71Pr0.35 for fully developed (fd)

turbulent flow

Table 3
Summary of theoretical investigations in convective heat transfer of nanofluids.

Author Theoretical investigations Approach Results and remarks

Xuan and Li [28] Theoretical heat transfer characteristics of

transformer oil–Cu and water–Cu nanofluids

Single phase fluid approach The heat transfer coefficient improved

dramatically with decrease in particle size and

not only due to thermal conductivity increase

Xuan and Roetzel [96] Heat transfer of nanofluids 1. Single phase fluid approach

2. Dispersion model approach

Suspended particles increase the thermal

conductivity. Chaotic movement of ultrafine

particles and the thermal dispersion accelerates

the energy exchange process

Buongiorno [40,99] Convective transport in nanofluids Two-component non-

homogeneous equilibrium

model

Brownian diffusion and thermophoresis are the

two most important nanoparticles/basefluid

slip mechanisms

Behzadmehr et al. [100] Turbulent forced convection flow in a

uniformly heated tube

Two phase mixture model HTC increases with w and Re. Higher Re resulted

more uniform velocity profile

Maiga et al. [101] Forced convection flow of nanofluid

(water/Al2O3 and ethylene glycol/Al2O3)

in a circular tube

Single phase fluid approach 60% enhancement in HTC was found and

turbulent flow enhancement increases with Re

Roy et al. [102] Hydrodynamic and thermal flow fields

of water/Al2O3 nanofluid in a radial

laminar flow cooling system

Two fold increase in heat transfer coefficient

was observed along with wall shear stress and

particle concentration

Ding and Wen [103] Effects of particle migration in laminar

flows of nanofluids

Mass conservation laws and

momentum balance

Shear induced migration, viscosity gradient

migration and self-diffusion. Highly non-uniform

thermal conductivity profile obtained

Palm et al. [104] Heat transfer capabilities and

temperature-dependant properties of

nanofluids in radial flow cooling systems

Single phase fluid approach Temperature dependent properties lead to

greater heat transfer performance with the

decrease in wall shear stresses

Kim et al. [105] Thermo diffusion (Soret effect), diffusion

thermo (Dufour effect) effects in binary

nanofluids

One fluid model As the Soret and Dufour effects and w
increases the convective motion sets in easily

Mansour et al. [106] Thermal and hydrodynamic performance

for both laminar and turbulent forced

convection in a tube with uniform heat

flux at the wall

Single phase fluid approach Both the models predicted increased HTC

with particle concentration

Prakash and Giannelis [107] Thermal conductivity of Al2O3 nanofluids

using temperature and concentration

dependent viscosity

Dependence of the thermal conductivity

on the size of the nanoparticle, temperature

viscosity and particle concentration

Maı̈ga et al. [118] Forced convection flow of nanofluid

(water/Al2O3 and ethylene glycol/Al2O3)

in a circular tube and radial channel

between a pair of parallel coaxial discs

Single phase fluid approach HTC increased by 63 and 45%. Increased

heat transfer and dynamic viscosity

resulted in increased wall shear stress

with partial loading
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from laminar to turbulent regions reported in the published
literature are presented in Tables 2 and 3 gives a summary of the
various theoretical investigations in the convective heat transfer of
nanofluids.

6. Applications

6.1. Micro-channels

The micro-channel heat sink (MCHS) has the capability to
dissipate large amounts of heat from a small area with a very high
heat transfer coefficient and less fluid inventory. Using nanofluids as
a coolant in the MCHS could further improve its performance. Chein
and Huang [109] analyzed the performance of the MCHS (silicon
channel of 100mm� 300mm dimension) using a Cu–water
nanofluid with w = 0.3–2%. The Nusselt number increased signifi-
cantly with an increase in Re and w. The maximum reduction in
thermal resistance as compared topurewaterwas found tobe15%at
w = 2%andpower = 3W.Theadditional reduction inRth is clearlydue
to thermal dispersion. With regard to pressure drop, no significant
differences existed between the nanofluid and water flows.

Jang and Choi [110] numerically investigated the cooling
performance of a silicon micro-channel heat sink under forced
convective flow with nanofluid (Cu–water; g = 6 nm and dia-
mond–water; g = 2 nm particle size) for w = 1%. The nanofluids
reduced the thermal resistance of the heat sink and enhanced the
cooling performance by 10 and 4%, respectively. Further, the
potential of employing amicro-channel heat sinkwith nanofluid to
remove ultra high heat flux as much as 1350W/cm2 when the
difference between the junction temperature and inlet coolant
temperature is 80oC, was demonstrated.

Chein and Chuang [111] used a nanofluid (CuO–water,
w = 0.204, 0.256, 0.294 and 0.4%) with 80 nm long and 20 nm
wide particles. The energy absorbed by the nanofluid was greater
than that absorbed by water and was found to increase with the
increase in particle volume fraction. A large temperature difference
between theMCHS inlet and outlet was obtained at a lowflow rate.
Thermal resistance was found to reduce with an increase in the
flow rate. Although the nanofluids had higher viscosity, only a
marginal increase (around 5%) in the pressure drop across the
MCHS was reported.

Koo and Kleinstreuer [112] simulated and analyzed the
conduction-convection heat transfer of nanofluid (CuO–water and
ethylene glycol, g = 20 nm) in a micro-channel (300mm � 50mm).
The newmodel incorporated static and Brownian heat transfer, and
hence the thermal conductivity and dynamic viscosity were
suggested to be keff = kstatic + kBrownian and meff =mstatic +mBrownian.
TheNusseltnumber forethyleneglycolbasednanofluidswasalways
higher than for water based ones, due to stronger thermal flow
development effects. Moreover, the viscous dissipation effect was
found to affect only ethylene glycol based nanofluids and wasmore
important for flows through very narrow channels.

Nguyen et al. [113] investigated the heat transfer enhancement
of Al2O3–water (g = 36 and 47 nm) in the cooling systems of
microprocessors and electronic components. The inclusion of
nanoparticles in distilled water produced a considerable enhance-
ment convective heat transfer coefficient (around 40% for w = 6.8%)
and a clear decrease of the heated component temperature was
recorded. In addition, smaller nanoparticles were found to produce
greater enhancement in the heat transfer coefficient.

6.2. Heat pipes

Chien et al. [114] studied heat transfer in a disk-shaped
miniature heat pipe (DMHP) using nanofluid (Au–DI water; w = 18,
37 and 55%; g = 17 nm). The average decrease of 40% in thermal

resistance was achieved as compared to that of pure DI water. Tsai
et al. [115] studied a heat pipe using the Au–DI water nanofluid
(g = 8–43.7 nm) and a 37% lower thermal resistance was achieved
(at g = 21.3 nm) when compared to that of DI–water. Smaller
nanoparticles have greater reduction in thermal resistance in
conditions of equal aggregation. A major reduction in thermal
resistance is from the evaporator section to the adiabatic section (a
maximum of 56% reduction), which is attributed to the bombard-
ment of vapor bubbles by the nanoparticles.

Kang et al. [116] investigated heat transfer in a grooved heat
pipe using Ag–water and Ag–DI water (g = 10–35 nm) with
particle concentrations ranging from 1 to 100 mg/l. The results
indicated that after adding a small amount of silver nanoparticles
in pure water, the heat pipe wall temperature became lower than
that of pipes filled only with pure water. As more nanoparticles
became dispersed in the working fluid, the heat pipe wall
temperature increase became smaller. The maximum reduction
in thermal resistance of a heat pipe containing g = 10 nm was 52%
lower, while that containing g = 35 nmwas 81% lower than that of
DI–water. The enhancement of heat pipe performance was
attributed to the increase in effective liquid conductance that
flattens the temperature of the fluid.

Ma et al. [117] studied the nanofluid (diamond–water; w = 1%)
behavior in an oscillating heat pipe (OHP) and thus developed an
ultrahigh performance cooling device, called the nanofluid
oscillating heat pipe in whichwhen the input powerwas increased
to the highest value, the temperature difference between the
evaporator and the condenser for the nanofluid OHP was less than
that for the OHP with only pure water.

7. Outlook and future challenges

Many interesting properties of nanofluids have been reported in
the review. In the previous studies, thermal conductivity has
received the maximum attention, but many researchers have
recently initiated studies on other heat transfer properties. The use
of nanofluids in a wide variety of applications appears promising.
But the development of the field is hindered by (i) lack of
agreement of results obtained by different researchers; (ii) poor
characterization of suspensions; (iii) lack of theoretical under-
standing of the mechanisms responsible for changes in properties.
Therefore, this article concludes by outlining several important
issues that should receive greater attention in the near future.
Experimental studies in the convective heat transfer of nanofluids
are needed. Many issues, such as thermal conductivity, the
Brownian motion of particles, particle migration, and thermo-
physical property change with temperature, must be carefully
considered with convective heat transfer in nanofluids. Though, all
the convective studies have been performedwith oxide particles in
high concentrations, (for example Pak and Cho [39] used 10 vol.% of
Al2O3 which increased the viscosity and pumping power of the
fluid), it is interesting to know the energy transport in low-
concentration (<1 vol.%) nanofluids with metallic particles, since
the thermal conductivity of pure metallic nanoparticles is more
than 100 times higher than that of the oxide nanoparticles. Future
convective studies must be performed with metallic nanoparticles
with different geometries and concentrations to consider heat
transfer enhancement in laminar, transition and turbulence
regions. The use of nanofluids in heat pipes has shown enhance-
ment in performance and considerable reduction in thermal
resistance. However, recent studies indicate particle aggregation
and deposition in micro-channel heat sinks. Further study is
required in these areas to identify the reasons for and the effects of
particle deposition. Finally, there appears to be hardly any research
in the use of nanofluids as refrigerants. Nanoparticle-refrigerant
dispersions in two-phase heat transfer applications can be studied
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to explore the possibility of improving the heat transfer
characteristics of evaporators and condensers used in refrigeration
and air-conditioning appliances. Applied research in nanofluids
which will define their future in the field of heat transfer is
expected to grow at a faster pace in the near future.

8. Conclusion

The present review is a comprehensive outlook on the research
progress made in the convective heat transfer characteristics of
nanofluids. The salient feature that can be drawn from the reviewed
literature is thatnanofluids are anewclass ofheat transferfluids and
show greater promise for use in cooling and related technologies.
From the observed results it is clearly seen, that nanofluids have
greater potential for heat transfer enhancement and are highly
suited to application in practical heat transfer processes. This offers
an opportunity for engineers to develop highly compact and
effective heat transfer equipment. Several published articles show
that the heat transfer coefficient of nanofluids is much higher than
that of the common-base fluid and gives little or no penalty in
pressuredrop. Themain reason for theheat transfer enhancementof
nanofluids is that the suspended nanoparticles increase the thermal
conductivity of the fluids, and the chaotic movement of ultrafine
particles increases fluctuation and turbulence of the fluids, which
accelerates the energy exchange process. Convective heat transfer is
enhanced by increasing the particle concentration and the Reynolds
number. Besides, the experimental data available for convective
heat transfer in laminar, transition and turbulence regions are
limited and insufficient to exactly predict the trend for heat transfer
enhancement. Furthermore, only very few correlations are available
to exactly predict the heat transfer performance of nanofluids, and
correlations which include the effect of volume fraction, particle
shape and particle size are nil to-date. Therefore, further research on
convective heat transfer of nanofluids, and more theoretical and
experimental research works are needed in order to clearly
understand and accurately predict their hydrodynamic and thermal
characteristics. The trends reported in literature on nucleate boiling
of nanofluids are conflicting and the results are contradicting. The
authorshave triedtoarriveatacommonreasoning for theseemingly
conflicting results. Also no study on boiling ofmetallic nanofluids or
flow boiling of nanofluids is available. Further work is required to
determine the effect of surface wettability on pool boiling of
nanofluids in the nucleate boiling regime especially for the low
concentration metallic nanoparticles.

Generally, many researchers indicated that nanofluids behave
like pure fluids because the suspended particles are ultrafine.
However, at present, no formulated advanced theory exists to
explain the behavior of nanofluids by considering them as multi-
component materials. Greater enhancement was observed when
nanofluidswere used in heat pipes and inmicro-channel heat sinks,
as well as other applications. Further, theoretical and experimental
research investigations are needed to comprehensively understand
the heat transfer mechanism in nanofluids for evolving new energy
efficient heat transfer fluids specific to applications.
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a b s t r a c t

This study presents the airside performance of the fin-and-tube heat exchangers having plain fin geom-
etry with a larger diameter tube (Dc = 15.88 mm) under dehumidifying condition. A total of nine samples
of heat exchangers subject to change of the number of tube row and fin pitch are made and tested. It is
found that the effect of fin pitch on the sensible j factor is, in general, diminished with the rise of tube
row. However, there is a unique characteristic of fin pitch at a shallow tube row, the heat transfer perfor-
mance is first increased at a wider pitch but a further increase of fin pitch lead to a falloff of heat transfer
performance due to interactions amid flow development and bypass flow. The influence of tube row on
the airside performance is rather small for both heat transfer and frictional characteristics at a fin pitch of
2.1 mm and when the Reynolds number is less than 4000. A slight deviation of this effect is encountered
when fin pitch is increased to 2.54 mm or 3.1 mm due to condensate adhered phenomena.

� 2009 Elsevier Ltd. All rights reserved.

1. Introduction

Fin-and-tube heat exchangers are widely-used heat transfer de-
vices in applications like refrigeration and air conditioning sys-
tems. Its easier manufacturing, simpler construction, lower cost,
and relatively easy in maintenance makes it one of the most com-
monly used heat exchangers. They can be applicable to both heat-
ing and cooling. Once the cooling process takes place below dew
point temperature, condensate forms on the surface and result in
a complex heat and mass transfer interactions. The heat transfer
characteristics of fin-and-tube heat exchangers under this dehu-
midifying conditions had been studied by many researchers (e.g.
McQuiston [1,2], Beecheer and Fagan [3], Yan and Sheen [4], Mirth
and Ramadhyani [5,6], Wang et al. [7], Pirompugd et al. [8,9]). The
published literatures offer considerable test results of plain fin data
in wet condition.

However, the foregoing tests were conducted for typical heat
exchangers of small air-conditioners where nominal tube diame-
ters of 9.52, 7.94 or 7 mm were generally employed. In typical
applications like fan-coil or ventilator, exploitation of larger diam-
eter like 15.88 mm is also very common. Unfortunately, there is

very limited performance data of the fin-and-tube heat exchanger
with larger diameter tube in the open literature and is virtually no
data available in dehumidifying conditions. Hence, the objective of
the present study is to provide relevant performance data to the
database.

2. Experimental setup

The schematic diagram of the experimental air circuit assembly
is shown in Fig. 1. It consists of a closed-loop wind tunnel in which
air is circulated by a variable speed centrifugal fan (7.46 kW,
10 HP). The air duct is made of galvanized sheet steel and has an
850 mm � 550 mm cross-section. The dry-bulb and wet-bulb tem-
peratures of the inlet-air are controlled by an air-ventilator that
can provide a cooling capacity of up to 21.12 kW (6RT). The air
flow-rate measurement station is an outlet chamber set up with
multiple nozzles. This setup is based on the ASHRAE 41.2 standard
[10]. A differential pressure transducer is used to measure the
pressure difference across the nozzles. The air temperatures at
the inlet and exit zones across the sample heat exchangers are
measured by two psychrometric boxes based on the ASHRAE
41.1 standard [11].

The working medium for the tube side is cold water. A thermo-
statically controlled reservoir provides cold water at selected tem-
peratures. The temperature differences on the water side are
measured by two pre-calibrated RTDs. The water volumetric flow
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rate is measured by a magnetic flow meter with a ±0.001 L/s preci-
sion. All the temperature measuring probes are resistance temper-
ature devices (Pt100), with a calibrated accuracy of 0.05 �C. In
the experiments, only the data that satisfy the ASHRAE 33-78
[12] requirements (namely, the energy balance condition,
j _Qr � _Qaj= _Qavg , is less than 0.05, where _Qr is the water-side heat
transfer rate for and _Qa air-side heat transfer rate) are considered
in the final analysis. Detailed geometry used for the present plain
fin-and-tube heat exchangers is tabulated in Table 1. The test fin-
and-tube heat exchangers are tension wrapped having a ‘‘L” type
fin collar. The test conditions of the inlet-air are as follow:

Dry-bulb temperature of the air 27 ± 0.5 �C
Inlet relative humidity for the incoming air 50% and 80%
Inlet-air velocity From 1 to 4 m/s
Inlet-water temperature 7 ± 0.5 �C
Water velocity inside the tube 1.5–1.7 m/s

The test conditions approximate those encountered with typical
fan-coils and evaporators of air-conditioning applications. Uncer-
tainties reported in the present investigation, following the single-
sample analysis proposed by Moffat [13]. The maximum uncer-
tainty occurred at the smallest frontal velocity and is less than
±4.7% for reduction of the sensible heat transfer coefficient whereas
it is within ±6% for the frictional reduction.

3. Data reduction

Basically, the present reduction method is analogous to Threl-
keld’s approach [14]. Details of the reduction process can be found
from the previous studies by Wang et al. [7]. Notice that the Threl-
keld method is an enthalpy-based reduction method. A brief
description of the reduction of heat and mass transfer is given as
follows:

The overall heat transfer coefficient is related to the individual
heat transfer resistance (Myers, [15]) as follows;

Fig. 1. Schematic of the test apparatus.

Nomenclature

Ac minimum flow area, m2

Af fin surface area, m2

Ap,i inside surface area of tubes, m2

Ao total surface area, m2

b0p slope of the air saturation curved between the outside
and inside tube wall temperature, J kg�1 K�1

b0r slope of the air saturation curved between the mean
water temperature and the inside wall temperature,
J kg-1 K�1

b0w;f slope of the air saturation curved at the mean water film
temperature of fin surface, J kg�1 K�1

b0w;p slope of the air saturation curved at the mean water film
temperature of tube surface, J kg�1 K�1

Cp,a moist air specific heat at constant pressure, J kg�1 K�1

Dc collar diameter, m
Dh hydraulic diameter, m
f Fanning friction factor
Fp fin pitch, m
Gc maximum mass flux at minimum flow area, kg m�2 s�1

hc,o sensible heat transfer coefficient, W m�2 K�1

hi inside heat transfer coefficient, W m�2 K�1

j Colburn j factor

kp thermal conductivity of tube, W m�1 K�1

L streamwise duct length, m
N number of tube row
Pl longitudinal tube pitch, m
Pt transverse tube pitch, m
Pr Prandtl number of air
DP pressure drop, Pa
_Qa air side heat transfer rate, W
_Qavg average heat transfer rate, W
_Qr water side heat transfer rate, W
ReDc air side Reynolds number based on the collar diameter
ReDh Reynolds number based on hydraulic diameter
RHin inlet relative humidity
Uo,w wet surface overall heat transfer coefficient, based on

enthalpy difference, kg m�2 s�1

xp wall thickness, m
xþ inverse Graetz number
r contraction ratio
gf ;wet fully wet fin efficiency
q air density, kg m�3

df fin thickness, m
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1
Uo;w

¼ b0
rAo

hiAp;i
þ b0

pxpAo

kpAp;m
þ 1

ho;w
Ap;o

b0w;pAo
þ Af gf ;wet

b0w;mAo

� � ð1Þ

where

ho;w ¼ 1
Cp;a

b0w;mhc;o

ð2Þ

The tube-side heat transfer coefficient, hi, is evaluated from the Gni-
elinski correlation. The four quantities (b0

w;m; b0
w;p; b0

p; and b0
r) in Eq.

(1) involving enthalpy–temperature ratios must be evaluated in

Table 1
Detailed geometric parameters of the test samples.

No. Fin type Fp (mm) df (mm) Dc (mm) Pt (mm) Pl (mm) N, row

1 Plain 2.12 0.12 16.68 38.1 33 2
2 Plain 2.54 0.12 16.68 38.1 33 2
3 Plain 3.17 0.12 16.68 38.1 33 2
4 Plain 2.06 0.12 16.68 38.1 33 4
5 Plain 2.54 0.12 16.68 38.1 33 4
6 Plain 3.13 0.12 16.68 38.1 33 4
7 Plain 2.12 0.12 16.68 38.1 33 8
8 Plain 2.54 0.12 16.68 38.1 33 8
9 Plain 3.17 0.12 16.68 38.1 33 8
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Fig. 2. Effect of fin pitch on heat transfer and friction characteristics (a) N = 2; (b) N = 4 and (c) N = 8 (RH = 80%).
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advance. A detailed evaluation of these four terms can be found
from Wang et al. [7]. The heat transfer performance is in terms of
the Colburn j factor, i.e,

j ¼ hc;o

GcCp;a
Pr2=3 ð3Þ

The reduction of the friction factor of the heat exchanger is evaluated
fromthepressuredropequationproposedbyKaysandLondon [16]as

f ¼ Ac

Ao

qi

qm

2qiDP

G2
c

� ð1þ r2Þ qi

qo
� 1

� �" #
ð4Þ

Related explanation and calculation of the terminology can be seen
from Wang et al. [7].

4. Results and discussion

A typical result concerning the effect of fin pitch on the airside
performance for RH = 80% is schematically shown in Fig. 2. The cor-
responding tube rows are 2, 4, and 8, respectively. As expected, the
friction factors and the sensible j factors decrease with increase of
the Reynolds number. The effect of fin pitch on the sensible j factor
is, in general, diminished with the rise of tube row. This is because
more tube rows provide significantly mixing, thereby leading to a
hardly detectable difference of j factor as the row number is in-
creased to 8. However, there is a unique feature of the j factor for
N = 2. The j factor shows appreciable increase when the fin pitch
is increased from 2.12 mm to 2.54 mm, and a further rise to
Fp = 3.15 mm yields a detectable drop of heat transfer performance.
In fact it falls back to that of Fp = 2.12 mm. The special phenome-
non is actually related to the developing characteristics of thermal
and flow field. For further illustration of this phenomenon, one can
examine the corresponding reciprocal of the inverse Graetz num-
ber xþ, which is defined as

xþ ¼ L=Dh

ReDh
Pr

ð5Þ

where L is the streamwise duct length and Pr is the Prandtl
number. The flow may be considered to be fully developed when
xþ > 0:1 [17]. In general, the heat transfer performance within
the heat exchanger is quite complex for it related to the interac-
tions amid tubes and fins. For a shallow row number like N = 2,
the effect of tube row is comparatively small, hence one can check
the associated influence of development of flow field within chan-
nels. A close examination of the present test samples of N = 2 using
Eq. (5) indicates that the contribution of development and fully
developed region are quite corresponding. In this regard, one can
realize the whole picture about the heat transfer performance sub-
ject to change of fin spacing as schematically shown in Fig. 3. For a
smaller fin pitch as shown in Fig. 3(a), the flow develops along the

Merge of boundary layer

(b) Medium fin spacing

(a) Small fin spacing

Merge of boundary layer

Bypass stream

(c) Large fin spacing

Fig. 3. Schematic of flow development alongside the fin channel: (a) small fin
spacing, (b) medium fin spacing and (c) large fin spacing.

Flow

Flow

a

b

Fig. 4. Schematic of secondary flow subject to vapor shear (a) large fin spacing and (b) small fin spacing.
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channel and merge accordingly somewhere alongside the channel,
resulting in a comparatively low heat transfer performance. A fur-
ther increase of fin spacing as seen in Fig. 3(b) will delay the con-
glomeration of boundary layer and increase the development
length which gives rise to an increase of heat transfer performance.
In the meantime, there will be no merge of boundary layer with a
further increase of fin spacing as seen in Fig. 3(c). The nascent sign
would suggest that the heat transfer performance will continue to
rise since there is no boundary layer conglomeration. However, as
clearly seen in Fig. 3(c), a bypass flow stream at the center region
will offset the heat transfer gain from the development. In this
sense, the heat transfer performance reveals a fallback when the
fin spacing is sufficient large. However, it must be emphasized that
this is applicable for shallow tube row where mixing caused by
tubes is not so intensive.

In the meantime, the corresponding influence of fin pitch on the
friction factor shows a slight scattering despite the variation is not
so prominent. However, one can still see a marginal increase of
friction factor for N = 8. The results are not in line with those in
dry condition. For heat exchangers under completely dry opera-
tion, Rich [18] concluded that the friction factors were essentially
independent of the number of tube row. The recent experimental
data having larger diameter tube by Liu et al. [19] also support this
finding. It is likely that the slight rise of friction factor with the fin
pitch is associated with the condensate drainage. For a better
understanding about the influence of condensate, Fig. 4(a) presents
a cartoon to demonstrate how the friction factor may be slightly in-
creased at a larger row number and a wider fin pitch. With a larger
fin pitch, the effective vapor shear inside the fin spacing is compar-
atively small, the condensate is therefore easier to accumulate and
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Fig. 5. Effect of the number of tube row on the heat transfer and friction characteristics: (a) Fp = 2.1 mm, (b) Fp = 2.54 mm and (c) Fp = 3.15 mm.
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hang upon the surface. As a result, it is prone to having a higher
frictional characteristic, yet the phenomenon may become more
pronounced as the number of tube row is increased. On the other
hand, the effect of vapor shear is reinforced at a smaller fin pitch
and the condensate is easier to be removed from the surface. As
a consequence, lower frictional performance is shown in Fig. 4(b)
as the effect of secondary flow is reduced. Notice that condensate
drainage within fin-and-tube heat exchanger is a very complex
phenomenon for it interacts with both fin and tube surfaces.

Results regarding to the influence of the number of tube row on
the airside performance are shown in Fig. 5. In general, the influence
of tube row becomes less conceived when the fin pitch is reduced to
2.1 mm. As can be seen from Fig. 5(a), for a Reynolds number less
than 4000, there is hardly any effect of the number of tube row on
both heat transfer and frictional performance. By contrast, the sen-
sible heat transfer j factors decrease with the rise of tube rowwhen
theReynoldsnumber is increased further. This is associatedwith the
condensate blow off. The condensate is easier to adhere to the fin
surface when the Reynolds number is low, resulting in a less influ-
ence of tube row. In the meantime, the adhered condensate may
be blown off the fin surfaces when vapor shear is increased. Con-
versely, this phenomenon is not so significantly seen when the fin
spacing is increased. This is because large condensate is prone to
suspending between fins whereas smaller condensate just rolls
alongside the fin, leading to this inconsistency.

5. Conclusion

This study presents the airside performance of the fin-and-tube
heat exchangers having plain fin geometry with a larger diameter
tube (Dc = 15.88 mm) under dehumidifying conditions. A total of
nine samples of heat exchangers subject to change of the number
of tube row and fin pitch are made and tested. Tests are conducted
in a wind tunnel at controlled environment. Major conclusions of
this study are summarized as follows:

(1) The effect of fin pitch on the sensible j factor is, in general,
diminished with the rise of tube row. However, there is a
distinct feature of the heat transfer performance occurring
at a shallow row number (N = 2). The heat transfer perfor-
mance is first increased when the fin pitch is increased from
2.12 mm to 2.54 mm, followed by a conceivable falloff if the
fin pitch is increased to 3.15 mm. This unique characteristic
is associated with the interaction between flow field devel-
opment and bypass flow.

(2) The effect of fin pitch on the friction factor is somehow
slightly scattering. There is a slight increase in friction factor
for a tube row of eight. This is especially observable when
the fin pitch is large. It is found that this phenomenon is
related to condensate retention.

(3) The influence of tube row on the airside performance is
rather small for both heat transfer and frictional characteris-
tics. However, there is a slight deviation of this effect when
fin pitch is increased to 2.54 mm or 3.1 mm. This is due to
the condensate blown off phenomenon.
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Two-phase flow approaching singularities such as abrupt expansions and sudden contractions is widely encountered in
typical industrial and heat exchanging devices. There have been some studies concerning this subject but they mostly are
applicable for larger channels. In this study, the first attempt is made to review the existing efforts concerning two-phase
flow across sudden expansions/contractions and to examine the applicability of the existing correlations with respect to the
recent data in small channels. The second part of this study presents some newly measured pressure drops and observed flow
patterns pertaining to some special flow phenomena by expansion/contraction. For an abrupt expansion, it is found that the
existing correlations all fail to provide a reasonably predictive capability against the newly collected data. Furthermore,
a unique flow pattern called “liquid jet-like flow pattern” occurs at a very low quality region of total mass flux of 100
kg·m−2·s−1, and it raises a setback phenomenon of pressure drop. By contrast, an appreciable increase of pressure difference
is seen when the liquid jet-like flow pattern is completely gone. A similar conclusion is drawn for the data of contractions. For
the correlations/predictive models, the homogeneous model gives satisfactory prediction for conventional macro-channels
but fails to do so when the channels become smaller. This is especially pronounced for a small-diameter tube with a Bond
number being less than 1, in which the effect of surface tension dominates.

INTRODUCTION

In recent years, utilization of mini- and micro-channels has
become quite attractive in heat exchanging devices. However,
the length of the mini-/micro-channel is normally shorter than
that in a macro-channel to eliminate the accompanied high pres-
sure loss. This eventually leads to another problem of accurate
estimation of the total pressure drop in the mini/micro sys-
tem. Flow of two-phase mixtures across sudden expansions and
contractions is relevant in many applications, including heat-
exchanging equipment and connection pipelines. As the two-
phase mixture flows through the sudden area changes, the flow
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might form a separation region at a sharp corner and cause an
irreversible pressure loss. For the macro system, this loss is usu-
ally regarded as a minor loss, but its role becomes more and
more crucial as the channel size gets smaller and shorter. Accu-
rate methods for predicting the pressure drop in such systems
are therefore important. This is particularly true for modern
cooling systems where numerous channels or micro-channels
are exploited to distribute the working fluid. There have been
some developed correlations applicable to the pressure loss for
the conventional tubes; however, very few investigations have
been reported for this abrupt pressure change with respect to
mini-channels (Abdelall et al. [1], Chen et al. [2, 3]). Appli-
cability of the existing correlations/models to this area is quite
ambiguous. It is therefore essential to examine the correspond-
ing applicability.

LITERATURE REVIEW

For single-phase flow, by combining with the pressure bal-
ance equation, the static pressure difference subject to the
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sudden expansion is related to the kinetic energy of the flow:

�Pe

G2

2ρ

= −2σA (1 − σA) (1)

where the mass flux density (G) and velocity (u) are calculated
based on the smaller cross-sectional area of the inlet tube. The
negative sign indicates a pressure recovery whose value varies
from zero to a maximum of 0.5 at σA = 0.5. Analogously,
the pressure loss subject to sudden contraction is normally in
terms of the contraction loss coefficient (K) and multiplication
of kinetic energy of the flow:

�Pc

G2

2ρ

= K (2)

where σA is the passage cross-sectional area ratio and 0 < σA <

1, and total mass flux (G) and velocity (u) are calculated based
on the smaller cross-sectional area of the outlet tube. The value
of K is related to the Reynolds number and contraction ratio,
and it is close to 0.5 and 1.0 with a very small cross-sectional
area ratio (σA < 0.05) (Kays and London [4]).

For single-phase flow through the contraction, Chisholm [5]
combined the static pressure drop to the vena contracta (�Piv)
and the pressure recovery downstream of the vena contracta
(�Pvc) to give the total static pressure drop at the contraction
(�Pc):

�Piv =
(

G2

2ρL

) [
(σACC)−2 − 1

]
(3)

�PV C =
(

G
σA

)
ρL

2 [
C−1

c − 1
]

(4)

�PC = �Piv − �Pvc

=
(

G2

2ρL

)[
1

(σACC)2 − 1 − 2
(
C−1

C − 1
)

σ2
A

]
(5)

By comparing Eq. (2) with Eq. (5), the contraction loss co-
efficient can be found as:

K = 1

(σACC)2 − 1 − 2
(
C−1

C − 1
)

σ2
A

(6)

The contraction coefficient CC correlated by Chisholm [5] is
given as follows:

CC = 1

[0.639(1 − σA)0.5 + 1]
(7)

Another contraction coefficient CC proposed by Geiger [6] is:

CC = 1 − (1 − σA)

[2.08 (1 − σA) + 0.5371]
(8)

Two-Phase Pressure Change Across Sudden Expansion

For the two-phase pressure change across sudden expansion,
Romie [7] derived the following expression for sudden enlarge-
ment:

�Pe=−G2σA (1 − σA)

ρL

⎡
⎢⎢⎢⎢⎢⎣

(
(1 − x)2

(1 − αin)
+
(
ρL/ρG

)
x2

αin

)
−

σA

(
(1 − x)2(
1 − αexp

) +
(
ρL/ρG

)
x2

αexp

)
⎤
⎥⎥⎥⎥⎥⎦
(9)

where the subscript “in” denotes upstream of expansion whereas
“exp” represents downstream of expansion. If the void fraction
remains unchanged, Eq. (9) becomes

�Pe = −G2σA (1 − σA)

ρL

[
(1 − x)2

(1 − α)
+
(
ρL/ρG

)
x2

α

]
(10)

Richardson [8] simplified the energy balance model and as-
sumed that the pressure recovery is proportional to the kinetic
energies of the phases, yielding:

�Pe = −0.5G2
(
1 − σ2

A

) [σA

(
1 − x2

)
ρL (1 − α)

]
(11)

Assuming that a heterogeneous flow and a loss of dynamic
pressure head takes place in the liquid phase, Lottes [9] derived:

�Pe = −G2σA (1 − σA)

ρL (1 − α)2 (12)

By considering the pressure rise in a sudden expansion with
irreversible flow induced in a rough tube, Chisholm and Suther-
land [10] also developed a heterogeneous model based on the
momentum balance:

�Pe = −G2σA (1 − σA) (1 − x)2

×
[(

1 + Ch/XCH + 1/X2
CH

)
ρL

]
(13)

where

XCH =
(

ρG

ρL

)0.5 (1 − x)

x
(14)

Ch =
{

1 + 0.5

[
1 −

(
ρG

ρL

)]0.5
}{(

ρL

ρG

)0.5

+
(

ρG

ρL

)0.5
}

(15)

The model of Chisholm and Sutherland [10] was compared
with the bubbly flow data (α < 0.35) for an air–water mixture.
Although their predictions remain reasonably good, their model
slightly underestimated the data (Attou et al. [11]).
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Based on some test data, Wadle [12] proposed a formula to
describe the pressure recovery in an abrupt diffuser. The model
includes an artificial constant K in connection with different
working fluids (K = 0.667 for steam-water, K = 0.83 for air–
water):

�Pe = − (1 − σ2
A

) 1

2
G2K

[
(1 − x)2

ρL

+ x2

ρG

]
(16)

From the mechanical energy equation without friction dissi-
pation, Collier and Thome [13] derived the following expres-
sion:

�Pe = −G2
(
1 − σ2

A

)
2
(

x
ρG

+ 1−x
ρL

) [ (1 − x)3

(1 − α)2 ρ2
L

+ x3

α2ρ2
G

]
(17)

For estimation of the void fraction α, a very simple correla-
tion was recently proposed by Kawahara et al. [14] as

α = 0.03β0.5(
1 − 0.97β0.5

) (18)

where β is the gas volumetric flow ratio, given as β =
jG/(jG + jL), jL is the superficial liquid velocity, and jG is
the superficial gas velocity. For homogeneous flow, Eq. (10)
becomes:

�Pe = −G2σA (1 − σA)

[
(1 − x)

ρL

+ x

ρG

]
(19)

Since the gas phase and liquid phase have different velocities,
particularly for a large density difference between the gas and
liquid phases, more realistic models and additional parameters
are needed for the pressure recovery calculation.

Based on an annular-mist flow model accompanied with mass
and momentum balance, Schmidt and Friedel [15] proposed a
rather complex formula:

�Pe =
G2
[

σA

ρeff
− σ2

A

ρeff
− feρeff

(
x

ρGα
− (1−x)

ρL(1−α)

) (
1 − √

σA

)2]
1 − �e (1 − σA)

(20)
where

1

ρeff

= x2

ρGα
+ (1 − x)2

ρL (1 − α)
+ αEρL (1 − α)

1 − αE

×
[

x

ρGα
− 1 − x

ρL (1 − α)

]2

(21)

α = 1 − 2 (1 − x)2

1 − 2x +
√

1 + 4x(1 − x)
(

ρL

ρG
− 1
) (22)

αE = 1

S

[
1 − 1 − x

1 − x(1 − 0.05We0.27Re0.05)

]
(23)

S = x

1 − x

(1 − α)

α

ρL

ρG

(24)

We = G2x2 d

ρGσ

(ρL − ρG)

ρG

(25)

Re = G (1 − x) d

μL

(26)

�e = 1 − σ0.25
A (27)

fe = 4.9 × 10−3x2 (1 − x)2

(
μL

μG

)0.7

(28)

By applying the momentum balance within the boundary of
the conical jet for an incompressible and adiabatic flow, Attou
and Bolle [16] obtained a correlation for the two-phase flow
pressure recovery from a sudden expansion.

�Pe = −σA (1 − σA) θr
σG2�

+
(
1 − θr

σ

)
σA (1 − σA) G2

ρL

(29)

where � = x2/(αρG) + (1 − x)2/[(1−α)ρL], θσ = 3/[1 +
σ0.5

A + σA], and r is a correction factor related to the physical
properties of the mixture. For a gas quality x = 0, Eq. (29) can be
reduced to �Pe =−σA(1 −σA)G2/ρL. The best fitting to the cor-
rection factor is r = 1 for a steam–water mixture and r = –1.4
for an air–water mixture. The predictive ability of Eq. (29) asso-
ciated with the air–water and steam–water data is around 23.4%
or less (mean deviation). The correlation is particularly good for
small mass velocities, but it is inapplicable to high quality flows.

More recently, Abdelall et al. [1] investigated air–water pres-
sure drops caused by abrupt flow area expansions in two small
tubes. The tube diameters were 1.6 and 0.84 mm, respectively.
Their measured two-phase pressure difference indicated the oc-
currence of significant velocity slip. Assuming an ideal annular
flow regime in accordance with minimum kinetic energy of the
flowing mixture (slip ratio S = (ρL/ρG)1/3) leads to a reason-
able agreement between the data and the predictions. However,
in practice the slip ratio is actually varying along the flow path.
The pressure drop across the sudden expansion (�Pe) is the dif-
ference between the reversible pressure change (�PeR) and the
irreversible pressure changes (�PeI ), i.e., �Pe = �PeR −�PeI .
For an incompressible and adiabatic flow,

�PeR = −0.5ρhG
2
(
1 − σ2

A

)
ρ′′2 (30)

�PeI = 0.5ρLG2

[
2ρLσA (σA − 1)

ρ′ − ρhρL (σA − 1)

ρ′′2

]

(31)

Where

ρh =
[

x

ρG

+ (1 − x)

ρL

]−1

(32)
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ρ′ =
[ (

1 − x2
)

{ρL (1 − α)} + x2(
ρGα

)
]−1

(33)

ρ′′ =
[

(1 − x)3

ρ2
L (1 − α)2 + x3(

ρ2
Gα2

)
]−1/2

(34)

To apply Eqs. (30) and (31), an empirical relation between α

and x is needed. The predictions of the Abdelall et al. slip flow
model [1] are only slightly higher than the experimental data,
but the simplified momentum balance model, Eq. (8), by Collier
and Thome [13] significantly overpredicts the data.

Two-Phase Pressure Change Across Sudden Contraction

Geiger [6] measured pressure drops for steam–water mix-
tures flowing through sudden contraction with area ratios (σA)
of 0.398, 0.253, and 0.144. His data were compared with the
homogeneous model, momentum equation, and mechanical en-
ergy equation across the contractions. The homogeneous model
gave the best predictions of the data.

McGee [17] had also measured the steam–water mixtures
flowing through sudden contraction using the same test rig as
Geiger [6], but with different test sections and conditions (σA =
0.608, 0.546). The predictions by homogeneous model when
compared with his test data are quite satisfactory. The predic-
tions by the momentum and mechanical energy equations were
much lower than the test data. This deviation is believed to be
due to the assumption of no mechanical energy loss for the
acceleration of the fluids at the downstream of the contraction.

For two-phase flow, the frictional pressure drop due to con-
traction can be estimated using a homogeneous flow model as
recommended by Collier and Thome [13]:

�Pc =
(

G2

2ρL

)
[
(
C−1

C − 1
)2 + (1 − σ2

A

)] [
1 + x

(
ρL

ρG

− 1

)]

(35)

The mass flux G is calculated based on the cross-sectional area
of the outlet tube with smaller cross-sectional area.

Chisholm [5] also used his contraction loss coefficient K ,
Eq. (5), in association with the homogeneous model, i.e.,

�Pc =
(

G2

2ρL

)[
1

(σACC)2 − 1 − 2
(
C−1

C − 1
)

σ2
A

]

×
[

1 + x

(
ρL

ρG

− 1

)]
(36)

Furthermore, Chisholm [5] introduced a constant B coef-
ficient for flow through a discrete interval in evaluating the
contraction loss:

�Pc = �PcL

[
1 +

(
ρL

ρG

− 1

)
(Bx (1 − x) + x2)

]
(37)

B =
{

1
KO

(
1

(σACC )2 − 1
)

− 2
(KOCCσ2

A) + 2
(σ2

AK0.28
O )

}
1

(σACC )2 − 1 − 2
(CCσ2

A) + 2
σ2

A

(38)

where �PcL is the contraction pressure drop for total flow as-
sumed liquid across the same sudden contraction as shown in
Eq. (5), contraction coefficient CC is given in Eq. (7), and KO

is given as

Ko =

⎧⎪⎨
⎪⎩
(

1 + x
(

ρL

ρG
− 1
))0.5

for X > 1(
ρL

ρG

)0.25
for X ≤ 1

(39)

where X is the Martinelli parameter.
Based on the momentum and mass transfer balance, Schmidt

and Friedel [18]developed a new pressure drop model for sud-
den contraction that incorporates all of the relevant boundary
conditions. In this model all the relevant physical parameters
were also included in their sudden expansion paper [15]. In ad-
dition, the influence of liquid entrainment (αE) in the gas stream
is included, along with relevant parameters like area ratio (σA),
mass flux (G), gas quality (x), mean void fraction (α), surface
tension (σ), the viscosity and density of the gas and liquid phases
(μG, μL, ρG, ρL), and slip ratio (S), to calculate the effective
two-phase density (ρeff ). Their test sections incorporated inlet
tube diameters in the range of 44.2–72.2 mm and with outlet
tubes in the range of 17.2–44.2 mm. The model predicts several
experimental data sets with different physical properties. The
comparison of the model and test results is fair, with 80% of the
data sets being predicted within ±30%. For incompressible and
adiabatic flow, the equation for pressure drop across a sudden
contraction is given as:

�pc

=
G2
[

1
ρeff

− σA

ρeff
+ fconρeff

(
x

ρGα
− 1−x

ρL(1−α)

)2
(1 − σ

1/2
A )2

]
1 + �con

(
1

σA
− 1
)

(40)

where fcon is the total fiction factor for the contraction, α is the
void fraction, ρeff is the effective density, �con is the base pres-
sure coefficient for the contraction, Re is the Reynolds number,
and We is the Weber number; ρeff , α, αE , S, We, and Re are
given in Eqs. (19)–(24) and

�con = 0.77σA

(
1 − σ0.306

A

)
(41)

fcon = 5.2 × 10−3x0.1 (1 − x)

(
σA

μL

μG

)0.8

(42)

Abdelall et al. [1] investigated air–water pressure drops
caused by abrupt flow area expansion and contraction in a very
small test section. The larger and small tube diameters were 1.6
and 0.84 mm, respectively. Assuming incompressible gas and
liquid phases, and assuming x and α remained constant across
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the sudden contraction, the pressure drop across the sudden
contraction was derived as

�Pc = G2

⎧⎨
⎩

ρh

(
1

C2
C

− σ2
A

)
2ρ′′2 + (1 − CC)

ρ′

⎫⎬
⎭ (43)

where ρh, ρ′ and ρ′′ are given in Eqs. (32)–(34).
The contraction coefficient CC , Eq. (7), given by Geiger [6],

is utilized in the Abdelall et al. correlation, as in Eq. (43). The
two-phase flow pressure change across the sudden contraction
data was found significantly lower than the predictions of the ho-
mogeneous model. It may be attributed to the significant velocity
slip at the vicinity of the flow area change. As a consequence,
Abdelall et al. reappraised the suitability of homogeneous flow
and concluded that the slip ratio model may be more relevant to
accelerating two-phase flow (Moody [19]). Using the Zivi [20]
model with the assumption of an ideal annular flow regime, the
slip ratio becomes:

S = uG

uL

= (1 − α) ρLx

[(1 − x)ρGα]
=
(

ρL

ρG

) 1
3

(44)

where uG and uL are the actual gas and liquid velocities of
gas and liquid phases, respectively. The void fraction (α) is
calculated from Eq. (44) by using gas quality and gas and liquid
densities. Subsequently Eq. (43) is combined with the slip flow
model to give a relatively close agreement with Abdelall et al.’s
experimental data. An attempt was also made to correlate the
two-phase pressure change data at the contraction point in terms
of the Martinelli parameter (X), yielding

X =
(

uL

uG

)0.1 ( 1

x
− 1

)0.9 (
ρG

ρL

)0.5

(45)

�cL

X
= 120 (XReL)−0.7 (46)

where �cL = �Pc/�PcL is the two-phase multiplier with all
liquid flow through the contraction, and �PcL is the pressure
drop assuming total flow to be liquid flow. ReL is the Reynolds
number in the smaller tube (considering total flow to be liquid).
Thus, the two-phase pressure change at the sudden contraction
can be predicted by

�Pc = �PcLX
[
120 (XReL)−0.7

]
(47)

From the foregoing review of the two-phase pressure change
across the sudden contraction, most of the investigations are
related to the abrupt area change for the upstream and down-
stream having round tube configuration and the tube sizes are
generally above 10 mm. However, it should be mentioned that
configuration variation across singularity (e.g., from rectangular
to round) is very common in practice. Hence the first objective
of this study is to provide new test data regarding to this influ-
ence. Further, it will be shown in subsequent comparisons that
most of the proposed correlations/models are only applicable to
their own database. In addition, a flow visualization experiment

is also carried out to link with certain special pressure drop
phenomenon.

EXPERIMENTAL SETUP

The test rig shown in Figure 1 is designed to conduct tests
with air–water mixtures. Air is supplied from an air com-
pressor and then stored in a compressed-air storage tank. Air
flows through a pressure reducer and, depending on the mass
flux range, is measured by three Aalborg mass flow meters
for different ranges of flow rates with measurement uncer-
tainty ranging from 0.5 to 2%. The water flow loop consists
of a variable-speed gear pump that delivers water, and the wa-
ter volumetric flow rate is detected by a magnetic flow meter
with 0.001 L/s resolution. A self-made Y-shape mixer having
a spring insert that provides good mixing amid air and water
is placed ahead of the test section. An extra calming test sec-
tion with a length of 300 mm after the mixer is used before
the mixture goes into the test section. The gas quality is cal-
culated from the measured air flow rate and water flow rate,
namely,

x = ṁG

ṁG + ṁL

The total mass flux (G) of air and water flow rate evaluated
at the entrance of rectangular test section range from 100 to
700 kg·m−2·s−1 with gas quality (x) varying from 0.001 to 0.8.
The corresponding uncertainties for x are within ±4.3%. The
inlet temperatures of air and water are near 25◦C. The pres-
sure drops of the air–water mixtures are measured by three
Yokogawa EJ110 differential pressure transducers having an
adjustable span of 1300 to 13,000 Pa. Resolution of this pres-
sure differential transducer is 0.3% of the measurements. The
drilled holes of the pressure taps are perpendicular to the test
sections with a diameter of 0.5 mm. Pressure measurements
are made at nine locations along the inlet tube and along the
rectangular channel as shown in Figure 1. For validation of the
present test setup, measurements of the single-phase pressure
drops for air and water alone are in terms of friction factors
to compare with the friction factor equations for laminar and
turbulent flows in rectangular channels. The results are in line
with the known correlations having a deviation within ±5%.
Leaving the test section, the air–water mixture is separated by
an open water tank in which the air is vented and the water
is recirculated. The air and water temperatures are measured
by resistance temperature device (Pt100�) having a calibrated
accuracy of 0.1 K (calibrated by Hewlett-Packard quartz ther-
mometer probe with quartz thermometer, models 18111A and
2804A). Observations of flow patterns are obtained from im-
ages produced by a high-speed camera of Redlake Motionscope
PCI 8000s. The maximum camera shutter speed is 1/8000 s.
The high-speed camera can be placed at any position along the
rectangular channels or at the side view of the abrupt change of
flow area.

heat transfer engineering vol. 31 no. 4 2010
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Figure 1 Schematic of test rig and test section.

The test sections are made of transparent acrylic resin, so
that the flow pattern and flow structure at the vicinity of the
abrupt cross-sectional area change can be visualized. For the
expansion test sections, the test sections have the dimensions
of gap (G) × width (W ) = 3 × 6 mm and 3 × 9 mm, and
thus the corresponding aspect ratio A = g/W = 0.333–ß0.50.
These test sections are also arranged in horizontal longitudinal
(HL, the wide side is vertical) and the intersection between
the rectangular and round tube is well fabricated to avoid any
irregularity. The area ratio for the abrupt flow area change (σA)
is in the range of 0.26 ∼ 0.39. The schematic and the dimensions
of the test sections are also shown in Figure 1.

Figure 2a shows a typical change of static pressure along the
axis for flow across the expansion. Due to the deceleration of
the flow in the transitional region, the static pressure initially
increases at the expansion area. After the pressure reaches the
maximum, the pressure gradient merges with the downstream
pressure gradient line. The pressure change at the sudden ex-
pansion is defined as the pressure difference for upstream and
downstream fully developed pressure gradient lines extended
to the expansion position, i.e., �Pexp, as shown in Figure 2a.
Similarly, Figure 2b represents the variation of static pressure
along the flow direction across singularity (for expansion and
contraction). When flow approaches the contraction, due to the
acceleration of the flow in the transitional region, the static pres-
sure initially decreases to the contraction area. After the pressure
reaches the minimum, the pressure increases to a downstream
point and then merges with the downstream fully developed
pressure gradient line. The pressure change at the sudden con-
traction is defined as the pressure difference at the intercep-
tion of singularity evaluated using the fully developed pressure

Figure 2 Definition of pressure drop subject to the influence of (a) sudden
enlargement and (b) abrupt contraction.
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gradients from upstream and downstream, respectively, i.e.,
�Pcon, as shown in Figure 2b.

Some previous investigations used a single pressure differ-
ential transducer to measure the difference across the sudden
contraction. This kind of measurement cannot actually reflect
the pressure loss and pressure recovery across the abrupt area
change. In this study, several pressure transducers are utilized for
measuring the local pressures in the upstream and downstream
parts of the test sections as shown in Figure 1. The measured
axial pressures versus the pressure tap positions are plotted in a
figure to setup the fully developed pressure gradient lines in the
upstream and downstream for further obtaining the correspond-
ing pressure change at the sudden contraction/expansion.

RESULTS AND DISCUSSION

Results for Expansion

The corresponding measured pressure drops subject to the
sudden enlargement is shown in Figure 3. In general, the pres-
sure drops increase with the rise of vapor quality. However,
a notable drop of pressure difference is seen for G = 100
kg·m−2·s−1 near a vapor quality of 0.01. A similar phenomenon
was also reported by Schmidt and Friedel [15]. They also found
that the pressure difference occurs at the very low quality region
(∼0.005–0.02, depending on the mass flux) and argued that this
phenomenon is not due to experimental errors but is associated
with the flow pattern changes. For better understanding about
this unique phenomenon, one can examine the variation of the
corresponding flow pattern. Photographs that are representative
of the observed flow patterns for 9 × mm and 6 × mm rect-
angular channels with a mass flux density of 100 kg·m−2·s−1

and vapor qualities ranging from 0.001 to 0.5 are displayed in
Figure 4 to show the flow progress in the presence of abrupt
enlargement. As seen in Figure 4, for G = 100 kg·m−2·s−1

at x = 0.001 flowing into the 9 × mm enlarged section, the
original flow pattern before flowing across the sudden enlarge-
ment is elongated bubbly flow, which turns into slug flow after
the abrupt area change. This is due to the considerable increase
of cross-sectional area, leading to a decline of velocity and to
aggregation of elongated bubble.

Note that the original liquid flow gathers at the bottom due
to gravity. Hence, as the vapor quality is increased further, the
entering flow contains sufficient momentum to become a jet-
like (Figure 4c, x = 0.01) pattern. However, the liquid jet front
heads towards the bottom section since its accompanied liquid
momentum is unable to sustain itself against the gravity. For
a further increase of vapor quality (Figure 4d, x = 0.05), the
liquid jet spreads more evenly around the periphery pertain-
ing to the higher momentum. The liquid jet-like flow pattern
is similar to the quasi-free-jet pattern observed by Attou et al.
[11]. The confined free-jet pattern appears to be conical with a
small opening angle. With a further increase of vapor quality, the

Figure 3 Measured pressure changes as a function of mass flux and gas
quality.

inherited momentum can easily break up the liquid into droplets
and a quite uniformly spread film around the whole rectangular
section. The flow pattern is thus an annular flow pattern (e.g.,
Figure 4f, x = 0.5). The unique “liquid jet-like” flow pattern
persists at the entrance of the 9 × mm test section. This flow
pattern, however, is not seen for the 6 × mm test section as
seen from Figures 4g–l. However, by comparing the foregoing
observed flow patterns, one can see the unusual phenomenon

heat transfer engineering vol. 31 no. 4 2010
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Figure 4 Progress of flow pattern for sudden enlargement vs. quality at G =
100 kg·m−2·s−1.

is actually related to the liquid jet-like flow pattern. When the
liquid jet flows across the sudden enlargement, part of its mo-
mentum is conserved and the gas flow is alongside the liquid
jet. In this regard, the corresponding expansion pressure change
decreases.

In fact, some of the measured pressure difference data of
this study also reveal a flat or slightly leveled-off phenomenon
versus vapor quality (e.g., G = 300 kg·m−2·s−1). A close ex-
amination of the data suggests that this region is also related to
the “liquid jet-like” flow pattern. The observations suggest that
a conceivable reduction of the pressure difference is encoun-
tered when liquid jet-like flow pattern prevails, yet a flattening
or leveling off of the pressure difference is seen when the liquid
jet-like flow is less pronounced. By contrast, one can find an ap-
preciable increase of pressure difference when the liquid jet-like
flow pattern is completely gone. Apparently the confinement ef-
fect of this test section is the main cause for the disappearance
of this flow pattern. Note that the distance from the brim of the
small diameter tube at the intersection of the abrupt enlargement
to the upper or lower surface of the rectangular tube for the 9
× 3 mm tube is two times larger than that of the 6 × 3 mm

tube. Hence, the liquid flowing out of the smaller diameter tube
touches the adjacent walls comparatively easily, thereby elimi-
nating the “liquid jet-like” flow pattern accordingly. In addition,
the size of air bubbles of the 6 × 3 mm tube (Figure 4g) is much
smaller than that of the 9 × 3 mm tube at x = 0.001 (Figure 4a).

For a higher mass flux of 300 kg·m−2·s−1, progress of
flow pattern change is somewhat similar to that at G = 100
kg·m−2·s−1 except that the development of flow pattern moves
toward a lower quality region. However, the liquid jet-like flow
pattern is rather unclear at higher gas quality in both test sec-
tions. Therefore, the leveling-off phenomenon of the expansion
pressure loss is almost unseen.

The measured pressure differences subject to abrupt enlarge-
ment are compared with the foregoing models/correlations de-
scribed in the literature review. In total, nine models and correla-
tions were used for comparison; detailed comparisons indicated
that none of the models/correlations can predict the present test
results with an acceptable accuracy. There are several possible
causes for this significant departure. The first one is attributable
to the evaluation of void fraction. Note that most of the mod-
els/correlations require information on a void fraction, except
for the homogeneous model, the Chisholm and Sutherland [10]
correlation, and the Wadle correlation [12]. This eventually in-
volves suitable selection of the correlation of void fraction. In
this study, the void fraction correlation being used is identical
to those suggested in previous researchers. However, one still
sees a tremendous digression from these comparison charts.
The second cause of this deviation is related to the geomet-
ric difference. The previous geometries are mostly at a much
larger scale, except those by Abdelall et al. [1]. Furthermore,
previous studies are generally applicable for round/round sud-
den enlargement, while the present experiments are conducted
for round/rectangular transformation. The best predictive abil-
ities for the previous models are those by Wadle [12] with a
mean deviation around 200%. The deviation is calculated as
1
N

(
N∑
1

|�PPRED−�PEXP |
�PEXP

) × 100%, where N is the number of total

data points. The results imply that further efforts should be made
for seeking a better correlation.

Results for Contraction

Figure 5 shows the measured two-phase pressure drops sub-
ject to the sudden contraction for the 6 × 3 mm and 9 × 3 mm
channels, respectively; each test section has 40 data points. In
general, the contraction pressure drops increase with the quality
and mass flux. However, a noticeable drop of the pressure loss
is encountered at a low mass quality region (x < 0.1). This
phenomenon was also observed by Schmidt and Friedel [18] for
their air–water data at G = 1000 kg·m−2·s−1, where a local peak
of pressure drop versus vapor quality is seen at a low mass flow
quality. This phenomenon was characterized as a change of flow
pattern in the inlet pipe or outlet pipe. In this study, a notable
pressure drop is seen for G = 100 kg·m−2·s−1 and a gas quality
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306 I. Y. CHEN ET AL.

Figure 5 Measured pressure change as a function of mass flux and quality
for (a) 6 mm × 3 mm and (b) 9 mm × 3 mm channel.

of 0.05 as shown in Figure 5. For further understanding about
the phenomenon, one can see the progress of the flow pattern
subject to the influence of contraction from Figure 6. As shown
in the figure, for a mass flux of 100 kg·m−2·s−1 at a low quality
less than 0.01, one can see that the intermittent flow pattern
prevails before and after the contraction. Although the stratified
flow might persist after the contraction, one can see that the
vena contracta is clearly absent. Note that the mentioned vena
contracta is slightly different from that in single-phase flow. For
single-phase flow, the vena contracta represents the point in a
fluid stream where the diameter of the jet stream is the least,
such as in the case of a stream issuing out of a nozzle. Here the
observed vena contracta denotes the gas stream surrounded by
liquid with the smallest diameter of gas core.

Figure 6 Progress of flow pattern vs. quality across the sudden contractions
for G = 100 and 300 kg·m−2·s−1.

With the rise of vapor quality (x = 0.01–0.1), the vena con-
tracta is observable for the major flow pattern after the contrac-
tion turn into an annular flow pattern. As delineated by Collier
and Thome [13], the presence of the vena contracta effectively
converted the accelerated and pressure energy into kinetic en-
ergy with little or no frictional dissipation from upstream. This
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will certainly offset the irreversible pressure loss caused by the
singularity. Beyond the vena contracta position, the conditions
are similar to those of sudden enlargement through which con-
siderable frictional dissipation occurs. In essence, the consid-
erable deflection of the contraction pressure drop is associated
with the transition of forming the vena contracta. For a larger
mass flux like G = 300 kg·m−2·s−1, the vena contracta is still
seen even at a very low quality range of 0.001–0.005. However,
the rising frictional contribution with mass flux will counteract
the occurrence of vena contracta, thereby leading to a compar-
atively small influence of vena contracta on the pressure drop.
In addition, formation of vena contracta also shifts toward a
smaller gas quality, giving rise to an early deflection of pressure
drop at a lower gas quality. However, it should be mentioned that
this phenomenon becomes less and less pronounced when the
mass flux is increased. This is because the increasing frictional
performance counterbalances the effect of the vena contracta.

To test the validity of the foregoing described mod-
els/correlations from the existing literatures, the measured
two-phase pressure drop data subject to abrupt contraction in
two test sections are compared with the previously described
homogeneous model (Collier and Thome [13]), and correlations
of Chisholm [5], Schmidt and Friedel [18], and Abdelall et al.
[1]. The detailed comparisons and relevant mean deviations for
the models/correlations give fair predictions of the present data,
but none of them can accurately predict the entire database. Note
that most of the existing data were conducted for the geometry
from round/rectangular to round/rectangular configuration,
while the present test section is from rectangular to round tube
configuration. The average mean deviations of the relevant
predictions are 49.15%, 54.12%, 50.8%, 64.5%, and 74.8%
by the homogeneous model (Eq. 35), Chisholm homogeneous
model (Eq. 36), Chisholm correlation (Eq. 37), Schmidt and
Friedel correlation (Eq. 40), and Abdelall et al. correlation (Eq.
43), respectively. Also, the Abdelall et al. simplified correlation
(Eq. 43) gave a mean deviation of more than 100%. The homo-
geneous model gives better predictive ability than the others,
which had also been indicated by Geiger [6] and McGee [17].
For homogeneous predictions, the data with higher pressure
drop give a good agreement with the predictions. Note that the
flow patterns for these data with good predictions are actually
annular flow. However, the data for all slug and stratified flows,
where buoyancy force plays a significant role, are greatly over
the predictions.

There are some pressure drop data for two-phase flow across
sudden contractions available from the literature, as mentioned
earlier. For comparison purposes, the present data and some
available data along with some databases (Geiger [6]; McGee
[17]; Schmidt and Friedel [18]; Abdellal et al. [1]) are com-
pared with the relevant correlations and models. In general, the
homogeneous predictions give a very good agreement with the
two data sets reported by Geiger [6] and McGee [17], with
corresponding mean deviations of 19.93% and 16.81%, respec-
tively. The mean deviations for the data of Schmidt and Friedel
[18] and the present data are 43.46% and 49.15%, respectively.

Nevertheless, the homogeneous model significantly overpre-
dicted the data of Abdelall et al. [1] with 468.79% mean de-
viation, which was also previously reported by these authors.
The possible cause for this large deviation is associated with
the micro-tubes (with one inner diameter of 1.60 mm and the
other of 0.84 mm) being tested. For these micro-tubes, influence
caused by surface tension takes control. For obtaining a better
predictive ability, one should also take into account the influ-
ence of surface tension force (Tripplet et al. [21]). The balance
of buoyancy and surface tension force can be represented by the
Bond number (Bo) as:

Bo = g(ρL − ρG)(D/2)2

σ
(48)

When the value of Bo is near or less than 1.0, the strati-
fied flow pattern is not able to exist in most of the two-phase
flow conditions. Chen et al. [2] had utilized the Bond number
(Bo) to count for the force balance between buoyancy and sur-
face tension in development of the two-phase frictional pressure
drop correlation in small tubes. From the foregoing compari-
son, it is found that the homogeneous model gives good predic-
tive ability but fails to predict the Abdelall et al. microchannel
data. By examining the corresponding Bond number for these
five databases, it is found that the departure of the predictive
ability of homogeneous model is strongly related to the Bond
number. In that regard, it is suggested that the influence of
Bond number should be included in future development of the
correlation.

CONCLUSIONS

Two-phase flow approaching singularities such as abrupt ex-
pansion and sudden contraction is widely encountered in typ-
ical industrial and heat-exchanging devices. For conventional
channels where the flow path may be comparatively long, the
associated pressure drops relative to the total pressure drops
may be small and are often neglected. However, with smaller
and smaller channels being introduced (such as mini- or micro-
channels) to the real world, one can no longer ignore their
influence, and the need for more accurate estimation of the
expansion/contraction loss becomes evident. There have been
some studies concerning this subject but mostly applicable for
larger channels. The major effort of this study is to review the
existing efforts concerning two-phase flow across sudden ex-
pansions/contractions and to examine the applicability of the
existing correlations with respect to the recent data in small
channels. The second part of this study is to present some newly
measured pressure drops and observed flow patterns pertaining
to influence of expansion/contraction. For an abrupt expan-
sion, it is found that the existing correlations all fail to pro-
vide a reasonably predictive capability versus the newly col-
lected data. Furthermore, a unique flow pattern called a “liquid
jet-like flow pattern” occurs at a very low quality region of
G = 100 kg·m−2·s−1, and it raises a setback phenomenon of
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pressure drop. By contrast, an appreciable increase of pressure
difference is seen when the liquid jet-like flow pattern is com-
pletely gone. Similar conclusion is drawn to the data of contrac-
tions. For the correlations/predictive models, the homogeneous
model gives satisfactory prediction for conventional macro-
channels but fails to do so when the channels become smaller.
This is especially pronounced for a small-diameter tube with a
Bond number being less than 1, in which the effect of surface
tension dominates. It is also found that most existing correla-
tions can only predict their own database, and extrapolation of
their correlations outside their test range is questionable. Hence,
it is suggested that the Bond number should be introduced to
modify the existing homogeneous model.

NOMENCLATURE

A aspect ratio, gap/width, 0 ≤ A ≤ 1
Ch Chisholm’s factor, defined in Eq. (15)
Bo Bond number, defined in Eq. (48)
CC contraction coefficient
d internal diameter of circular tube, m
Dh hydraulic diameter, m
f friction factor
fcon total fiction factor for the contraction
g rectangular channel gap, mm
G total mass flux, kg·m−2·s−1

jL superficial liquid velocity, m·s−1

jG superficial gas velocity, m·s−1

K loss coefficient
ṁ mass flow rate, kg·s−1

P pressure, Pa
�Pc pressure change across the sudden contraction, Pa
�PcL pressure drop across the sudden contraction for total

flow assumed liquid, Pa
�Piv static pressure drop to the vena contracta, Pa
�Pvc pressure recovery downstream of the vena contracta,

Pa
�Pe pressure change across the sudden expansion, Pa
�PeI irreversible pressure changes across the sudden ex-

pansion, Pa
�PeR reversible pressure changes across the sudden expan-

sion, Pa
dP/dz frictional pressure gradient, Pa·m−1

Re Reynolds number, ρud/μ
S slip ratio
u mean axial velocity in the small tube, m·s−1

x gas quality
W rectangular channel width, mm
We Weber number
�con base pressure coefficient for the contraction
X Martinelli parameter
XCH correlation parameter for Chisholm and Sutherland

[10]; see Eq. (14)

Greek Symbols

σ surface tension, N·m−1

σA flow cross-sectional area contraction ratio
α mean void fraction
αE mean volumetric liquid entrained in the gas flow
μ viscosity, N·s·m−2

�cL two-phase multiplier with all liquid flow through the
contraction

β gas volumetric flow ratio, =jG/(jG + jL)
ρ density, kg·m−3

ρ′ fictitious mixture density defined in Eq. (33), kg·m−3

ρ′′ fictitious mixture density defined in Eq. (34), kg·m−3

ρeff effective density defined in Eq. (21), kg·m−3

Subscripts

con contraction
EXP experiments
G gas-phase
h homogeneous
L liquid-phase
PRED values for correlation or model predictions
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a b s t r a c t

This study compares well-known two-phase pressure drop models with the experimental results of a
condensation pressure drop of (i) R600a in a 1 m long horizontal smooth copper tube with an inner diam-
eter of 4 mm, outer diameter of 6 mm and (ii) R134a in a 0.5 m vertical smooth copper tube with an inner
diameter of 8.1 mm and outer diameter of 9.52 mm. Different vapour qualities (0.45–0.9 for R600a and
0.7–0.95 for R134a), various mass fluxes (75–115 kg m�2 s�1 for R600a and 300–400 for
R134a kg m�2 s�1) and different condensing temperatures (30–43 �C for R600a and 40–50 �C for
R134a) were tested under annular flow conditions. The quality of the refrigerant in the test section
was calculated considering the temperature and pressure obtained from the experiment. The pressure
drop across the test section was directly measured with a differential pressure transducer. The most
agreeable correlations of various available options were then identified according to the results of anal-
ysis during annular flow regime.

� 2009 Elsevier Ltd. All rights reserved.

1. Introduction

The two-phase flow occurs when the two phases, separated
from each other by a distinct interface, flow simultaneously.
Gas–liquid flows can be observed in many industrial applications
such as oil–gas flow in oil pipelines, steam–water flow in nuclear
reactors, steam flows in heat pipes and vapour–liquid flow of
refrigerants in cooling and air-conditioning applications. This
study is concerned with an annular flow regime for the liquid
and vapour flow of R600a and R134a in horizontal and vertical
tubes respectively.

The actual technologies of nuclear reactors, the aerospace
industry, microelectronics, cooling systems, refrigeration, the auto-
motive industry, process industry etc. are characterised by a dispo-
sition towards using packages of large power conversion or heat
transfer in small volumes. There has been a recent fast develop-
ment of better, more effective, heat exchangers together with a de-
mand for more compact systems, higher energy efficiency and
lower material costs. Heat exchangers are devices that are com-
monly used to transfer heat between two or more fluids at differ-

ent temperatures. They are used in a wide variety of applications,
e.g. refrigeration and air conditioning systems, power engineering
and other thermal processing plants.

One of the major contributors to the depletion of the ozone
layer are the hydrochlorofluorocarbon refrigerants used in the
refrigeration and air conditioning industries. More compact equip-
ment with higher system operating efficiency for air conditioning
has been investigated following changes in efficiency standards.
Refrigerant mixtures with enhanced surfaces have been developed
as an alternative solution to replace hydrochlorofluorocarbon
refrigerants. Accurate methods for the determination of the ther-
mal and fluid-dynamic behaviour of new refrigerants need to be
researched in order to improve the efficiency of heat exchangers.

The use of natural refrigerants such as hydrocarbons is one of
the possible solutions to avoid the use of CFCs, HCFCs and HFCs.
In spite of the prohibition due to safety concerns placed on the
use of flammable hydrocarbon refrigerants a few decades ago for
normal refrigeration and air conditioning applications, some of
the flammable refrigerants have, nevertheless, been used in certain
applications according to Kruse [1] and Jung et al. [2]. Recently, iso-
butene (R600a), propane (R290) and propylene (R1270) have been
used for such heat transfer applications as are found in refrigera-
tors, freezers, and heat pumps. Besides this, R429A and R432A
including dim ethyl ether (DME, RE170), have been proposed as
alternatives to R134a and R22. Unfortunately, some of the new

0017-9310/$ - see front matter � 2009 Elsevier Ltd. All rights reserved.
doi:10.1016/j.ijheatmasstransfer.2009.12.051
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alternative refrigerants have additional problems such as extensive
heat transfer degradation during condensation due to the zeotropic
characteristics of the refrigerant. For that reason, there is still room
for research on alternative refrigerants such as R600a, R744 and
R407C.

Annular flow conditions along the tube length include convec-
tive condensation which occurs for many applications inside tubes.
Annular two-phase flow is one of the most important flow regimes,
and is characterised by a phase interface separating a thin liquid
film from the gas flow in the core region. Two-phase annular flow
occurs widely in film heating and cooling processes, particularly in
power generation, and especially in nuclear reactors. This flow re-
gime has received the most attention, both analytically and exper-
imentally, because of its practical importance and the relative ease
with which analytic treatment may be applied. In addition to this,
condensate distribution inside the tube wall is almost symmetric,
and there is high velocity vapour flow in the core during annular
flow.

The two-phase pressure drop is a significant design parameter
in many engineering applications such as the chemical process
industry, the nuclear industry, the petroleum industry, refrigera-
tion and air conditioning applications and space applications.
There have been a number of investigations into this subject in
the literature due to its importance. The frictional, acceleration,
and gravitational components form the two-phase total pressure
drop in tubes. Determination of void fraction is necessary for com-
puting the acceleration and gravitational components and, in a
similar way, determination of whether either the two-phase fric-
tion factor or the two-phase frictional multiplier is also necessary
for computing the frictional component of pressure drop.

The Lockhart and Martinelli [3], Chisholm [4] and Friedel [5,6]
correlations are generally used for the determination of pressure
drop in conventional channels. Some modifications to account for

specific geometry or flow conditions are made in these correla-
tions. In spite of their large deviations from the data for small
channels in the condensation process, they have still been used
as the basis for many recent correlations.

Condensation phenomena inside horizontal tubes represent an
important issue in the chemical process and power industries.
Shell side condensation is rarely preferred to tube side condensa-
tion when the coolant is air or a process gas, or when the condens-
ing refrigerant is at high pressure, dirty or corrosive. For tube side
condensers, the horizontal orientation is most commonly applied.

Lee et al. [7,8] examined the condensing heat transfer coeffi-
cients and pressure drop of hydrocarbons (R-290, R-600a, R-
1270) in the evaporator and condenser, and compared them with
those of R22. A tube diameter of 12.7 mm was used for this exper-
iment. As a result of the experimental study it was determined that
the condensing heat transfer coefficients and pressure drop of the
hydrocarbons in both cases were higher than those of R22 under
similar test conditions.

In a study performed by Wen et al. [9] the condensing heat
transfer coefficients and pressure drop of the R290, R600 and
R290/R600 refrigerants during their condensation inside a serpen-
tine with a 2.46 mm diameter were examined and compared with
those for the R134a refrigerant. As a result of these experiments it
was determined that the condensing heat transfer coefficients of
the hydrocarbons are higher than those of the R134a refrigerant
under the same conditions.

Condensation inside vertical tubes usually occurs in nuclear
reactors. In the design of passive containment cooling systems
(PCCS), the presence of non-condensable gases inside condensed
steam is an important technical problem. These kinds of condens-
ers have vertical stainless steel tubes, almost 50 mm in diameter,
immersed in a tank of water under atmospheric pressure condi-
tions outside the containment.

Nomenclature

Bo Bond number
cp specific heat, J kg�1 K�1

d internal tube diameter, m
f friction factor
Fr Froude number
G mass flux, kg m�2 s�1

g gravitational acceleration, m s�2

i enthalpy, J kg�1

ifg latent heat of condensation, J kg�1

j superficial velocity
L length of test tube, m
m mass flow rate, kg s�1

Ncoff confinement number
P pressure, N m�2

Re Reynolds number
S slip ratio
Q heat transfer rate, W
We Weber number
x average vapor quality
X Lockhart and Martinelli parameter
z axial coordinate, m
DP pressure drop, Pa
DTsat Tsat � Twi, �C

Greek symbols
a void fraction
/ two-phase multiplier
w surface tension parameter

e height of roughness
X modifier to the Friedel correlation
r surface tension, N m�1

q density, kg m�3

l dynamic viscosity, kg m�1 s�1

Subscripts
avg average
evap evaporator
exp experimental
F frictional term
G gravitational term
g gas/vapor
go gas only
i inlet
int interfacial
l liquid
lo liquid only
M momentum term
o outlet
ph preheater
ref refrigerant
sat saturation
t test section
TP two-phase
TS test section
w water
wi inner wall
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Goodykoontz and Dorsch [10] investigated the local condensa-
tion heat transfer coefficients and pressure distribution of R113
for the mass fluxes of 21–455 kg m�2 s�1 in a 7.4–15.9 mm i.d. ver-
tical tube. Kim and No [11] developed a turbulent film condensa-
tion model including pressure drop for high pressure steam in a
46 mm i.d. vertical tube. Ma et al. [12] studied the two-phase fric-
tion factors of downward flow of R113 for the mass fluxes of 400–
800 kg m�2 s�1 in 20.8 mm i.d. smooth and micro-fin tubes.

To the best of the authors’ knowledge, apart from the authors’
previous publications [13–28], there has been insufficient work
dealing with the heat transfer characteristics during downward
condensation in small diameter tubes, and, moreover, no work
on condensation of new generation refrigerant R600a inside hor-
izontal tubes. Although some information is currently available
on the frictional pressure drop in annular flow, room still remains
for further discussion of whether it gives reliable predictions of

frictional pressure drop in the high mass flux region of R134a in-
side vertical tubes and in the low mass flux region of the alterna-
tive, environmentally friendly refrigerant R600a inside horizontal
tubes. Moreover, there are plenty of experimental and theoretical
studies in the literature on the condensation of refrigerants in
horizontal smooth tubes but their working fluids are mainly
ozone depleting substances such as CFCs and HCFCs. It should
also be noted that the reported mass fluxes, heat fluxes, conden-
sation pressures and dimensions of the test tubes do not include
studied parameters. Therefore, the main aim of this study was to
extend the existing pressure drop data for R134a and R600a
according to the specific experimental conditions respectively
tested. The results obtained from analysis of the various experi-
mental data at different saturation temperatures, mass fluxes
and vapour qualities were used to determine the best predictive
models.
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Fig. 1. Schematic diagram of experimental apparatus for the condensation of R600a. [21].
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Fig. 2. Schematic diagram of test section for the condensation of R600a [22].
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2. Experimental apparatus and procedure

2.1. Experimental apparatus for the condensation of R600a inside a
horizontal tube

The experimental apparatus prepared for this study which is
illustrated in schematic form in Fig. 1, comprised three major units,
namely: the refrigerant cycle, the cooling water cycle and a data
collection unit made up of 20 components. Since R600a exhibits
combustible and explosive characteristics when mixed with air,
special care was taken to ensure that the experiment apparatus
was of ex-proof quality. The refrigerant was transferred to the test
area using an ex-proof Lewa Ecodos diaphragm pump with a pre-
cisely adjustable stroke and flow rate. To identify the flow rate of
the refrigerant, a coriolis-type flow meter with a measuring range
of 0–250 kg h�1 capable of measuring with a precision of ±0.10%
was employed. To ensure that the refrigerant pumped to the test
tube had the desired vapour quality at the inlet of the test tube,
an evaporator (4) was installed in the system. A schematic illustra-
tion of this evaporator has been given in the author’s previous pub-
lications [21,22].

The lower part of the evaporator yields saturated fluid and the
upper part yields saturated steam. Different vapour qualities
needed to be obtained for the purposes of the experimental study
and this is achieved as the steam leaving the evaporator passes
through the specially designed mixing chamber (6). Here it amal-
gamates with the liquid surface at a determined rate to form an
annular flow with no droplets. Annular flow is obtained in the mix-
ing chamber. The liquid–steam mixture in annular form passes
through a specially designed 10-cm sight glass of the same diame-
ter as a test tube (Fig. 2). To keep the heat loss minimised in the
sight glasses mounted on the inlet and outlet of the test tube
(8, 11), the glasses were coated with acetate and insulated by
means of the air layer between.

The test area is comprised of two concentric circular tubes. The
inner one is of copper and the outer one has a Plexiglas construc-

tion. The copper tube used as the test tube (10) has an outer diam-
eter of 6 mm and inner diameter of 4 mm, and the Plexiglas tube
has an inner diameter of 16 mm. To determine the pressure drop
occurring on the inlet and outlet of the test area, a differential
pressure transmitter (9) calibrated at a measuring range of
0–500 mm-wg with a precision of ±0.075% was installed in the
apparatus. A T-type thermocouple with a diameter of 0.3 mm
was installed on the test tube to measure the surface temperature.
Large, u-type grooves were slotted onto the walls of the tested cop-
per tube, and thermocouples were mounted in horizontal form and
attached to the tube to prevent wing effect. In the experimental
study, the (Tsat � Twi) difference was measured directly with a
gauge developed on the data collection unit as illustrated in the
author’s previous publications [21,22]. The refrigerant leaving the
test area reaches a liquid/vapour separator (12) where the liquid
and vapour content of the refrigerant is separated. The refrigerant
flows to the pressure-resistant graduated cups (14) to determine
the quantity of the condensate. On the other hand, its vapour is dri-
ven to the air-cooled condenser (13) installed in the apparatus,
condenses there and is then transferred to the receiver in liquid
form. To bring the cooling water received from a container to the
desired temperature, it is first heated and then accumulated in
constant the water that will be transferred to the test area at con-
stant temperature from getting impacted by vibrations due to the
pump, it is accumulated in another reservoir (18) fitted close to the
test area. From this reservoir, the cooling water flows to the test
area under its own static pressure. After the cooling water leaves
this reservoir at constant flow rate it passes through a turbine-type
Honsberg flow meter with a capacity of 2–10 l h�1 to reach the test
area. The temperature of the cooling water is measured by means
of RTDs fitted on the inlet and outlet of the test area. The flow of
the cooling water and the refrigerant in the test area is designed
in a counter flow pattern to ensure an almost constant (Tsat � Twi)
temperature difference along the tube. In the cooling cycle when
the refrigerant was circulating, pressures were measured by means
of Bourdon Haenni-type pressure transmitters with a measuring

Table 1
Uncertainty of experimental parameters.

Condensation of R600a inside horizontal tube Condensation of R134a inside vertical tube

Parameters Uncertainty Parameters Uncertainty

Tsat (�C) 0.069 Tsat (�C) 0.19
xi ±1.11–2.16% xi ±6.96–8.24%
DTsat (K) ±0.07 DTsat (K) ±0.191
(Tw,o � Tw,i)t (K) ±0.02 (Tw,o � Tw,i)t (K) ±0.045
(Tw,i � Tw,o)evap (K) ±0.011 (Tw,i � Tw,o)evap (K) ±0.13
mref (g s�1) ±0.019 mref (g s�1) ±0.023
mw,t (g s�1) ±0.281 mw,t (g s�1) ±0.35
mw,evap (g s�1) – mw,evap (g s�1) ±0.38
qt (kWm�2) ±2.1–3.3% qt (kWm�2) ±6.55-8.93%
qevap (kWm�2) ±3.78–4.9% qevap (kWm�2) ±12–14.81%
DPt (kPa) ±0.123 DPt (kPa) ±0.13

Table 2
Operating conditions of the study.

Refrigerant HFC-134a HC-600a

Test tube material, inner diameter d, length L Copper, /8.1 mm, 500 mm Copper, /4 mm, 1000 mm
Range of condensing pressure, Psat (bar) 10–12 4–5.73
Range of condensing temperature, Tsat (�C) 40–50 30–43
Range of mass flux, G (kg m�2 s�1) 300–400 75–115
Range of liquid Reynolds number, Rel 628.74–4630.31 208.33–1571.42
Range of vapour Reynolds number, Reg 139990–237243 21375–48875
Range of Lockhart–Martinelli number, X 0.015–0.12 0126–0.89
Range of average vapour quality, x 0.7–0.95 0.45–0.9
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Table 3
Frictional pressure drop models and correlations.

Number Frictional pressure drop model/correlation Model/correlation
1 Experimental frictional pressure

drop [15]
ðDPÞG ¼ gðaqg þ ð1� aÞqlÞL a ¼ 1

1þ 1�x
xð Þ qg

ql

� �
S

S ¼ 1� xþ x ql
qg

� �1=2
dP
dz

� �
M ¼ �G2 d

dz
x2
qga

þ ð1�xÞ2
q1ð1�aÞ

h i
dP
dz

� �
F ¼ dP

dz

� �
Exp � dP

dz

� �
G � dP

dz

� �
M

2 Lockhart and Martinelli [3]
X ¼ ðdP=dzÞl

ðdP=dzÞg

h i1=2
/2
l ¼ 1þ C

X þ 1
X2

dP
dz

� �
l ¼

flG
2ð1�xÞ2
2dql

dP
dz

� �
g ¼ fgG

2x2

2dqg

Rel ¼ Gdð1�xÞ
ll

f l ¼ 64
Re ðlaminarÞ f l ¼ 0:316

ðRe0:25l Þ ðturbulentÞ Reg ¼ Gdx
lg

fg ¼ 0:184
Re0:2g

ðturbulentÞ DP
L

� �
F ¼ /2

l
dP
dz

� �
l

C Liquid Vapor
20 Turbulent Turbulent
12 Laminar Turbulent
10 Turbulent Laminar
5 Laminar Laminar

3 Chisholm [4]
Y ¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ðdP=dzÞgo
ðdP=dzÞlo

r
dP
dz

� �
lo ¼ floG

2

2dql

dP
dz

� �
go ¼ fgoG

2

2dqg

/2
lo ¼ 1þ ðY2 � 1Þ½Bxð2�nÞ=2ð1� xÞð2�nÞ=2 þ xð2�nÞ� n ¼ Relo � 2100

Relo > 2100

�

f ¼ 8 8
Re

� �12 þ 2:457 ln 1
7
Reð Þ0:9þ0:27e=d

� �� 	16
þ 37530

Re

� �16( )�1:5
2
4

3
5
1=12

B ¼
55=

ffiffiffiffi
G

p

520= Y
ffiffiffiffi
G

p� �
15000= Y2 ffiffiffiffi

G
p� �

8>><
>>: for

0 < Y < 9:5
9:5 < Y < 28
28 < Y

DP
L

� �
F ¼ /2

lo
dP
dz

� �
lo

4 Friedel et al. [5–6]
E ¼ ð1� xÞ2 þ x2 ql fvo

qg flo
F ¼ x0:78ð1� xÞ0:24 H ¼ ql

qg

� �0:91 lg
ll

� �0:19
1� lg

ll

� �
We ¼ G2d

qTPr

qTP ¼ x
qg

þ 1�x
ql

� ��1
Fr ¼ G2

gdq
TP2

/2
lo ¼ Eþ 3:24FH

Fr0:045We0:035
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L

� �
F ¼ /2

lo
dP
dz

� �
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5 Chen et al. [33]
X ¼

0:0333Re0:45lo

Re0:09g ð1þ0:4expð�BoÞÞ Bo < 2:5

We0:2
ð2:5þ0:06BoÞ Bo 	 2:5

8<
: We ¼ G2d

rqTP
Bo ¼ gðql � qgÞ ðd=2Þ2

r

� �
dP
dz ¼ dP

dz

� �
FriedelX

6 Cavallini et al. [34–35]
E ¼ ð1� xÞ2 þ x2 ql fgo

qg flo
F ¼ x0:6978 H ¼ ql

qg

� �0:3278 lg

ll

� ��1:181
1� lg

ll

� �3:477
We ¼ G2d

rqavg

/2
lo ¼ Eþ 1:262FH

We0:1458
DP
L

� �
F ¼ /2

lo
dP
dz

� �
lo

7 Garimella et al. [36–37]
a ¼ 1þ 1�x

x

� �0:74 qv
ql

� �0:65 ll
lg

� �0:13� 	�1

Rel ¼ Gdð1�xÞ
llð1þ

ffiffiffi
a

p Reg ¼ Gdx
lg

ffiffiffi
a

p f ¼ 64
Re ðlaminarÞ

w ¼ jlll
r f ¼ 0:316

Re0:25
ðturbulentÞ dP

dz

� �
l ¼

flG
2ð1�xÞ2
2dql

dP
dz

� �
g ¼ fgG

2x2

2dqg

X ¼ ðdP=dzÞl
ðdP=dzÞg

h i1=2
jl ¼ Gð1�xÞ

ql ð1�aÞ
fint
fl
¼ AxaRebl w

c Rel < 2100 A ¼ 1:308� 10�3

a ¼ 0:4273 b ¼ 0:9295 c ¼ �0:1211 DP
L ¼ 1

2 fint
G2x2
qga2:5

1
d

8 Mishima and Hibiki [38] /2
l ¼ 1þ C

X þ 1
X2 C ¼ 21ð1� e�0:319dÞ DP

L

� �
F ¼ /2

l
dP
dz

� �
l

X should be calculated from Lockhart and Martinelli [3].
9 Wang et al. [39]

G > 200 kg m�2s�1C ¼ 4:56610�6X0:128Re0:938lo
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qg

� ��2:15 ll
lg
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10 Wilson et al. [40]

/2
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x

� �0:9 qg
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11 Souza et al. [41]
/2
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�C2
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C2 ¼ 1:773� 0:169Frl

�
Frl 	 0:7 C1 ¼ 7:242

C2 ¼ 1:655 Frl ¼ G
ql

ffiffiffiffi
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1ffiffiffi
f1

p ¼ �2 log ðe=dÞ
3:7 þ 2:51

Rel
ffiffiffi
f1

p
� �

Rel ¼ Gdð1�xÞ
ll
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12 Tran et al. [42]
/2
l ¼ 1þ ð4:3Y2 � 1Þ Nconf x0:875 þ x1:75Nconf ¼

r
gðql�qg Þ

h i1=2
d

DP
L

� �
F ¼ /2

lo
dP
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lo

(dP/dz)lo should be calculated from Chisholm [4].
13 Lee and Lee [43] /2

l ¼ 1þ C
X þ 1

X2 C ¼ AkqwrReslo k ¼ l2
l

qlrd
w ¼ ll j

r
DP
L

� �
F ¼ /2

l
dP
dz

� �
l

Liquid Vapor A q R s X Range Relo range
Laminar Laminar 6.833 � 10�8 �1.317 0.719 0.557 0.776–14.176 175–1480
Laminar Turbulent 6.185 � 10�2 0 0 0.726 0.303–1.426 293–1506
Turbulent Laminar 3.627 0 0 0.174 3.276–79.415 2606–17642
Turbulent Turbulent 0.408 0 0 0.451 1.309—14.781 2675–17757
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range of 0–10 bars and precision of ±0.2%. Temperatures were
measured by means of RTDs.

2.2. Experimental apparatus for the condensation of R134a inside a
vertical tube

Detailed descriptions of the experimental apparatus for study-
ing condensation of R134a inside a vertical tube can be found in
the authors’ previous publications.

3. Data reduction

The data reduction of the measured results can be analysed as
follows:

3.1. The inlet vapor quality of the test section (xTS,i)

xTS;i ¼
iTS;i � il@TTS;i

ifg@TTS;i

ð1Þ

Table 4
Main parameters of models and correlations.

Model number Main parameters of equations

ll lg ql qg qTP r x d G a S j w fl fg f Re Rel Reg Relo Rego Bo X We Fr

1 x x x x x x
2 x x x x x x x x x
3 x x x x x x x x
4 x x x x x x x x x
5 x x x x x x x x x
6 x x x x x x x x x x
7 x x x x x x x x x x x x x
8 x x x x x x
9 x x x x x x x x

10 x x x x x x
11 x x x x x x x x
12 x x x x x x
13 x x x x x x x x x x x

Table 5
Deviations of models according to the operating conditions during condensation tests of R134a.

R134a Model/Correlation number and deviation (%)

Tsat(�C) Psat (bar) G (kg m�2 s�1) xavg 2 3 4 5 6 7 8 9 10 11 12 13

40 10 300 0.9 39.16 44.22 20.66 8.01 �12.59 33.41 �92.18 39.14 29.52 44.84 91.58 –
40 10 300 0.8 41.77 43.48 24.38 13.29 0.53 34.65 �64.62 40.75 9.75 �21.21 91.24 –
40 10 300 0.75 15.51 37.74 26.66 17.45 10.32 35.24 �48.64 30.40 �11.27 �48.65 90.00 –
40 10 300 0.7 3.82 33.54 26.01 17.88 12.14 34.26 �28.64 21.32 �20.31 �50.08 89.08 –
50 12 300 0.9 33.61 39.92 13.71 6.05 �12.86 25.56 �102.40 35.61 15.08 19.48 88.87 –
50 12 300 0.8 24.75 28.72 3.00 �4.64 �18.96 14.04 �107.55 26.72 �21.16 �78.16 86.88 –
50 12 300 0.75 �26.26 18.14 4.14 �0.79 �6.93 12.13 �68.99 5.31 �56.91 �97.61 84.83 –
50 12 300 0.7 �44.75 8.44 �2.79 �7.23 �12.36 �57.79 �74.63 �8.00 �75.99 �124.35 82.97 –
40 10 400 0.95 42.67 53.27 33.92 14.28 9.40 45.51 �28.29 46.42 39.99 37.71 92.91 –
40 10 400 0.9 39.16 50.06 33.05 14.09 14.77 42.91 �112.63 43.42 17.78 �47.16 92.07 –
40 10 400 0.85 25.02 46.64 32.84 14.86 18.25 41.71 �38.37 29.63 3.59 �31.55 91.20 –
40 10 400 0.8 15.81 43.36 32.58 15.58 20.48 6.11 �27.31 20.01 �6.24 �43.74 90.37 –
50 12 400 0.95 34.51 40.48 14.77 �4.49 �8.47 27.94 �105.63 32.60 15.97 �2.73 88.89 –
50 12 400 0.9 28.64 43.45 22.27 5.55 7.24 32.23 �159.57 36.79 2.19 �85.81 89.30 –
50 12 400 0.85 8.74 40.20 23.08 7.67 13.01 31.28 �51.55 20.12 �15.32 �56.16 88.50 –
50 12 400 0.8 �3.07 36.42 23.12 8.85 16.28 �29.97 �43.25 9.22 �27.70 �77.67 87.58 –

Table 6
Deviations of models according to the operating conditions during condensation tests of R600a.

R600a Model/correlation number and deviation (%)

Tsat (�C) Psat (bar) G (kg m�2s�1) xavg 2 3 4 5 6 7 8 9 10 11 12 13

30 4 85 0.9 �13.15 16.18 �63.44 33.68 – �78.45 22.26 �61.24 – – 77.73 –
30 4 85 0.8 �24.72 5.04 �75.91 28.60 – �86.69 16.88 �71.78 – – 73.58 –
30 4 85 0.75 �30.96 �4.61 �78.68 27.19 – �80.64 16.34 �70.82 – – 69.03 –
30 4 85 0.7 �39 �15.11 �84.47 23.91 – �83.02 13.17 �75.06 – – 64.94 –
30 4 75 0.9 �2.21 27.48 �57.20 38.78 – 30.27 29.32 �25.63 – – 80.27 –
30 4 75 0.8 �13.10 16.45 �64.77 35.12 – 29.58 25.64 �30.63 – – 75.71 –
30 4 75 0.75 �22.36 5.28 �71.92 31.78 – 30.01 22.70 �32.73 – – 70.99 –
30 4 75 0.6 �27.21 �6.80 �71.65 30.70 – 36.47 23.79 �23.39 – – 65.04 –
43 5.73 115 0.85 �32.15 1.33 �49.56 26.94 – 8.98 10.19 �59.07 – – 73.99 –
43 5.73 115 0.7 �76.56 �44.79 �81.53 9.71 – �5.98 �11.27 �90.22 – – 57.77 –
43 5.73 115 0.65 �112.89 �87.01 �109.83 �5.89 – �17.80 �29.28 �112.70 – – 42.95 –
43 5.73 115 0.55 �147.17 �129.39 �138.16 �21.67 – �27.32 �45.93 �129.53 – – 27.48 –
43 5.73 95 0.85 �9.49 22.09 �34.80 39.13 – 27.19 26.80 �29.22 – – 77.94 –
43 5.73 95 0.7 �33.86 �5.39 �49.68 31.27 – 25.55 17.96 �36.66 – – 66.93 –
43 5.73 95 0.6 �49.13 �26.20 �60.73 24.89 – 25.51 12.26 �37.26 – – 58.50 –
43 5.73 95 0.45 �69.40 �54.37 �80.71 13.74 – 24.80 3.72 �36.88 – – 46.82 –
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where il@TTS;i is the enthalpy of the saturated liquid based on the
temperature of the test section inlet, ifg@TTS;i is the enthalpy of
vaporization based on the temperature of the test section inlet,
and iTS;i is the refrigerant enthalpy at the test section inlet, given
by:

iTS;i ¼ iph;i þ
Qph

mref
ð2Þ

where iph,i is the inlet enthalpy of the liquid refrigerant before enter-
ing the pre-heater, mref is the mass flow rate of the refrigerant, and
Qph is the heat transfer rate in the pre-heater:

Qph ¼ mw;phcp;wðTw;i � Tw;oÞph ð3Þ

where mw,ph is the mass flow rate of the water entering the pre-
heater, cp,w is the specific heat of water, and (Tw,i � Tw,o)ph is the
temperature difference between inlet and outlet positions of the
preheater.

3.2. The outlet vapor quality of the test section (xTS,o)

xTS;o ¼
iTS;o � il@TTS;o

ifg@TTS;o

ð4Þ
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Fig. 3. Comparison of frictional pressure drop correlations at different vapour
qualities of R134a for the mass flux of 300 kg m�2 s�1 and condensation temper-
ature of 40 �C inside vertical tube.
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Fig. 4. Comparison of frictional pressure drop correlations at different vapour
qualities of R134a for the mass flux of 300 kg m�2 s�1 and condensation temper-
ature of 50 �C inside vertical tube.
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where iTS,o is the refrigerant enthalpy at the test section outlet, il@TTS;o

is the enthalpy of the saturated liquid based on the temperature of
the test section outlet, and ifg@TTS;o is the enthalpy of vaporization.
The outlet enthalpy of the refrigerant flow is calculated from

iTS;o ¼ iTS;i � QTS

mref
ð5Þ

where the heat transfer rate, QTS, in the test section is obtained
from:

QTS ¼ mw;TScp;wðTw;o � Tw;iÞTS ð6Þ
where mw,TS is the mass flow rate of the water entering the test sec-
tion, and (Tw,o � Tw,i)TS is the temperature difference between water
at the outlet and inlet positions.

3.3. Uncertainties

The maximum uncertainties are shown in Table 1. The largest
uncertainties occurred in the low mass flux region. The uncertain-
ties of the experimental frictional pressure drop were around
±0.123 in the horizontal tube for R600a, ±0.13 in the vertical tube
for R134a. The procedures of Kline & McClintock [29] were used for
the calculation of all uncertainties. Operating conditions of the
study are given in Table 2.

4. Results and discussion

The following paragraphs present a summary of the operating
conditions of the models and correlations, and these are presented
in Table 3. The main variables of them are shown in Table 4 and
deviations of them according to the experimental frictional pres-
sure drop are shown in Tables 5 and 6. A comparison of experimen-
tal frictional condensation pressure drop against predicting models
using relevant annular flow of measured data during downward
condensation of R134a at high mass flux in a vertical smooth tube,
and condensation of R600a at low mass flux in a horizontal smooth
tube over a range of experimental conditions is shown in Figs. 3–
10.

Based on Hewitt and Robertson’s [30] flow pattern map for the
vertical tube and Tandon et al.’s [31] flow pattern map for the hor-
izontal tube, the data shown in all figures was collected in an annu-
lar flow regime and also checked by sight glass at the inlet and
outlet of the test section. In order to obtain annular flow conditions
at various high and lowmass fluxes, a specific vapour quality range
is kept at approximately between 0.7–0.95 in the 0.5 m long test
tube for R134a, and at between 0.45–0.9 in the 1 m long test tube
for R600a. In the present study various pressure drop models and
correlations are used to show the similarity of annular flow corre-
lations which are independent of tube orientation (horizontal or
vertical). Chen et al. [32] also mentioned this similarity in their
article.

Frictional pressure drop can be determined using the Lockhart
and Martinelli method [3] which expresses the division of viscous
drag to vapour kinetic energy in horizontal and vertical tubes.
This method was developed for adiabatic flow of air-benzene, ker-
osene and for water inside 1.5–26 mm tubes. Chisholm [4] devel-
oped a two-phase multiplier based on Lockhart and Martinelli
parameters [3] using steam in a tube. It is used for vertical and
horizontal tubes in the literature. Friedel [5,6] proposed a two-
phase multiplier considering surface tension effects with 25000
data points during adiabatic flow through the vertical and hori-
zontal channels with hydraulic diameters of more than 1 mm.
Moreover, the proportion of vapour dynamic viscosity to liquid
dynamic viscosity was below 1000 in his study. Chen et al. [33]
accounted for the effects of surface tension and mass flux includ-

ing Bond and Weber numbers in their model. They condensed
R410A at 5–15 �C in several horizontal tubes ranging from 3.17
to 9 mm in diameter for the mass fluxes of 50–600 kg m�2 s�1.

They also coupled air–water at room temperature in several
horizontal tubes ranging from between 1.02 and 7.02 mm in
diameter for the mass fluxes of 50–3000 kg m�2 s�1. Cavallini
et al. [34,35] modified Friedel’s [5,6] correlation to develop an
annular flow model during the condensation of R22, R134a,
R125, R32, R236ea, R407C, R410A in a 8 mm i.d. horizontal tube
for the mass fluxes of 100–750 kg m�2 s�1 at saturation tempera-
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Fig. 5. Comparison of frictional pressure drop correlations at different vapour
qualities of R134a for the mass flux of 400 kg m�2 s�1 and condensation temper-
ature of 40 �C inside vertical tube.
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tures between 30–50 �C. As a result of the study, a model for pre-
dicting condensing heat transfer coefficient was developed by
means of frictional pressure drop. Garimella et al. [36,37] devel-
oped a flow regime based model for intermittent and annular/
mist/disperse flow regimes regarding the condensation of R134a
in 0.5–4.91 mm i.d. horizontal tubes at the condensing tempera-
ture of 52 �C for mass fluxes of between 150–750 kg m�2 s�1.
Mishima et al. [38] investigated two-phase upward flow of air–
water in 1–4 mm i.d. vertical tubes. Their model has limitations
when it comes to accounting for the superficial velocities of va-
pour and liquid of phases. Wang et al. [39] studied the two-phase

flow pattern of R22, R134a and R407C in a 6.5 mm i.d. horizontal
tube for the mass fluxes of 50–700 kg m�2 s�1 at the condensing
temperatures of 2.6–20 �C. Wilson et al. [40] condensed R134a
and R410A in several 1.84–7.79 mm in diameter, horizontal, flat-
tened, round, smooth, axial and helical micro-fin tubes for mass
fluxes of between 75–400 kg m�2 s�1 at saturation temperatures
of 35 �C. Souza et al. [41] showed the effect of oil in R12 and
R134a on the pressure drop in a horizontal flattened tube with
a hydraulic diameter of 10.9 mm for the mass fluxes of 200–
600 kg m�2 s�1. Tran et al. [42] boiled R134a, R12 and R113 in
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Fig. 6. Comparison of frictional pressure drop correlations at different vapour
qualities of R134a for the mass flux of 400 kg m�2 s�1 and condensation temper-
ature of 50 �C inside vertical tube.
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Fig. 7. Comparison of frictional pressure drop correlations at different vapour
qualities of R600a for the mass flux of 85 kg m�2 s�1 and condensation temperature
of 30 �C inside horizontal tube.
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small diameter horizontal circular (2.4, 2.46, 2.92 mm) and rect-
angular tubes (4.06 � 1.7 mm) at boiling pressures between
138–836 kPa and for mass fluxes of between 33–832 kg m�2 s�1.
They proposed a pressure drop correlation modifying Chisholm
[4]’s correlation to consider surface tension effects. Lee and Lee
[43] studied the air–water couple to develop a two-phase multi-
plier for small hydraulic diameter (0.4 � 20 mm, 1.2 � 20 mm,
4 � 20 mm) rectangular horizontal channels. Their model has lim-
itations with the Reynolds number and Lockhart and Martinelli
[3] parameter.

The experimental frictional pressure drop shown in Table 3 and
defined as model number 1 is calculated by means of the extrac-
tion of the gravitational component and of the component due to
momentum change from the total measured pressure drop regard-
ing condensing fluid of R134a in a vertical tube. It should be noted
that the gravitational term of total measured pressure drop is ne-
glected for the condensation of R600a in the horizontal tube. The
experimental frictional pressure drop value is assumed to be the
comparative value in all the figures and in Tables 5 and 6. The
importance of void fraction models used for the determination of
gravitational and momentum terms of pressure drop has been
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Fig. 8. Comparison of frictional pressure drop correlations at different vapour
qualities of R600a for the mass flux of 75 kg m�2 s�1 and condensation temperature
of 30 �C inside horizontal tube.
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Fig. 9. Comparison of frictional pressure drop correlations at different vapour
qualities of R600a for the mass flux of 115 kg m�2 s�1 and condensation temper-
ature of 43 �C inside horizontal tube.
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examined in great detail in the author’s previous studies
[13,16,17].

The main parameters of frictional pressure drop models and
correlations mentioned in this study are shown in Table 4. They
are necessary for the validation of experimental results character-
ising the flow and accurate predictions for untested conditions.
Single phase–two phase pressure drop gradients (liquid only/va-
pour only), friction factors (liquid only/vapour only), Reynolds
numbers, Bond numbers, Weber numbers, Froude numbers and

Lockhart and Martinelli parameters were used as the main vari-
ables in the models and correlations given in Table 3. Reynolds
number gives a measure of the ratio of inertial forces to viscous
forces characterising different flow regimes such as laminar or tur-
bulent flow. Bond number expresses the ratio of body forces to sur-
face tension forces; low Bond numbers indicate surface tension
domination of the system. Weber number is defined as a measure
of the relative significance of the fluid’s inertia compared to its sur-
face tension. It is useful in analysing thin film flows where there is
an interface between two different fluids, and the formation of
droplets and bubbles. The Froude number is used to compare iner-
tial and gravitational forces. The Lockhart and Martinelli parameter
is used in internal two-phase flow calculations expressing the li-
quid fraction of a flowing fluid. Other important parameters belong
to fluid and geometric parameters such as mass flux, vapour qual-
ity, surface tension, density, dynamic viscosity in the frictional
models and correlations.

The data on the effects of heat flux, mass flux and condensation
temperature on the pressure drop are discussed in the authors pre-
vious publications [13,15,18] in detail. As can be seen from the fig-
ures, pressure drop decreases with decreasing mass flux and
increases with increasing vapour quality for the same condensing
temperature as expected. In addition to this, calculating from the
figures frictional pressure drop values at high condensing temper-
atures are lower than those at a low condensing temperature for
the same mass flux. Therefore, the different pressure drop charac-
teristics should be accounted for in the comparison of the heat
transfer performance of fluids in spite of the same condensing tem-
perature and mass velocity due to far different operating pressures.

In Figs. 3–6, experimental condensation frictional pressure drop
data for R134a inside a vertical tube are plotted against the various
models and correlations shown in Table 3 according to the conden-
sation temperatures of 40 and 50 �C for the mass fluxes of 300 and
400 kg m�2 s�1.

It is found that all data belong to the comparison of Cavallini
et al.[34,35] and Chen et al.’s [33] correlations with the experimen-
tal frictional pressure drop fall within ±20% for all the mass fluxes
and condensing temperatures of R134a. These correlations were
the most predictive correlations according to the various experi-
mental conditions in Table 5. The model of Cavallini et al. [34,35]
and Chen et al.’s [33] operating conditions explained above seems
similar to that of our study except for tube orientation. Moreover,
Chen et al. [33] used the Bond number in their model and this is
especially significant at high vapour qualities. In addition to this,
the majority of the data calculated by the Lockhart and Martinelli
[3], Friedel [5], Wang et al [39] and the Wilson et al. [40] correla-
tions all fall within ±30%. On the other hand, the Lee and Lee
[43] correlation is found to be incompatible with the experimental
data due to the inappropriate operating conditions and lack of flow
parameters in the equations. Nevertheless, the Garimella et al. [37],
the Mishima et al. [38], the Souza et al. [41] and the Tran et al. [42]
correlations also have poor agreement with the experimental data.
Deviations of all models and correlations for the condensation of
R134a inside vertical tube according to the different experimental
conditions can be clearly seen in Table 5.

In Figs. 7–10 the experimental condensation frictional pressure
drop data of R600a inside horizontal tube are plotted against the
various models and correlations shown in Table 3 according to
the condensation temperatures of 30 and 43 �C for the mass fluxes
of 75, 85, 95 and 115 kg m�2 s�1.

The majority of the data belonging to the comparison of fric-
tional pressure drops for the Chisholm [4], Chen et al. [33] and
Mishima and Hibiki [38]correlations fall within ±30% for the all
mass fluxes and condensing temperatures of R600a. These correla-
tions were the most predictive correlations according to the vari-
ous experimental conditions in Table 6. Mishima and Hibiki [38]
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Fig. 10. Comparison of frictional pressure drop correlations at different vapour
qualities of R600a for the mass flux of 95 kg m�2 s�1 and condensation temperature
of 43 �C inside horizontal tube.
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developed Chisholm’s [4] correlation for small diameter tubes and
the Chen et al. [33] correlation emphasises the importance of sur-
face tension force which should be taken into account as compared
to gravitational force for two-phase flow in small diameter tubes in
low mass flux regions due to low vapour shear forces. On the other
hand, the Cavallini et al. [34,35], Lee and Lee [43], Wilson et al. [40]
and Souza et al. [41] correlations are found to be incompatible with
the experimental data due to their inappropriate operating condi-
tions and the lack of flow parameters in the equations. Neverthe-
less, the Lockhart and Martinelli [3], Friedel et al. [5,6], Garimella
et al. [37], Tran et al [42] and Wang et. al. [39] correlations have
poor agreement with the experimental data. Deviations of all mod-
els and correlations for the condensation of R600a inside a horizon-
tal tube according to the different experimental conditions can be
clearly seen from Table 5.

In addition to these explanations, the pressure drop per length
shown in Figs. 3–10 is obtained from dividing the measured pres-
sure drop by the length between pressure taps. In our apparatus,
the length between pressure taps is 0.7 m for the vertical tube,
1.5 m for the horizontal tube.

5. Conclusion

The aim of this investigation was to compare frictional pressure
drop values obtained from various pressure drop models at high
mass flux during downward annular flow condensation of R134a
in a vertical, smooth, 8.1 mm i.d. copper tube, and at low mass flux
during annular flow condensation of R600a in a horizontal, smooth,
4 mm i.d. copper tube.

In this study, accurate and repeatable condensation pressure
drop data were taken and their applicability to the various pres-
sure drop models under different operating conditions was exam-
ined. This study performed tests for the validation of models with
different operating conditions. Moreover, there is little research on
the parameters used in this study described in the current litera-
ture. The content of this study is expected to fill this gap in the
literature.

Chisholm’s void fraction correlation [4] is used to calculate the
gravitational and momentum pressure drop. Frictional pressure
drop is obtained frommeasured total pressure drop data. The mod-
el by Cavallini et al. [34,35] and Chen et al. [33] valid for the annu-
lar flow regime can determine condensation frictional pressure
drop values fairly well for R134a. On the other hand, only Chen
et al. [33]’s correlation from this couple can predict the data well
for the new hydrocarbon R600a. It can be seen that, due to its
incompatible operating conditions as explained above, Lee and
Lee’s model [41] disappears in Figs. 3–6 and Table 5 for the con-
densation of R134a inside vertical tube and Cavallini et al.
[34,35], Lee and Lee [43], Wilson et al. [40] and Souza et al.’s [41]
models disappear in Figs. 7–10 and Table 6 for the condensation
of R600a inside a horizontal tube due to their values which are ex-
tremely higher than others.

According to the analysis in this paper, it is shown that annular
flow models are independent of tube orientation provided that
annular flow regime exists along the tube length and that they
are capable of predicting condensation pressure drop inside the
tested tubes.
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a b s t r a c t

Two-phase air–water flow characteristics are experimentally investigated in horizontal circular micro-
channels. Test sections are made of fused silica. The experiments are conducted based on three different
inner diameters of 0.53, 0.22 and 0.15 mm with the corresponding lengths of 320, 120 and 104 mm,
respectively. The test runs are done at superficial velocities of gas and liquid ranging between 0.37–
42.36 and 0.005–3.04 m/s, respectively. The flow visualisation is facilitated by systems mainly including
stereozoommicroscope and high-speed camera. The flow regime maps developed from the observed flow
patterns are presented. The void fractions are determined based on image analysis. New correlation for
two-phase frictional multiplier is also proposed for practical applications.

� 2009 Published by Elsevier Inc.

1. Introduction

Two-phase flow in micro-channel flow passages has been stud-
ied over the years. The clarifications of micro-scale effects on two-
phase flow and heat transfer characteristics have become more
necessary due to the rapid development of microstructure devices
used for several engineering applications including medical
devices, high heat-flux compact heat exchangers, and cooling
systems of various types of equipment such as high performance
micro-electronics, supercomputers, high-powered lasers.

In addition to the attractive phenomena caused by the signifi-
cant role of surface effects, this emerging field enables us to devel-
op powerful miniature devices for operation in a domain which
seemed to be unfeasible in the past. However, it is obvious that a
comprehensive understanding of the trends and parameters dom-
inating flow behavior in mini- and micro-channels is still lacking.
Thus, fundamental heat transfer and flow characteristics problems
encountered in the development and processing of micro-elec-
tronic-mechanical-systems (MEMS) have become a significant
challenge in the design and control of these micro-systems. Be-
cause of the requirement for new solutions to dissipate heat and
maintain uniform temperature distributions in modern devices, a
clear understanding of the major mechanisms affecting micro-

scale heat transfer is essential for optimum design and process
control of micro-systems.

Two-phase flow and heat transfer characteristics in small chan-
nels such as micro-channels and mini-channels are likely to be
strongly dependent on surface tension effects in addition to viscos-
ity and inertia forces, resulting in significant differences in two-
phase flow phenomena between ordinarily sized channels and
small channels. Several investigators have proposed criteria to ad-
dress the definition of a micro-channel. The proposed channel clas-
sifications are often based on different parameters. For instance,
arbitrary channel classifications based on the hydraulic diameter
Dh have been proposed. Recently, Mehendale et al. [1] employed
the hydraulic diameter as an important parameter for defining
heat exchangers and Kandlikar [2] proposed criteria for small flow
channels used in engineering applications.

In the past decade, there have been a relatively small amount of
publications available for both mini-channels and micro-channels
compared to those for ordinarily sized channels.

Triplett et al. [3,4] studied adiabatic two-phase air-deionized
water (DI water) flow characteristics in micro-channels with
hydraulic diameter ranging from 1.1 to 1.5 mm. The flow patterns
observed were bubbly, slug, churn, slug–annular and annular. The
measured void fraction and two-phase pressure drop in the rele-
vant flow regimes were also investigated. The void fraction data
were obtained, based on the image analysis.

Serizawa et al. [5] investigated the visualization of the two-
phase flow pattern in circular micro-channels. The flowing mixture
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of air and water in channels of 20, 25 and 100 lm in diameter and
that of steam and water in a channel of 50 lm in diameter were
conducted experimentally. Two-phase flow patterns obtained from
both air–water and steam-water flows were quite similar and their
detailed structures were described. The study confirmed that the
surface wettability had a significant effect on the two-phase flow
patterns in very small channels.

Chung and Kawaji [6] performed an experiment in order to dis-
tinguish two-phase flow characteristics in micro-channels from
those in mini-channels. Four different circular diameters ranging
from 50 to 526 lm were employed to examine a scaling effect on
nitrogen–DI water two-phase flow. The results including the flow
patterns, void fraction and two-phase pressure drop were
analyzed.

The applicability of several widely used viscosity models to the
pressure drop prediction of air–water flow through a 0.53 mm
diameter channel was examined by Saisorn and Wongwises [7].
The other relevant models for the two-phase flow pressure drop
prediction in micro-channels were also examined by Kawahara
et al. [8], Chung and Kawaji [6], Saisorn and Wongwises [9,10],
and Triplett et al. [4].

Although some information is currently available on flow pat-
tern, void fraction, and pressure drop in micro-channels, there still
remains room for further research.

The aim of this paper is to compare the two-phase air–water
flow characteristics in different size micro-channels. The results

are compared based on flow pattern, void fraction and two-phase
frictional pressure drop.

2. Experimental apparatus and procedure

The experiments were carried out using the apparatus along
with the instruments as shown in Figs. 1 and 2. The corresponding
details are described as follows. Fig. 1 illustrates a schematic dia-
gram of the test facility. Air, nitrogen gas, water and de-ionized
water are used as working fluids in the system. Instead of a con-
ventional pump, which may contribute to pulsation and fluid con-
tamination, either air or nitrogen gas and the liquid-filled tank are
combined and operated as a pneumatic pump to supply a constant
flow rate of liquid through test section. The mixing chambers as
shown in Fig. 2 are designed to introduce the air–water mixture
smoothly along the channel. The mixture flows freely from the
channel outlet where atmospheric pressure is realized. The gas
flow rates were able to be measured by four sets of rotameters
within the range of 5–50 sccm, 0.05–0.5, 0.2–2.0, 1–10 SCFH,
respectively. For liquid flow rate measurements, an electronic bal-
ance (320 ± 0.001 g) was used to measure the weight of the liquid
flowing freely from the outlet over a time. The test sections used in
this work are fused silica tubes with inner diameters of 0.53 mm
(320 mm length), 0.22 mm (120 mm length) and 0.15 mm
(104 mm length). The single-phase and two-phase pressure drops
across the test section were determined by two pressure transduc-

Fig. 1. Experimental apparatus.

Fig. 2. Mixing chamber.
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ers installed at the channel inlet. The low range pressure trans-
ducer was calibrated from 0 to 250 kPa with a ±0.5 kPa accuracy
and the high range one was calibrated from 0 to 1000 kPa with a
±2 kPa accuracy. Type T thermocouples were used to measure fluid
temperatures. The degree of uncertainty of the temperature mea-
surements was ±0.1 �C.

The detailed formation of each flow pattern is registered by pre-
cise stereozoom microscope (Nikon SMZ-1) having a continuous
zoom ranging between 0.7� and 3.0�, including 20� eyepieces
mounted together with a camera system (Fujifilm FinePix S7000)
having shutter speeds of 1/15 to 1/10,000 s and a frame rate of
30 frames per second. According to the above system, a magnified
image of up to 60 times can be obtained. In this study, however, the
magnification is adjusted so that the appropriate view field (L/
D = 10) is obtained. The region near the channel outlet is always se-
lected as the viewing window available for the captured image. An
adjustable light source consisting of 150 watt halogen lamp and
dimmer is placed under the test section to provide illumination
for the flow visualization. The lighting condition can be refined
by placing the frosted glass between the light source and the test
section.

The single-phase flow experiments with different fluids were
the first to be performed. Following this, the two-phase flow exper-
iments were conducted at various gas and liquid flow rates. In this
work, the gas flow rate was increased by small increments, while
the liquid flow rate was kept constant at a pre-selected value.
The system was allowed to approach steady conditions before
the fluid flow rates, flow patterns and pressure drops were re-
corded. Visual observation shows that different flow patterns
may occur with gas–liquid co-current flow in a horizontal micro-
channel. The main systems composing of stereozoom microscope
and high-speed camera are located above the test section to facil-
itate the flow visualisation. The image analysis was carried out to
estimate the void fraction based on the scale provided by
micrometer.

3. Results and discussion

3.1. Flow pattern

A camera used in this work is Fujifilm FinePix S7000 by which
the flow in the test section can be photographed with shutter
speeds of 1/15–1/10,000 s. For video system, the recording speed
or frame rate of the camera is 30 frames per second. In the present
work, two groups of images, including a number of images ex-
tracted from the video files and a set of photographed images shot
by the camera, are analysed for flow regime identification.

For a given experimental condition, the first step for the analy-
sis is to open a video file to see the fluids flowing through the test
section. With the image processing software, around 300 images
are extracted from the video file to conduct the flow regime iden-
tification. The identification process for the channels with diame-
ters of 0.53 and 0.22 mm is done based on the flow pattern
which is mostly observed under a given flow condition. In the case
of a 0.15 mm diameter channel, the process is done according to
grouping method associated with the appearance of flow patterns.

The image analysis is used for void fraction estimation and thus,
high quality of images is needed for the process. As a consequence
of this requirement, the other group of the photographs (around
50–70 images for each flow condition) shot by the camera are ana-
lysed for void fraction and are selected to illustrate the flow struc-
ture as presented in Fig. 3.

Fig. 3 shows typical photographs of various flow patterns ob-
tained from the test sections. Based on different channels, the flow
patterns are observed as follows.

3.1.1. 0.53 mm diameter channel
Four different flow patterns covering slug flow, throat-annular

flow, churn flow and annular–rivulet flow are observed.
Slug flow, which occurs at a relatively low air velocity, is char-

acterized by elongated bubble flowing in the axial direction.
Throat-annular flow is considered as a unique flow pattern in

micro-channels because this flow pattern has never been observed
in the ordinarily sized channels under normal gravity conditions.

Churn flow is characterized by a disruption near the bubble tail
of the slug flow pattern.

Annular–rivulet flow corresponds to the situation that both
annular flow and rivulet flow appear interchangeably as discussed
in Saisorn and Wongwises [9].

3.1.2. 0.22 mm diameter channel
Based on a 0.22 mm diameter channel, the observed flow pat-

terns include throat-annular flow, annular flow and annular–rivu-
let flow. It should be noted that annular flow is characterized by
the stable flowing of the water film on the tube wall and continu-
ous air in the tube core whereas annular–rivulet flow concerns
with the simultaneous appearance of both annular flow and rivulet
flow. The rivulet flow is a flow pattern characterized by the flowing
of a river-like water stream on the tube surface.

3.1.3. 0.15 mm diameter channel
There are four different flow patterns observed in a 0.15 mm

diameter channel. These flow patterns are liquid-alone flow,
throat-annular flow, serpentine-like gas core flow, which is charac-
terized by small ripple on the gas–liquid interface, and annular
flow. It is important to note that such four flow patterns tend to ap-
pear alternately with time even at a given flow condition. This
unstable appearance was also reported by Serizawa et al. [5],
Kawahara et al. [8] and Wu and Cheng [11]. The flow regimes for
the 0.15 mm circular micro-channel can be defined according to
the appearance of the flow patterns as follows.

(a) In the region of low gas flow rates, an alternating flow mode
consisting of liquid-alone flow, annular flow, and either or
both of throat-annular flow and serpentine-like gas core
flow is observed. A new flow pattern referred to as liquid/
unstable annular alternating flow (LUAAF) is represented
to describe these flow characteristics.

(b) A flow mode represented by liquid/annular alternating flow
(LAAF) pertains to the alternating appearance of liquid-alone
flow and annular flow (AF). This flow mode occurs in the
region of high liquid flow rates.

(c) In the region of high gas flow rates, the flow is quite stable
and only annular flow is observed.

3.2. Flow regime map

Parameters used in the presentation of flow pattern data are the
phase superficial velocities. The superficial velocities of gas (jG) and
liquid (jL) refer to the situation where the designated phase flows
alone in the channel. The present flow pattern transition maps per-
taining to two-phase air–water flow in horizontal circular micro-
channels with diameters of 0.53, 0.22 and 0.15 mm are shown in
Fig. 4. The lines along with the flow pattern names indicated on
the figure refer to the transition boundaries corresponding to dif-
ferent channels. An interesting point, which can be seen from the
comparison, is that the variation of channel diameter tends to have
no significant effects on the vicinity relating to the gas core flow
with deformed interface. The throat-annular flow regime based
on both channels with diameters of 0.53 and 0.22 mm corresponds
well with LUAAF regime obtained from a 0.15 mm diameter
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channel. However, in this region, generally observed in only small
channels, the interfacial waves appearing in the gas core flow
patterns become thin as the channel diameter is decreased. The
cause for this is due to the dominant role of surface tension on
the gas–liquid interface.

The present flow pattern maps are also compared with the tran-
sition lines by Garimella et al. [12] and Revellin and Thome [13]
who conducted the experiments with the phase change of refriger-
ant R134a in micro-channels.

The criteria for intermittent flow to wavy flow (or annular flow)
transition was proposed by Garimella et al. [12] as follows:

x 6 a
Gþ b

ð1Þ

where x denotes mass quality, G represents mass velocity and a and
b are given by

a ¼ 69:5673þ 22:595e0:2586d ð2Þ

b ¼ �59:9899þ 176:8137e0:3826d ð3Þ
where d stands for tube diameter in mm. The data points which fol-
low these criteria are considered to be located on the intermittent
flow regime and the others refer to either annular regime or wavy
regime. Figs. 5–7 show the comparisons of the present data with
the transition criteria by Garimella et al. [12]. For a 0.53 mm diam-
eter channel illustrated in Fig. 5, all flow pattern data, including slug
flow, throat-annular flow, churn flow and annular–rivulet flow, lie

Fig. 3. Photographs of two-phase flow patterns.
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in the intermittent flow regime and agree with the transition line by
Garimella et al. [12]. Also, such transition criteria seem to be in fair
agreement with the present data for the other two channels as
shown in Figs. 6 and 7.

The present data for the channel with the diameter of 0.53 mm
is compared with the transition lines by Revellin and Thome [13]
for flow boiling of R134a in a 0.51 mm diameter channel, in
Fig. 8. The dash lines along with the flow pattern names indicated
on the figure stand for the present transition boundaries whereas
the solid lines and the names refer to the transition boundaries
proposed by Revellin and Thome [13]. The comparison shows that
bubbly flow, bubbly/slug flow, slug flow and slug/semi-annular
flow obtained from Revellin and Thome [13] are located in the
vicinity of slug flow regime of the present study. Their semi-annu-
lar flow regime, which corresponds to gas core flow with deformed
interface, is found to agree well with our throat-annular flow pat-
tern. In the region of high gas flow rates, our annular–rivulet flow
is established, which is in relative agreement with their annular
flow.

3.3. Void fraction

Void fraction is also one of the most important parameters used
to evaluate the gravitational and accelerational terms in the total
pressure drop of two-phase gas–liquid flow in various channels.
Different methods available for void fraction estimation have been
used by previous researchers.

Conventional methods such as a constant electric current meth-
od generally used to measure void fraction in ordinarily sized

j

Fig. 4. Comparison of flow pattern maps.

Fig. 5. Comparison of the flow patterns for a 0.53 mm diameter channel with the
transition criteria by Garimella et al. [12].

Fig. 6. Comparison of the flow patterns for a 0.22 mm diameter channel with the
transition criteria by Garimella et al. [12].

0

Fig. 7. Comparison of the flow patterns for a 0.15 mm diameter channel with the
transition criteria by Garimella et al. [12].

Fig. 8. Comparison of the present transition lines for a 0.53 mm diameter channel
with the lines of Revellin and Thome [13].
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channels were carried out by Kariyasaki et al. [14] to obtain void
fractions in channels with three different diameters of 1, 2.4, and
4.9 mm. In a method based on quick-closing valves, Wongwises
and Pipathattakul [15] measured void fraction in an inclined nar-
row annular channel with a hydraulic diameter of 4.5 mm.

For channels with hydraulic diameters of less than around
1 mm, it may be convenient to estimate volumetric void fraction
by image analysis.

As previously mentioned, there are two sources of images
which are obtained from flow visualisation. For a given flow condi-
tion, the first group of the images refers to approximately 300
images extracted from the video file and the other group stands
for around 50–70 photographed images shot by the camera. The
flow pattern identification is conducted based on both groups
whereas the latter group, which corresponds to the images photo-
graphed with high shutter speed, is available for void fraction
estimation.

In the present work, the void fraction is the average value esti-
mated from about 50–70 photographed images. The image analysis
is considered by assuming symmetrical volumes, covering spheri-
cal and ellipsoidal segments as well as cylinders, formed by gas–
liquid interface. The volumetric void fraction was determined,
based on the micrometer scale with an accuracy of ±0.05 mm
and the effect of the curvature radius of the tube, which is firstly
introduced by Kawahara et al. [8], is taken into account for the esti-
mation. The uncertainty is around ±13% for the channels with
diameters of 0.53 and 0.22 mm, and around ±39% for the
0.15 mm diameter channel.

The void fraction data obtained from a 0.53 mm diameter chan-
nel were found to agree well with the linear relationship of Eq. (4)
which corresponds to the homogeneous flow model.

a ¼ b: ð4Þ
The Armand-type correlation of Eq. (5) recommended for small
channel [6] was found to represent well the data for a 0.22 mm
diameter channel.

a ¼ 0:833b: ð5Þ
For the two-phase flow in a channel having a diameter of 0.15 mm,
the measured void fractions were found to be no longer linear rela-
tionship. Instead, the data were correlated well by the empirical
form of Eq. (6) which is proposed by Kawahara et al. [8]. The non-
linear relationship is mainly attributed to the highly frequent
appearance of the gas core flow patterns which are inherent flow
with large slip ratios. In addition, Kwak et al. [16] reported that void
fraction data, obtained based on two-phase air–DI water flow
through a fractal-like branching flow network, showed the non-lin-
ear relationship as well.

a ¼ C1b
0:5

1� C2b
0:5 : ð6Þ

In Eqs. (4)–(6), a represents volumetric void fraction, b represents
volumetric quality, C1 and C2 are obtained based on the experimen-
tal data and are equal to 0.036 and 0.945, respectively.

According to the above discussion, Fig. 9 illustrates the mea-
sured results along with the data obtained from previous
researchers.

3.4. Two-phase frictional pressure drop

Prior to obtaining data for the frictional pressure drop and
two-phase multiplier, measurements of the total pressure drop
are taken under various different conditions. In this work, the total
pressure drop of a two-phase flow in each horizontal channel is
composed of three terms: frictional pressure drop, accelerational

pressure drop and pressure drop due to sudden contraction.
According to the recent publication reported by Abdelall et al.
[17], they reported that their data concerned with the air–water
two-phase pressure drop in the circular micro-channel having
abrupt flow area section agree very well with the slip model rather
than with the homogeneous model. Therefore, it is important to
note that the pressure drop due to sudden contraction should be
carefully evaluated and a comprehensive review of the relevant
calculations can be seen in Saisorn and Wongwises [10]. For the
largest channel with a diameter of 0.53 mm, very small differences
of up to 2% were indicated when the predictions obtained from the
Abdelall et al.’s correlation [17] were compared with those from
the homogeneous model. Nevertheless, for the other smaller chan-
nels, the sudden contraction pressure drops based on the Abdelall
et al.’s correlation [17] were up to 98% lower than those calculated
using the homogeneous flow model. Such considerable differences
obtained from the other smaller channels are mainly due to the rel-
atively high slip ratio as indicated in Fig. 9.

Finally, the two-phase frictional pressure drop in this study is
determined by subtracting the accelerational term and sudden
contraction term from the total pressure drop. For the sudden con-
traction term, the homogeneous flow model can be applicable in a
0.53 mm diameter channel whereas the Abdelall et al.’s correlation
[17] is used for calculating in the other smaller channels. Fig. 10
shows frictional pressure drop data for different size channels. As

Fig. 9. Void fraction data for different channels.

Fig. 10. Frictional pressure drop data for different channels.
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expected, reducing the channel diameter increases the frictional
pressure drop.

3.4.1. Two-phase frictional multiplier
The two-phase frictional multiplier for a smooth circular tube

can be proposed in the form of the Lockhart–Martinelli correlation
as follows:

/2
L ¼ 1þ C

vþ 1
v2 ; ð7Þ

where /2
L represents two-phase frictional multiplier, v represents

Lockhart–Martinelli parameter. The constant C in the equation is
the parameter which indicates the two-phase flow condition. The
value of this parameter proposed by Chisholm [18] varies from 5
to 20 depending on the flow condition of the gas and liquid. For in-
stance, the constant C = 20 when the gas and liquid flow is in the
turbulent region and C = 5 if the two-phase flow is in the laminar
region, which corresponds to the present study.

Mishima and Hibiki [19] proposed a correlation for the value of
C as a function of the channel diameter and thus, the relationship
between /2

L and v is given by

/2
L ¼ 1þ 21ð1� e�319Dh Þ

v
þ 1
v2 ð8Þ

where Dh stands for hydraulic diameter.
Recently, English and Kandlikar [20] proposed a correlation

which was modified, based on the Mishima and Hibiki’s correlation
[19] as shown in Eq. (9).

/2
L ¼ 1þ Cð1� e�319Dh Þ

v
þ 1
v2 ð9Þ

where the value of C depends on the flow condition and is similar to
that proposed by Chisholm [18]. For the present data, the two-
phase flow is in the laminar region and hence C = 5 is recommended
for the calculation.

It is found from Figs. 11–13 that mass flux plays the most
important role on the frictional multiplier data dealing with a
0.53 mm diameter channel but the dominating effect decreases
thereafter with decreasing the channel diameter. The reason for
this may be due to a level of the interaction between gas and liquid
phases. According to Eq. (7), the level of the interaction corre-
sponding to momentum coupling between the two phases can be
implicitly represented by C parameter relating to the experimental
data. Fig. 14 shows the data of C parameter obtained from different
channels. It is found that the C parameter decreases with decreas-

ing channel diameter. Additionally, the trend is similar way as that
reported by Fujita et al. [21] and Lee and Lee [22].

In addition to mass flux, Figs. 15–17 illustrate that the orderly
distribution of the data shows the dependence of flow pattern on
the frictional multiplier.

Fig. 11. Two-phase frictional multiplier data with various mass flux values for a
0.53 mm diameter channel.

Fig. 12. Two-phase frictional multiplier data with various mass flux values for a
0.22 mm diameter channel.

Fig. 13. Two-phase frictional multiplier data with various mass flux values for a
0.15 mm diameter channel.

Fig. 14. C parameter versus channel diameter.
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Concerned with the comparisons between the pressure drop
correlations and the measured data, it is found that the Lock-
hart–Martinelli correlation with C = 5 seems to be able to fairly
predict the results only obtained from the largest channel whereas

the Mishima and Hibiki’s correlation [19] tends to be predictable
for all three channels. The correlation proposed by English and
Kandlikar [20] shows good agreement with the data in the range
of very low mass flux values.

The pressure drop data are also compared with the correlation,
working for refrigerants under certain condition, which is pro-
posed by Muller-Steinhagen and Heck [23]. The correlation is given
by the following equation:

dPF

dz

� �
TP

¼ dPF

dz

� �
LO

þ 2x
dPF

dz

� �
GO

� dPF

dz

� �
LO

� 	� �
ð1� xÞ1=3

þ dPF

dz

� �
GO
x3 ð10Þ

where (dPF/dz)TP is two-phase frictional pressure gradient, (dPF/
dz)LO represents frictional pressure gradient for the total flow hav-
ing liquid properties and (dPF/dz)GO denotes frictional pressure gra-
dient for the total flow having gas properties. Fig. 18 shows all
present data compared with the predictions by Muller-Steinhagen
and Heck [23]. The comparison shows that 60% of the present data
fall within ±25% of the prediction by Muller-Steinhagen and Heck
[23]. According to this comparison, the mean absolute error is
around 0.13 MPa/m and the mean relative error is around 24%.

Although the pressure drop correlations presented by Mishima
and Hibiki [19] and English and Kandlikar [20] were proposed at
micro-scale, they do not take into account the mass velocity, vis-
cous and surface tension effects which have significant influence
on the two-phase flow in micro-channel. In this study, thus, the
correlation for C parameter, proposed by Lee and Lee [22], which
is developed based on two-phase air–water flow through horizon-
tal rectangular channels with hydraulic diameter ranging from
0.78 to 6.67 mm is modified here to determine the value of C for
the present test sections.

Based on all experimental data, a new correlation which takes
into account the major effects dominating in the two-phase flow
through micro-channel is expressed by

C ¼ 7:599� 10�3k�0:631w0:005Re�0:008
LO ð11Þ

where ReLO represents the all-liquid Reynolds number as given
below.

ReLO ¼ GD
lL

ð12Þ

where G is mass velocity and lL denotes liquid viscosity. k andw are
dimensionless parameters, introduced by Suo and Griffith [24],
which are defined as

Fig. 15. Two-phase frictional multiplier data with various flow patterns for a
0.53 mm diameter channel.

Fig. 16. Two-phase frictional multiplier data with various flow patterns for a
0.22 mm diameter channel.

Fig. 17. Two-phase frictional multiplier data with various flow patterns for a
0.15 mm diameter channel.

Fig. 18. Comparison of the experimental data with predictions by Muller-Steinha-
gen and Heck [23].
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k ¼ l2
L

qLrD
ð13Þ

w ¼ lLj
r

ð14Þ

where r, qL and j stand for surface tension, liquid density and total
superficial velocity, respectively.

Fig. 19 shows the two-phase frictional pressure gradient ob-
tained from measurement, (dP/dz)mea plotted against the two-
phase frictional pressure gradient obtained from prediction, (dP/
dz)pre. Based on 285 data points, the mean absolute error is
0.2 MPa/m and the mean relative error is 47.98%, and around 52
percent of the data fall within ±40% of the proposed correlations.

The present correlation is obtained based on the channels with
diameters of 0.53, 0.22 and 0.15 mm. The constant and all expo-
nents are obtained from the data regression analysis. A notable
point for the present correlation is addressed as follow. The expo-
nent for all-liquid Reynolds number is very small, indicating that
the C parameter is not strongly dependent on the mass velocity,
especially in relatively small diameters. This point is also evident
by Figs. 11–13.

4. Conclusion

Two-phase air–water flow is carried out in channels with diam-
eters of 0.15, 0.22 and 0.53 mm which are made of fused silica. The
gas superficial velocity and liquid superficial velocity are varied in
a range of 0.37–42.36 m/s and 0.005–3.04 m/s, respectively. Seven
different flow patterns including slug flow, throat-annular flow,
churn flow, annular–rivulet flow, annular flow, liquid-alone flow
and serpentine-like gas core flow are observed from the present
test sections. The relationships dealing with void fraction are ob-
tained, based on the measured data. The trend of the void fraction
in a 0.15 mm diameter channel is no longer linear relationship. The
two-phase pressure drop data indicate that mass flux and flow re-
gime have a detectable effect on the two-phase frictional multi-
plier. A new correlation taking into account the major effects in
two-phase flow through circular micro-channels is developed from
the present data.
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a b s t r a c t

This article reports a comparison of the differences between using measured and computed thermophys-
ical properties to describe the heat transfer performance of TiO2–water nanofluids. In this study, TiO2

nanoparticles with average diameters of 21 nm and a particle volume fraction of 0.2–1 vol.% are used.
The thermal conductivity and viscosity of nanofluids were measured by using transient hot-wire appara-
tus and a Bohlin rotational rheometer, respectively. The well-known correlations for calculating the ther-
mal conductivity and viscosity of nanofluids were used for describing the Nusselt number of nanofluids
and compared with the results from the measured data. The results show that use of the models of ther-
mophysical properties for calculating the Nusselt number of nanofluids gave similar results to use of the
measured data. Where there is a lack of measured data on thermophysical properties, the most appropri-
ate models for computing the thermal conductivity and viscosity of the nanofluids are the models of Yu
and Choi and Wang et al., respectively.

� 2009 Elsevier Inc. All rights reserved.

1. Introduction

Nanofluids are innovative heat transfer fluids engineered by
dispersing metallic or non-metallic nanoparticles with typical sizes
of less than 100 nm in conventional heat transfer fluids. This term
was coined by Choi [1] in 1995, and has since gained popularity.
Normally, common heat transfer fluids such as oil, water, and eth-
ylene glycol are used as the heat transfer fluid, and they are widely
used in many industries in power generation, chemical processes,
heating and cooling processes, transportation, microelectronics,
and other micro-sized applications. However, these fluids have
poor heat transfer properties compared with those of most solids,
and this is the primary hindrance to the development of heat trans-
fer equipment. The key idea is to disperse small solid particles in
common base liquids in order to enhance their heat transfer prop-
erties. In recent years, with the rapid development in the field of
nanotechnology, particles that are nanometer sized (normally less
than 100 nm), instead of micrometer sized are dispersed in
conventional base liquids in order to avoid problem of abrasion
of the flow channel. Many researchers demonstrated that nanofl-
uids have created various potential advantages, such as better
long-term stability, and little penalty in term of drop in pressure,
and can have drastically greater thermal conductivity compared

with millimeter or even micrometer sized particle suspensions.
Although nanofluids have significant potential for use in advanced
thermal applications, they remain in the early stages of develop-
ment. A decade ago, a number of researchers reported the heat
transfer and flow characteristics of the different nanofluids. More-
over, Trisaksri andWongwises [2], Duangthongsuk andWongwises
[3] and Wang and Mujumdar [4] reviewed the literature on the
general heat transfer characteristics of nanofluids, especially. In
our opinion, however, before starting to determine the heat trans-
fer performance of nanofluids, it is first necessary to know about
their thermophysical properties, especially thermal conductivity
and viscosity. Many researchers have used well-known correla-
tions for predicting the thermophysical properties of nanofluids
and many researchers have measured these properties. Their
works have been both theoretical and experimental. The sample
investigations which have reported the heat transfer of nanofluids
are summarized below.

Pak and Cho [5] evaluated the heat transfer performance of
c-Al2O3 and TiO2 nanoparticles dispersed in water flowing in a hor-
izontal circular tube under a turbulent flow regime experimentally.
The experimental results of Masuda et al. [6] were used to obtain
the relative thermal conductivity of nanofluids, while the viscosity
of nanofluids was measured using a Brookfield viscometer. The re-
sults indicated that the Nusselt number of nanofluids increased
with increases in the Reynolds number as well as the increases
in the particle concentration. Moreover, their results also showed
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that the heat transfer coefficient of the nanofluids with a particle
volume fraction of 3% was around 12% smaller than that of pure
water in the same condition. Finally, a novel heat transfer equation
for computing the Nusselt number of nanofluids was proposed.

Li and Xuan [7] and Xuan and Li [8] reported experimentally the
heat transfer performance and flow characteristics of Cu–DI water
nanofluids flowing through a straight tube under laminar and tur-
bulent flow conditions. The thermal conductivity and viscosity of
nanofluids were measured. The results indicated that the heat
transfer coefficient of nanofluids was remarkably higher than that
of water and the friction factor of nanofluids coincided well with
that of the water. Furthermore, new convective heat transfer corre-
lations were proposed to calculate the heat transfer coefficients of
the nanofluids for both laminar and turbulent flow conditions.

Wen and Ding [9] investigated the convective heat transfer
coefficient of Al2O3–DI water flowing through a copper tube under
a laminar flow regime experimentally. A KD2 thermal property
meter was used to measure the thermal conductivity of nanofluids
at 22 �C. The Einstein equation was used for calculating the viscos-
ity of nanofluids. The experimental results indicated that the local
heat transfer coefficient increased with increases in the Reynolds
number as well as increases in the particle volume concentration.
Moreover, the results also showed that the Shah correlation for
laminar flow and the Dittus–Boelter equation for turbulent flow
failed to predict the Nusselt number of nanofluids.

Ali et al. [10] studied the heat and mass transfer between air
and falling film with ultrafine Cu nanoparticles in a cross flow con-
figuration numerically. The thermophysical properties of nanofl-
uids were calculated from the following existing formulas: the
Hamilton and Crosser model (H–C model) [11] for thermal conduc-
tivity and the Brinkman equation [12] for viscosity. The results
indicated that the dehumidification and cooling process increased
under the following conditions: a low air Reynolds number, a high
Cu particle volume fraction, increases in the height and length of
the channel, and decreases in the channel width.

Roy et al. [13] investigated the heat transfer and wall shear
stress of radial laminar flow in a cooling system of water–c-
Al2O3 nanofluids compared with water, glycol, and oil, numerically.
The H–C model was used to compute the thermal conductivity and
the equation of Wang et al. [14] was used to calculate the viscosity
of nanofluids. Their results showed that the heat transfer rate and
wall shear stress were higher with increases in the particle concen-
tration as well as increases in the Reynolds number.

Ali and Vafai [15] reported numerical formulations to determine
the effects of the inclination angle of parallel-and-counter-flow on

heat and mass transfer between air and falling desiccant film, with
suspended Cu nanoparticles. The H–C model was used to calculate
the thermal conductivity whereas the Brinkman equation was used
to compute the viscosity of nanofluids. The results indicated that
the dehumidification and cooling process of air and the regenera-
tion process of the liquid desiccant were enhanced by an increasing
inclination angle for both parallel-and-counter flow channels.

Yang et al. [16] studied the heat transfer performance of graph-
ite nanoparticles dispersed in two liquids flowing in a horizontal
tube heat exchanger under laminar flow regimes. The thermal con-
ductivity and viscosity of nanofluids were measured using a tran-
sient hot-wire apparatus and a capillary viscometer, respectively.
The experimental results indicated that the heat transfer coeffi-
cient increased with increases in the Reynolds number and in the
particle volume concentration. Two graphite nanoparticle sources
at equal particle concentrations gave different values of the heat
transfer coefficients. The results also showed that the calculated
values of the Nusselt number using Li and Xuan’s correlation [7]
gave a higher value than the measured data did. Finally, a new heat
transfer correlation for predicting the Nusselt number of nanofl-
uids under laminar flow conditions was proposed by modifying
the Seider–Tate equation (1936).

Ding et al. [17] investigated the local heat transfer coefficient of
CNT-distilled water nanofluids flowing through a horizontal tube
under a laminar flow regime, experimentally. A KD2 thermal prop-
erty meter and a Bohlin CVO rheometer were used to measure the
thermal conductivity and viscosity of nanofluids, respectively. The
results showed that the local heat transfer coefficient of CNT nano-
fluids is much higher than that of pure water. This enhancement
depends on the flow conditions, CNT concentration, and the pH va-
lue. However, they indicated that the effect of pH value is smallest
compared with other parameters. Heris et al. [18,19] reported an
experimental study of the heat transfer performance of Al2O3–
water and CuO–water nanofluids flowing in an annular concentric
tube under a laminar flow regime. The Einstein equation was used
to calculate the viscosity of nanofluids whereas the H–C model and
Yu and Choi [20] model were used to compute the thermal conduc-
tivity of nanofluids. The experimental results showed that the heat
transfer coefficient increased with an increasing Peclet number
and particle volume concentration. Moreover, their results also
indicated that CuO–water nanofluids showed smaller heat transfer
enhancement than Al2O3–water nanofluids.

He et al. [21] studied experimentally the heat transfer perfor-
mance and pressure drop characteristic of TiO2–distilled water
nanofluids flowing through a vertical pipe in an upward direction

Nomenclature

Cp specific heat, J/kg K
D tube diameter, m
f friction factor
h heat transfer coefficient, W/m2 K
k thermal conductivity, W/m K
_m mass flow rate, kg/s
Nu Nusselt number
Pr Prandtl number
q heat flux, W/m2

Q heat transfer rate, W
Re Reynolds number
T temperature, �C

Greek symbols
/ particle volume fraction
e tube roughness

q density, kg/m3

l viscosity, kg/m s

Subscripts
ave average
f fluid
h heating fluid
in inlet
out outlet
p particles
nf nanofluid
w water
wall tube wall
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in both the laminar and turbulent flow regimes. A KD2 thermal
property meter and a Bohlin CVO rheometer were used to measure
the thermal conductivity and viscosity of nanofluids, respectively.
The experimental results showed that the local heat transfer coef-
ficient increased with an increasing concentration of nanoparticles
in both the laminar and turbulent flow regimes at a given Reynolds
number and particle size. The results also showed that the pressure
drop of the nanofluids was very close to that of the base fluid.

Nguyen et al. [22] studied the heat transfer coefficient of Al2O3–
water nanofluids flowing through an electronic liquid cooling sys-
tem under turbulent flow conditions, experimentally. The Chon
et al. equation [23] was used to calculate the thermal conductivity
of nanofluids. The results showed that the Nusselt number of the
nanofluids was much higher than that of the base liquid. Moreover,
their results also indicated that the nanofluid with a 36 nm particle
diameter gave a higher heat transfer coefficient than the nanofluid
which was 47 nm in size.

Ko et al. [24] reported an experimental study of the pressure
drop of carbon nanotubes dispersed in distilled water flowing
through a horizontal tube. An AR2000 viscometer (TA Instruments)
was used to measure the viscosity of nanofluids. The results
showed that the nanofluids prepared by the acid treatment (TCNT)
had much smaller viscosities than those made with surfactant
(PCNT). Moreover, both nanofluids showed larger friction factors
than the base fluids did.

Chein and Chuang [25] studied experimentally the heat transfer
performance of a microchannel heat sink (MCHS) using CuO–water
nanofluids as coolants. The thermal conductivity of nanofluids was
calculated using the H–C model while the Brinkman equation was
used to compute the viscosity. The results indicated that the pres-
ence of nanoparticles creates greater energy absorption than pure
water at a low flow rate and there is no contribution from heat
absorption when the flow rate is high.

Duangthongsuk and Wongwises [26] reported experimentally
the heat transfer performance and pressure drop characteristics
of TiO2–water nanofluid flowing in a horizontal double tube coun-
ter flow heat exchanger. The Yu and Choi model was used to calcu-
late the thermal conductivity of the nanofluids while the Einstein
equation was used to compute the viscosity of the nanofluids.
The results showed that the heat transfer coefficient of 0.2 vol.%
nanofluid is slightly larger than that of water by about 6–11%.
Moreover, the results also showed that use of nanofluid has a small
penalty in terms of pressure drop.

Santra et al. [27] investigated the heat transfer behaviour of Cu–
water nanofluids flowing through two isothermally heated parallel
plates, numerically. The thermal conductivity and viscosity of
nanofluids were calculated using the Patel et al. [28] equation
and Brinkman equation, respectively. Their results showed that
the local Nusselt number of nanofluids is larger than that of base
fluid and increases with increases in the Reynolds number as well
as with increases in the particle volume fraction.

Moreover, the other aspect of heat transfer performance of
nanofluids such as pool boiling heat transfer is shown in the pub-
lished article of Trisaksri and Wongwises [29].

As mentioned above, it is evident that some researchers mea-
sured the thermophysical properties of nanofluids and used them
to evaluate the heat transfer performance and flow characteristics.
However, some researchers used existing well-known equations to
calculate the thermophysical properties of nanofluids. Many
researchers (for example [5,9,14,21,30–32]) reported that the ther-
mophysical properties model underestimated the viscosity and
thermal conductivity of nanofluids. Mansour et al. [33] and Duang-
thongsuk and Wongwises [34] reported the effect of the thermo-
physical properties on the calculation of the heat transfer
performance of nanofluid; however, they did not consider the dis-
crepancy between use of the measured values and use of the calcu-

lated values of thermophysical properties to describe the Nusselt
number of nanofluids. So far, this article has aimed to report the
difference between the use of measured values and the use of cal-
culated values of themophysical properties, which affects the Nus-
selt number of nanofluids.

2. Sample preparation

In the present study, nanofluids provided by a commercial
source (DEGUSSA, VP Disp. W740�) are used as working fluid. This
mixture is composed of TiO2 nanoparticles with an average diam-
eter of 21 nm dispersed in water. The original particle concentra-
tion was 40 wt.%. In order to produce other required particle
volume fractions, dilution with water followed by a stirring action
was effected. Moreover, an ultrasonic vibrator was used to sonicate
the solution continuously for about 2 h in order to break down
agglomeration of the nanoparticles. The desired volume concentra-
tions used in this study were 0.2%, 0.6%, and 1.0% with pH values of
7.5, 7.1, and 7.0, respectively. From the pH values, it can be seen
that the solution chemistry of nanofluids is nearly neutral in nat-
ure. A transmission electron microscope (TEM) was used to
approximate the size of the primary nanoparticles. As shown in
Fig. 1, it is clear that the primary size of nanoparticles is approxi-
mately spherical with an average diameter of around 21 nm.

3. Experimental apparatus

The experimental system used in the present study is shown
schematically in Fig. 2. It mainly consists of a test section, two re-
ceiver tanks, a magnetic gear pump, a hot water pump, a cooler
tank, a hot water tank, and a collection tank. The test section is a
1.5 m long counter-flow horizontal double tube heat exchanger
with nanofluid flowing inside the tube while hot water flows in
the annular. The inner tube is made from smooth copper tubing
with a 9.53 mm outer diameter and a 0.7 mm thickness while
the outer tube is made from PVC tubing and has a 33.9 mm outer
diameter and 3 mm thickness. The test section is thermally iso-
lated from its upstream and downstream sections by plastic tubes
in order to reduce the heat loss along the axial direction. The differ-
ential pressure transmitter and T-type thermocouple are mounted
at both ends of the test section to measure the pressure drop and
the bulk temperature of the nanofluid, respectively. Thermocou-
ples are mounted at different longitudinal positions on the inner

Fig. 1. TEM image of dispersed TiO2 nanoparticles in water.
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tube surface of the wall, each with three thermocouples equally
spaced around the tube circumference. The inlet and exit temper-
atures of hot water are measured using T-type thermocouples
which are inserted into the flow directly. The receiver tanks of
60 L are made from stainless steel to store the nanofluid and hot
water leaving from the test section. The cooler tank with a
4.2 kW cooling capacity and a thermostat is used to keep the nano-
fluid temperature constant. Similar to the cooler tank, a 3 kW elec-
tric heater with a thermostat was installed to keep the
temperature of the hot water constant. The nanofluid flow rate
was controlled by adjusting the rotation speed of the magnetic
gear pump. The hot water flow rate was measured by a rotameter
while the nanofluid flow rate was evaluated directly from the time
taken for the exact mass of nanofluid to be discharged. For each
speed of the pump, five measurements were done. The average
of all data was used in the present study.

A portable programmable calibrator was used to calibrate all T-
type thermocouples with a maximum precision of 0.1 �C. The
nanofluid mass flow rates were determined by electronic balance.
The uncertainty of the electronic balance was ±0.0006 kg. Maxi-
mum uncertainty of the nanofluid mass flow rate was evaluated
as 2.2%. This uncertainty was taken into account to calculation of
the uncertainty of the Nusselt number.

Moreover, the uncertainty of the hot water mass flow rate is
±7% (full scale). As mentioned above, it can be evidently seen that
the uncertainty of the measured Nusselt number depends on the
temperature measurement, and nanofluid and hot water flow rate
measurement. The uncertainty of the measured Nusselt number
was evaluated from the Root Mean Sum Square Method and found
as 5%.

During the test run, wall temperatures of the test section, mass
flow rates of the hot water and nanofluids, and the inlet and exit
temperatures of the hot water and nanofluids were measured.

This study is a continuation of the authors’ previous work. The
details of the measurement of the thermal conductivity and viscos-
ity of nanofluids, including the effect of temperature on these
properties are presented in our previous article [35].

4. Data reduction

In this study, TiO2–water nanofluids with particle volume con-
centrations of 0.2%, 0.6%, and 1.0% are used to evaluate the heat
transfer performance of nanofluids. Thus, the Nusselt number of
nanofluids can be computed from the following equation.

The heat transfer rate from the heating fluid is calculated from:

Qw ¼ _mwCpwðTin � ToutÞw ð1Þ
where Qw is the heat transfer rate of the hot water and _mw is the
mass flow rate of the hot water.

The heat transfer rate into the nanofluid is computed from:

Qnf ¼ _mnf Cpnf ðTout � TinÞnf ð2Þ

where Qnf is the heat transfer rate of the nanofluid and _mnf is the
mass flow rate of the nanofluid.

The average heat transfer rate is defined as follows:

Qave ¼
Qw þ Qnf

2
ð3Þ

where Qave is the average heat transfer rate between the hot water
and the nanofluid.

In the experiments, only the data that satisfy the energy balance
conditions (jQw � Qnf j=Qave are less than 3%), are considered in the
analysis.

Finally, the Nusselt numbers of the nanofluid are computed
from the following equations.

Fig. 2. Schematic diagram of the experimental apparatus.
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hnf ¼ qave
Twall � Tnf

ð4Þ

Nunf ¼ hnf D
knf

ð5Þ

where hnf is the heat transfer coefficient of the nanofluid, qave is the
average heat flux between the hot water and the nanofluid, Twall is
the average temperature of the wall, Tnf is the bulk temperature of
the nanofluid, Nunf is the Nusselt number of the nanofluid, D is the
inner diameter of the test tube and knf is the thermal conductivity of
the nanofluid.

5. Thermophysical properties of nanofluid

The well-known correlations for calculating the thermophysical
properties of the nanofluid which are often cited by a number of
researchers are expressed as follows:

5.1. Thermal conductivity

One well-known equation for computing the thermal conduc-
tivity of nanofluid is the Hamilton and Crosser [11] model, which
is expressed in the following form:

knf ¼ kp þ ðn� 1Þkw � ðn� 1Þ/ðkw � kpÞ
kp þ ðn� 1Þkw þ /ðkw � kpÞ

� 	
kw ð6Þ

n ¼ 3=w ð7Þ
where n is the empirical shape factor and w is the sphericity, de-
fined as the ratio of the surface area of a sphere (with the same vol-
ume as the given particle) to the surface area of the particle. The
sphericity is 1 and 0.5 for the spherical and cylindrical shapes,
respectively. Moreover, / is the volume concentration, knf is the
thermal conductivity of the nanofluid, kp is the thermal conductivity
of the nanoparticles and kw is the thermal conductivity of the base
fluid.

Moreover, the thermal conductivity of the nanofluids is calcu-
lated from Yu and Choi [20], which is expressed in the following
form

knf ¼ kp þ 2kw þ 2ðkp � kwÞð1þ bÞ3/
kp þ 2kw � ðkp � kwÞð1þ bÞ3/

" #
kw ð8Þ

An alternative formula for calculating the thermal conductivity
was introduced by the Wasp [36] model, which is defined as
follows:

knf ¼ kp þ 2kw � 2/ðkw � kpÞ
kp þ 2kw þ /ðkw � kpÞ

� 	
kw ð9Þ

where b is the ratio of the nanolayer thickness to the original parti-
cle radius. Normally b = 0.1 is used to calculate the thermal conduc-
tivity of the nanofluid. For spherical particles, the results given by
the Wasp model coincide with those of the H–C model.

Murshed et al. [37] introduced the Bruggeman model [38] for
calculating the thermal conductivity of nanofluids which is ex-
pressed as follows:

knf ¼ 1
4
½ð3/� 1Þkp þ ð2� 3/Þkw� þ kw

4

ffiffiffiffi
D

p
ð10Þ

D ¼ ð3/� 1Þ2ðkp=kwÞ2 þ ð2� 3/Þ2 þ 2ð2þ 9/� 9/2Þðkp=kwÞ
h i

ð11Þ
Finally, Timofeeva et al. [39] introduced the effective medium

theory for computing the thermal conductivity of nanofluids,
which is defined as follows:

knf ¼ ½1þ 3/�kw ð12Þ

5.2. Viscosity

Brinkman [12] suggested an equation to calculate the viscosity
of the suspension, which is defined as follows:

lnf ¼
1

ð1� /Þ2:5
lw ð13Þ

In addition, Wang et al. [14] proposed a model to predict the
viscosity of nanofluids which is expressed as:

lnf ¼ ð1þ 7:3/þ 123/2Þlw ð14Þ
Drew and Passman [40] suggested the well-known Einstein’s

equation for calculating viscosity, which is applicable to spherical
particles in volume fractions less than 5.0 vol.% and is defined as
follows:

lnf ¼ ð1þ 2:5/Þlw ð15Þ
Furthermore, Batchelor [41] introduced a correlation for calcu-

lating the viscosity of nanofluids with spherical shape nanoparti-
cles which is defined as:

lnf ¼ ð1þ 2:5/þ 6:2/2Þlw ð16Þ

where lnf is the viscosity of the nanofluid and lw is the viscosity of
the base fluid.

5.3. Density and specific heat

The density and specific heat of the nanofluids are calculated by
use of the Pak and Cho [5] correlations, which are defined as
follows:

qnf ¼ /qp þ ð1� /Þqw ð17Þ

and

Cpnf ¼ /Cpp þ ð1� /ÞCpw ð18Þ
An alternative equation to compute the specific heat of the

nanofluids was suggested by Xuan and Roetzel’s equation [42],
which is defined as

ðqCpÞnf ¼ /ðqCpÞp þ ð1� /ÞðqCpÞw ð19Þ

where Cpnf is the specific heat of the nanofluid, Cpp is the specific
heat of the nanoparticles, and Cpw is the specific heat of the base
fluid.

Up to now, there are several models proposed for calculating
the relevant properties. However, only a few correlations have
been favorably accepted and often cited by a number of
researchers.

For thermal conductivity of nanofluids, the models used in the
present study are very famous. These models were developed
based on theoretical investigation and always used and cited by
many researchers. These models can be used to estimate the ther-
mal conductivity of nanofluids. .

Similarly, the viscosity of nanofluids can be calculated using dif-
ferent existing formulas obtained for two-phase mixtures. The first
well-known equation is the Einstein’s equation. This relation has
been found to be valid for particle concentration less than
2 vol.%. Then, this equation was extended to a more generalized
form by Brinkman [12]. Moreover, one more well-known relation
for calculating the viscosity of nanofluid was proposed by Bachelor
[41], in 1977. The effect of Brownian motion of particles in a statis-
tically homogeneous suspension was taken into account in this
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model and this model was often cited by a number of researchers
as well as Wang et al. [14] equation.

For the specific heat of the nanofluid, up to now, there are only
two well-known models to calculate the specific heat of nanofluids
which are Pak and Cho model [5] and Xuan and Roetzel model [42],
respectively. The first model is based on the volume fraction
whereas the second model is based on heat capacity concept. Both
models are often cited by a number of researchers for calculating
the specific heat of nanofluid.

As aforementioned, it is clearly seen that the correlations used
in this study are based on the results published in open literature
and often used and cited by many outstanding researchers. That is
the reason for choosing these models to calculate the thermophys-
ical properties of nanofluids for comparing with the experimental
data.

The properties of the nanofluid shown in the above equations
are calculated from water and nanoparticles at average bulk
temperature.

6. Results and discussion

The measurement results of the thermal conductivity and vis-
cosity of the nanofluids were expressed in a previous paper by

the author [35]. In respect of the heat transfer performance, TiO2

nanoparticles dispersed in water at 0.2%, 0.6%, and 1.0% by volume
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Fig. 3. Comparison between measured heat transfer coefficient and that calculated
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Fig. 4. Comparison of the specific heat equations of nanofluid as a function of
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Fig. 5. Comparison of the relative thermal conductivity of nanofluids between
measured data and the well-known correlations.

Particle volume fraction (%)
0.0 0.2 0.4 0.6 0.8 1.0 1.2

R
el

at
iv

e 
vi

sc
os

ity
 (

μ nf
/μ

w
)

0.95

1.00

1.05

1.10

1.15

1.20

Measured data
Brinkman eq.
Einstein eq.
Batchelor eq.
Wang et al. eq. 

Fig. 6. Comparison of the relative viscosity of nanofluid between measured data
and the well-known correlations.
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are used to investigate the Nusselt number of the nanofluid. How-
ever, before measuring the Nusselt number of the nanofluids, the
pure water is used as the test fluid to estimate the reliability and
accuracy of the experimental system. The results of the experimen-
tal Nusselt number are compared with those obtained from the
Gnielinski equation [43], which is defined as follows:

Nu ¼ ðf=8ÞðRe� 1000ÞPr
1þ 12:7ðf=8Þ0:5ðPr2=3 � 1Þ

ð20Þ

where Nu is the Nusselt number, Re is the Reynolds number, Pr is
the Prandtl number and f is the friction factor.
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Fig. 8. Effect of the thermal conductivity value of nanofluid on the prediction of the
Nusselt number of nanofluids.
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The friction factor can be calculated from Colebrook’s equation
[44] as follows:

1ffiffiffi
f

p ¼ �2:0 log
e=D
3:7

þ 2:51

Re
ffiffiffi
f

p
 !

ð21Þ

where e is the roughness of the test tube.
As shown in Fig. 3, the measured Nusselt number coincided well

with the calculated values for pure water.
Fig. 4 shows the specific heat ratio (Cpnf/Cpw) as a function of the

particle volume concentrations. The figure shows that the two dif-
ferent specific heat equations give significantly different values of
the specific heat ratio. Similarly, Figs. 5 and 6 show the variation
between relative thermal conductivity (knf/kw) and viscosity (lnf/
lw) of nanofluids as a function of the particle volume concentra-
tions, respectively. As shown in Fig. 5, it is clearly seen that all of
the well-known correlations for computing the thermal conductiv-
ity of nanofluids give results that are remarkably lower than those
given by the measured data. The results showed that the Yu and
Choi equation gives results closest to the measured data in com-
parison to the H–C model, Wasp model, Bruggeman model, and
even effective medium theory. Similar to the thermal conductivity,
Fig. 6 shows that the Wang et al. equation for calculating the vis-
cosity of nanofluids give results closest to the measured data in
comparison to the Brinkman equation, Einstein equation, and
Batchelor equation.

As mentioned above, it is evident that the various models and
the measured data give difference results for evaluating the ther-
mophysical properties of nanofluids. The following figures illus-
trate how big the difference is between the use of the measured
data and use of the various models to describe the heat transfer
performance of the nanofluids.

Fig. 7 shows that the Nusselt number increases with increases
in the Reynolds number as well as in the particle volume concen-
trations. The results also indicated that the specific heat models
have no significant effect on the prediction of the Nusselt number.
Fig. 8a–c shows the effect of the thermal conductivity value on the
calculation of the Nusselt number of nanofluids for particle volume
concentrations of 0.2%, 0.6%, and 1.0%, respectively. The results
showed that the different values of thermal conductivity give sim-
ilar results for evaluating the Nusselt number of nanofluids. Simi-
larly to the effect of the thermal conductivity, Fig. 9a–c shows
the effect of the viscosity value on the description of the Nusselt
number of nanofluid. The results indicated that the different values
of viscosity give similar results in evaluating the Nusselt number of
the nanofluids. However, the results also showed that use of the
viscosity model to describe the Nusselt number of nanofluids gives
different values compared with use of the measured data, by about
2–3%. In addition, the calculated values from the Wang et al. equa-
tion are closer to the results of the measured data than to the cal-
culated values using the other correlations.

Since the models for determining various properties of nanofl-
uids were developed from theoretical basis, it may be expected
that the effect of model predictions on the results for the use of an-
other nanofluids should give the same results.

7. Conclusions

The discrepancies between use of the measured data and use of
the well-known correlations of the thermal conductivity and vis-
cosity of nanofluid to describe the Nusselt numbers of nanofluids
were investigated. TiO2–water nanofluids with particle volume
concentrations of 0.2%, 0.6%, and 1.0% flowing under turbulent flow
conditions were tested. The results showed that all of the well-
known correlations underestimate the thermal conductivity and
viscosity of nanofluids compared with the measured data. More-

over, the different models gave different results. However, the
use of the thermophysical models for calculation of the Nusselt
number of nanofluids gave differences of a few percentage points
when compared with the measured data. Due to lack of measured
data on the thermophysical properties of the nanofluids, the use of
the Yu and Choi model for thermal conductivity and the Wang
et al. equation for viscosity to describe the Nusselt number of the
nanofluids gave good agreement with the use of the measured
data. Finally, measurement of the thermophysical properties of
nanofluids is an important way to address the transport behaviour
of nanofluids.
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a b s t r a c t

The heat transfer coefficient and pressure drop of R-134a inside a horizontal smooth tube and corrugated
tubes are experimentally investigated. The test section is a 2.0 m long counter-flow concentric double
tube heat exchanger with refrigerant flowing in the inner tube and cooling water flowing in the annulus.
A smooth tube and corrugated tubes having inner diameters of 8.7 mm are used as an inner tube. The
corrugation pitches are 5.08, 6.35, and 8.46 mm, respectively. The corrugation depth of all corrugated
tubes is fixed at 1.5 mm. The outer tube is made from smooth copper tube having an inner diameter
of 21.2 mm. The test runs are performed at the saturation temperatures of 40, 45, and 50 �C, heat fluxes
of 5 and 10 kW/m2, and mass fluxes ranging from 200 to 700 kg/m2 s. The results obtained from the cor-
rugated tubes are compared with that of the smooth tube. It is found that the corrugation pitches have a
significant effect on the heat transfer coefficient and pressure drop augmentations.

� 2010 Published by Elsevier Ltd.

1. Introduction

Heat exchangers can be improved by using various enhance-
ment techniques. In general, enhancement techniques can be di-
vided into two groups: namely active and passive techniques.
The active technique requires external forces such as an electric
field or acoustic or surface vibration, whereas the passive tech-
nique requires special surface geometries such as a rough surface,
extended surface, or fluid additives. Both active and passive tech-
niques were used by several researchers over a century ago to in-
crease the heat transfer rate in heat exchangers [1].

Micro-fin tubes have been successfully implemented in the air-
conditioning and refrigeration industries for effectively tube-side
performance. This success is because of their ability to significantly
improve the heat transfer coefficient [2–5] with only a moderate
increase of the friction penalty.

The corrugated tube is a kind of tube having corrugation on the
surface that is expected to increase the heat transfer coefficient
with a very small increase of the friction penalty, by mixing the
fluid boundary layers and also by limiting the growth of fluid
boundary layers close to the heat transfer surfaces. Corrugated
tubes are sometimes chosen in the design of industrial shell-and-
tube heat exchangers. The size of these heat exchangers can be re-
duced considerably by using corrugated tubes instead of smooth

tubes. Heat transfer enhancement using corrugated tubes has been
studied by several researchers as shown in Table 1. The heat trans-
fer and flow characteristics of working fluid in enhanced tubes
have been studied by a number of researchers, and some examples
of the most productive studies are described below.

Dong et al. [6] studied the turbulent friction and heat transfer
characteristics of four spirally corrugated tubes with various geo-
metrical parameters. Their results indicated that the spirally corru-
gated ribs have an effect on the enhancement of heat transfer but
not as large as the effect on the increases in friction.

Barba et al. [7] presented the experimental results of heat trans-
fer and pressure drop in corrugated tube, which is used in the
chemical and food industries for single-phase flow at moderate
Reynolds numbers of 100 < Re < 800. The working fluid used in
their study is ethylene glycol, which is a highly viscous Newtonian
fluid. The inside Nusselt number in the corrugated tube is im-
proved very significantly in comparison to those in the smooth
wall, while the friction factor increases up to a factor of 2.45–
1.83. Based on the experimental data, Nusselt number and friction
factor correlations are proposed for the periodically fully devel-
oped region.

Rainieri and Pagliarini [8] studied the thermal performances of
corrugated tubes in order to increase convective heat transfer. Ax-
ial symmetrical and helical corrugated tubes with different pitch
values were considered. The tests were conducted at Reynolds
numbers ranging between 90 and 800. The results showed that
the helical corrugation induces significant swirl components.
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Among all these previous studies, the most productive studies
have continually been performed by Zimparov [9]. Extended per-
formance evaluation criteria for enhanced heat transfer surfaces
at constant wall temperature were studied. Zimparov [10] pre-
sented heat transfer and isothermal friction pressure drop results
of two three-start and two single-start spirally corrugated tubes
combined with five twisted tape inserts with different relative
pitches. The friction factors and inside heat transfer coefficients ob-
tained from these tubes were higher than those obtained from the
smooth tube. Moreover, Zimparov [11,12] applied a simple mathe-
matical model for predicting the friction factors and heat transfer
coefficients in a spirally corrugated configuration combined with
a twisted tape insert flowing in the turbulent flow regime. The cal-
culated friction factors and heat transfer coefficients were com-
pared with the experimental data. The results showed that the
agreement between predicted and experimental data is fairly good.

Vicente et al. [13,14] experimentally studied the mixed convec-
tion heat transfer and isothermal pressure drop in corrugated
tubes for laminar, transition, and turbulent flow regions. At a high
Rayleigh number, the Nusselt number obtained from these tubes is
30% higher than that obtained from the smooth tube. The friction
factors of the corrugated tube were between 5% and 25% higher
than those of the smooth tube.

Naphon et al. [15] studied the heat transfer and pressure drop
characteristics of water flowing in horizontal double pipes with
helical ribs. Nine test sections with different characteristic param-
eters were tested, namely helical rib height to diameter h/d = 0.12,
0.15, and 0.19 and helical rib pitch to diameter p/d = 1.05, 0.78, and
0.63. It was found that the helical ribs have a significant effect on
the heat transfer and pressure drop augmentations. Both the pro-
posed correlations for the heat transfer coefficient and friction fac-
tor give good agreement with the present data to within 15%.

Targanski and Cieslinski [16] studied the evaporation for the
pure R407C and R407C/oil mixtures in two smooth tubes and
two enhanced tubes, experimentally. The advantages of the mi-
cro-fin tube and corrugated tube were quantified and discussed.
Test runs were performed as follows: inlet and outlet vapor quality
were set at 0 and 0.7, respectively, and mass flux density ranged
from 250 to 500 kg/m2 s. The experiments were conducted at an
average saturation temperature of 0 �C. It was found that the cor-
rugated tube and micro-fin tube had a significant effect on the heat
transfer coefficient and pressure drop augmentations.

Bilen et al. [17] experimentally investigated the heat transfer
and friction characteristics of an air flow in different grooved tubes
under turbulent flow regime. Reynolds numbers ranging from
10,000 to 38,000 were tested. The circular, trapezoidal, and rectan-

Table 1
Experimental investigation on the corrugated tube with various working fluid and tube configurations.

Sources D (mm) e/D p/D b (deg) Phase

Dong et al. [6] 16.04–22.82 0.0243–0.0398 0.438–0.623 78.8–82.1 Single phase
Barba et al. [7] 14.5 0.103 0.793 45 Single phase
Rainieri and Pagliarini [8] 14 0.107 1.143–4.571 – Single phase
Zimparov [9] 13.68–13.73 0.0407–0.0569 4.7–15.3 67.4–68 Single phase
Zimparov [10] 13.39–13.65 0.0371–0.0441 2.4–7.7 79.3–82.2 Single phase
Zimparov [11] 12.44–13.90 0.0224–0.0569 7.45–21.17 67.4–90 Single phase
Zimparov [12] 12.44–13.90 0.0224–0.0569 7.45–21.17 67.4–90 Single phase
Vicente et al. [13] 18 0.0239–0.0572 0.608–1.229 68–80 Single phase
Vicente et al. [14] 18 0.0239–0.0572 0.608–1.229 68–80 Single phase
Naphon et al. [15] 8.1 0.12–0.19 0.63–1.05 45 Single phase
Targanski and Cieslinski [16] 8.8 0.0511 0.681 77.75 Two phase
Bilen et al. [17] 36 0.0833 0.333–0.416 90 Single phase

Nomenclature

A surface area of the test section (m2)
cp specific heat at constant pressure (J/kg K)
D diameter (m)
e corrugation depth (mm)
G mass flux (kg/m2 s)
h heat transfer coefficient (W/m2 K)
i enthalpy (J/kg)
k thermal conductivity (W/m K)
L length of the test tube (m)
LMTD logarithmic mean temperature difference
m mass flow rate (kg/s)
Nu Nusselt number
p corrugation pitch (mm)
Pr Prandtl number
Q heat transfer rate (W)
Re Reynolds number
q0 0 heat flux (W/m2)
T temperature (�C)
x average quality
X Martinelli parameter

Greek letters
a void fraction
b helix angle (deg)

e relative roughness (m)
q density (kg/m3)
/2
l two-phase multiplier

l dynamic viscosity (Pa s)
DP pressure drop (Pa/m)

Subscripts
a acceleration
avg average
f friction factor
in inlet
i inside
l liquid
out outlet
o outside
ph pre-heater
ref refrigerant
sat saturation
TS test section
v vapor
w water
wall tube wall
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gular grooves were used as the test section. The tube’s length-to-
diameter ratio was 33. The maximum heat transfer enhancements
were up to 63% for the circular groove, 58% for the trapezoidal
groove, and 47% for the rectangular groove in comparison with
the smooth tube at the given Reynolds number.

In the above literature review, a number of researchers mainly
focused on the effects of the corrugation on the heat transfer coef-
ficient and pressure drop of single-phase flows in corrugated tubes.
Moreover, although many papers have been published on two-
phase flow, only one of these papers concerned the evaporation
of refrigerants inside corrugated tube; this was carried out by Tar-
ganski and Cieslinski [16]. It can also be noted that most of the
works were conducted by employing tubes having inside diame-
ters greater than 10 mm, the data obtained from tubes having
inside diameters less than 10 mm are relatively small. As a conse-
quence, the objective of this work is to study the heat transfer coef-
ficient and pressure drop during condensation of R-134a inside
horizontal corrugated tubes having inside diameters of 8.7 mm.

2. Experimental apparatus

A schematic diagram of the test apparatus is shown in Fig. 1.
The experimental apparatus was designed to determine the heat
transfer coefficient and pressure drop of pure R-134a over the
length of the test tube. The test loop consists of a test section,
refrigeration loop, cooling water flow loops, subcooling loop, and
the relevant instrumentation. The objective of the water loop be-
fore the test section is to provide controlled inlet quality. The sec-
ond water loop located in the test section can provide controlled
heat output from the test section. The subcooling loop is used to
prevent any two-phase flow condition of the refrigerant occurring
before it enters the refrigerant pump.

For the refrigeration circulating loop, liquid refrigerant is dis-
charged by a gear pump regulated by an inverter. The refrigerant
passes in series through a filter/dryer, sight glass tube, flow meter,
and pre-heater and enters the test section. The inlet quality before
entering the test section is controlled by the pre-heater. The pre-
heater is a spiral counter-flow heat exchanger that supplies energy
to provide a controlled inlet quality for vaporization of the refrig-
erant. Leaving the test section, the refrigerant is then condensed
and subcooled by the chilling loop that removes the heat input
from the pre-heater and test section, returns from the two-phase
refrigerant to a subcooled state, collects later in a receiver, and
eventually returns to the refrigerant pump to complete the cycle.

The test section is a horizontal counter-flow double tube heat
exchanger. The length of the heat exchanger is 2.0 m. The detailed
dimensions of the heat exchanger and the location of the thermo-
couples can be seen in Fig. 2. Fig. 3 shows a drawing of a helically
corrugated tube and nomenclature to describe the geometry. The
dimensions of the test section are shown in Table 2.

The inlet temperature of the water is controlled by a thermo-
stat. A differential pressure transducer and thermocouples are in-
stalled in the test section to measure the pressure drop and
temperature across the test section. The length between pressure
taps is 2.5 m. The system pressure of the refrigerant flow is mainly
controlled by a low temperature thermostat.

Refrigerant temperature and the tube wall temperatures in the
test section are measured by T type thermocouples. A total of
15 thermocouples are soldered at the top, bottom, and side at five
points along the tube as shown in Fig. 2. All the temperature mea-
suring devices are well calibrated in a controlled temperature bath
using standard precision mercury glass thermometers. The uncer-
tainty of the temperature measurements after considering the data
acquisition system is ±0.1 �C. All static pressure taps are mounted

Fig. 1. Schematic diagram of experimental apparatus.
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in the tube wall. The refrigerant flow meter is a variable area type.
The flow meter is specially calibrated in the range of 0.2–3.4 LPM
for R-134a by the manufacturer. Also, the differential pressure
transducer is calibrated by the manufacturer.

Experiments were conducted with various flow rates of refriger-
ant, vapor qualities of refrigerant entering the test section, heat
fluxes, and temperatures of refrigerant condensing in the test sec-
tion. In the experiments, the refrigerant flow rate in the test section
was controlled by adjusting the speed of the magnetic gear pump.
To vary the vapor qualities at the inlet of the test section, the heat-
ing water flow rate and the cooling water flow rate were varied by
small increments while the refrigerant flow rate was kept constant.
The cold water in the test section was circulated by centrifugal
pump to remove heat from the refrigerant to the water. During
each experiment, the heat transferred from the test section was
kept at a desired value. This might be obtained by simultaneously

adjusting and controlling the temperature and flow rate of the cold
water entering the test section. The system was allowed to ap-
proach the steady state before any data were recorded. After stabil-
ization, temperatures on the tube wall, refrigerant temperatures at
the locations mentioned above, inlet and outlet temperatures of
the heating water and cooling water, and flow rates of heating
water, cooling water, and refrigerant were recorded. The pressure
drop was measured by a pressure transducer installed between
the inlet and outlet of the test section. It was possible to carry
out the experiments by increasing the refrigerant flow rate while
the saturation temperature in the test section was kept constant.
The accuracies of the direct measurements and the uncertainties,
which are calculated from the root mean sum square method,
are shown in Table 3.

3. Data reduction

The data reduction of the measured results can be summarized
as follows:

3.1. The vapor quality at the test section inlet (xTS,in)

xTS;in ¼ iTS;in � if@TTS;in

ifg@TTS;in

ð1Þ

where if@TTS;in is the enthalpy of the saturated liquid based on the
temperature of the test section inlet, ifg@TTS;in is the enthalpy of

Section A-A Section B-B 

T-type thermocouple 

Water inlet Water outlet 

Sight glass Sight glass 

Refrigerant flow 

500 mm 500 mm 500 mm 500 mm 

A B 

ΔP

A B 

Fig. 2. Schematic diagram of the test section.

e 

β

p

p = Pitch 

e = Depth 

β = Helix angle 

Fig. 3. Drawing of a helically corrugated tube.

Table 2
The dimensions of the test section.

Parameter Smooth
tube

Corrugated
tube

Depth, e (mm) – 1.5 1.5 1.5
Pitch, p (mm) – 5.08 6.35 8.46
Helix angle, b (deg) – 79.47 76.56 74.20
Outside diameter, Do (mm) 9.52 9.52 9.52 9.52
Inside diameter, Di (mm) 8.7 8.7 8.7 8.7
Inside tube area, Ai (mm2) 54,663 82,789 76,773 72,045
Length of the test tube, L (mm) 2000 2000 2000 2000

Table 3
Uncertainties of measured quantities and calculated parameters.

Parameter Uncertainty

Temperature, T (�C) ±0.1
Pressure drop, DP (kPa) ±0.075%
Mass flow rate of refrigerant, mref ±2% full scale
Mass flow rate of water, mw ±5% full scale
Heat transfer rate at test section, QTS ±12.9%
Heat transfer rate at pre-heater, Qph ±8.5%
Condensation heat transfer coefficient, h ±18.8%
Average quality, x ±5.2%
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vaporization based on the temperature of the test section inlet, and
iTS,in is the refrigerant enthalpy at the test section inlet given by

iTS;in ¼ iph;in þ
Qph

mref
ð2Þ

where iph,in is the inlet enthalpy of the liquid refrigerant before
entering the pre-heater, mref is the mass flow rate of the refrigerant,
and Qph is the heat transfer rate in the pre-heater:

Qph ¼ mw;phcp;wðTw;in � Tw;outÞph ð3Þ

where mw,ph is the mass flow rate of water entering the pre-heater.

3.2. The vapor quality at the test section outlet (xTS,out)

xTS;out ¼
iTS;out � if@TTS;out

ifg@TTS;out

ð4Þ

where iTS,out is the refrigerant enthalpy at the test section outlet,
if@TTS;out is the enthalpy of the saturated liquid based on the temper-
ature of the test section outlet, and ifg@TTS;out is the enthalpy of vapor-
ization based on the temperature of the test section outlet. As a
consequence, the outlet enthalpy of the refrigerant flow is calcu-
lated as

iTS;out ¼ iTS;in � QTS

mref
ð5Þ

where QTS is the heat transfer rate in the test section is obtained
from

QTS ¼ mw;TScp;wðTw;out � Tw;inÞTS: ð6Þ
where mw,TS is the mass flow rate of the water entering the test
section.

3.3. The heat transfer coefficient (h)

h ¼ 1
1
Ui

� �
� 1

2k

� �
Diln Do

Di

� �
� Di

Do

� �
1
ho

� � ð7Þ

where Ui is the overall heat transfer coefficient, k is the thermal con-
ductivity of tube material, and ho is the outside heat transfer
coefficient.

Ui ¼ QTS

AiðLMTDÞ ð8Þ

where Ai is the inside tube surface and LMTD is the logarithmic
mean temperature difference.

LMTD ¼ DT1 � DT2

ln DT1
DT2

� � ð9Þ

DT1 ¼ Tref ;in � Tw;out ð10Þ
DT2 ¼ Tref ;out � Tw;in ð11Þ
where Tw,in and Tw,out denote the inlet and outlet temperatures of
the water on the annulus. Tref,in and Tref,out are the inlet and outlet
refrigerant temperatures.

Average outside heat transfer coefficient is calculated as

hoAo ¼ QTS

Twall;avg � Tw;avg
ð12Þ

where Ao is the outside test tube surface, Twall,avg is the average wall
temperature, and Tw,avg is the average cooling water temperature
flowing inside annulus.

3.4. The frictional pressure drop (DPf)

The total pressure drop, DPtotal, is expressed as the sum of the
two different components, as follows:

DPtotal ¼ DPf þ DPa ð13Þ

The two terms on the right-hand side represent the frictional pres-
sure drop (DPf) and accelerational pressure drop (DPa). The acceler-
ational pressure drop, DPa, was proposed by Tran [18]:

DPa ¼ G2 x2out
qvaout

þ ð1� xoutÞ2
qlð1� aoutÞ

 !
� x2in

qvain
þ ð1� xinÞ2
qlð1� ainÞ

 ! !

ð14Þ

where a is the void fraction and is presented by Zivi’s correlation
[19] as follows:

a ¼ 1þ ð1� xÞ
x

qv
ql

� �2
3

 !�1

ð15Þ

The frictional pressure drop, DPf, can be obtained by subtracting the
accelerational pressure drop from the total measured pressure drop.

4. Results and discussion

In the present study, the effects of corrugation pitch on the con-
densation heat transfer coefficient and pressure drop of R-134a in-
side horizontal corrugated tubes are experimentally investigated.
Before measuring the two-phase heat transfer and pressure drop,
a single-phase heat transfer test is first conducted to check the en-
ergy balance in the test section. The results indicate that the energy
balance between the cold water and the refrigerant is within 10%
for all runs. This ensures that the heat loss from the test section
is rather small and the test section is appropriate for the
measurement.

To check the suitability of the above experimental system for
the present measurement, the single-phase liquid R-134a heat
transfer data are measured first and compared with the well
known correlations from the Dittus–Boelter [20] equation and
the Gnielinski [21] equation, which are defined as follows.

The Dittus–Boelter equation is defined as

Nu ¼ hD
k

¼ 0:023Re0:8Pr0:4 ð16Þ

An alternative formula for calculating the Nu was introduced by
the Gnielinski equation, which is defined as

Nu ¼ 0:012ðRe0:87 � 280ÞPr0:4 ð17Þ

The friction factor data were compared with the well known corre-
lation from the Haaland equation [22] and the Blasius equation,
which are defined as follows.

The Haaland equation is defined as

1ffiffiffi
f

p ¼ �1:8 log
6:9
Re

þ
e
D

3:7

� �1:11
 !" #

ð18Þ

The Blasius equation is presented in the following form:

f ¼ 0:316

Re
1
4

ð19Þ

As shown in Figs. 4 and 5, an agreement between the experi-
mental results and the calculated values for single-phase liquid
R-134a can be seen.
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4.1. Heat transfer coefficient

Fig. 6 demonstrates the variation of the average condensation
heat transfer coefficient with average quality in the smooth
and corrugated tubes at a mass flux of 400 kg/m2 s, heat flux of
5 kW/m2, and saturation temperatures of 50 �C, respectively. Dur-
ing the condensation, the liquid film thickness gradually increases
and the thermal resistance is therefore increased, resulting in a
decrease in the heat transfer rate. A smaller liquid film thickness
together with higher vapor velocity at the vapor–liquid interface
results in an increase in the heat transfer coefficient when the
average quality is higher. The results reveal that the average heat
transfer coefficient increases with increasing average quality.

At the same average quality, the average condensation heat
transfer coefficient in the smooth tube is lower than that in corru-
gated tubes across the range of the average quality. This is because
the corrugated tube has a significant effect on mixing of the con-
densate film at the tube wall and increasing the turbulent flow.

The effect of the corrugation pitch on the heat transfer coeffi-
cient can be seen: the heat transfer coefficient tends to increase
as the corrugation pitch decreases. This is because the lower corru-
gation pitch promotes turbulence of the refrigerant flow and mix-
ing of the condensate film. These agitations are mainly due to
corrugation of the surface. The ratio of the convective heat transfer

coefficient of the corrugated tube to that of the smooth tube varies
from 1.1 to 1.5 under the same average quality. This means that the
corrugated tubes had a heat transfer coefficient approximately
10–50% higher than that of the smooth tube.

Fig. 7 displays the variation of the heat transfer coefficient
with mass flux in smooth and corrugated tubes at a heat flux of
5 kW/m2, saturation temperature of 40 �C, and average quality of
0.5. The figure shows that the average heat transfer coefficient in-
creases with increasing mass flux. The heat transfer coefficient ob-
tained from the smooth tube is relatively low when compared with
that obtained from corrugated tubes. The reason for this is similar
to the explanation concerning the corrugation pitch mentioned
above. However, the maximum heat transfer coefficient ratio of
the corrugated tube is up to 50% higher than that of the smooth
tube. It is obtained at the lowest mass flux of 200 kg/m2 s, satura-
tion temperature of 40 �C, and heat flux of 5 kW/m2.

4.2. Comparison of experimental data with existing correlations for
heat transfer coefficient

Fig. 8 shows a comparison of the experimental data for smooth
tube with the existing correlations proposed by Aker et al. [23],
Traviss et al. [24], Cavallini and Zechin [25], Chen et al. [26], Dob-
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son and Chato [27], Bassi and Bansal [28], and Nualboonrueng et al.
[29] for smooth tubes. Almost all the correlations give agreement
with the present data to be within 30%.

4.3. Pressure drop

Fig. 9 shows the variation in the frictional pressure drop with
average quality. The frictional pressure drop can be obtained by
subtracting the accelerational pressure drop from the total mea-
sured pressure drop. The pressure drops are obtained by dividing
the measured pressure drop by the length between pressure taps.
In our apparatus, the length between pressure taps is 2.5 m while
the length of the heat exchanger is 2 m. These figures show that for
smooth and corrugated tubes, the frictional pressure drop in-
creases with increasing average quality. The frictional pressure
drop obtained from the corrugated tube is significantly higher than
that obtained from the smooth tube. This is due to (1) drag forces
exerted on the flow field by the corrugation, (2) flow blockage due
to area reduction, (3) turbulence augmentation, and (4) rotational
flow produced by the corrugation depth (Vicente et al., [13,14]. The
ratio of the frictional pressure drop of the corrugated tube to that
of the smooth tube varies from 1.0 to 1.7 under the same average
quality. This means that the corrugated tubes had a frictional pres-

sure drop approximately 0–70% higher than that of the smooth
tube.

Fig. 10 displays the variation of the frictional pressure drop
with mass flux in smooth and corrugated tubes at a heat flux of
5 kW/m2, saturation temperature of 40 �C, and average quality of
0.5. The figure illustrates that the frictional pressure drop increases
with increasing mass flux. Compared with the smooth tube, the
frictional pressure drop obtained from the corrugated tube is rela-
tively high. However, the maximum frictional pressure drop ratio
of the corrugated tube is up to 70% higher than that of the smooth
tube. It is obtained at the lowest mass flux of 200 kg/m2 s, satura-
tion temperature of 40 �C, and heat flux of 5 kW/m2.

4.4. Comparison of experimental data with existing correlations for
pressure drop

The two-phase frictional multiplier for the smooth tube can be
calculated by using the Lockhart–Martinelli correlation as follows:

/2
l ¼ 1þ C

X
þ 1
X2 ð20Þ

The constant C in the above equation is the parameter which indi-
cates the two-phase flow condition. The value of this parameter
proposed by Chisholm [30] varies from 5 to 20 depending on the
flow condition of the vapor and liquid. For instance, the constant
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C = 20 when the vapor and liquid flow is in the turbulent region and
C = 5 when the two-phase flow is in the laminar region. Fig. 11 dis-
plays the frictional pressure drop for the smooth tube and shows
the comparison of the experimental data with the existing correla-
tion proposed by Lockhart and Martinelli [31] by using C = 10. The
results showed that this correlation gives good agreement with
the present data to be within 30%. The relationships of the two-
phase multiplier with the Martinelli parameter are plotted in
Fig. 12. As shown in this figure, almost all the measured data are
in the region between C = 5 and C = 20.

5. Conclusion

The effects of corrugation pitch on the condensation heat trans-
fer coefficient and pressure drop of R-134a inside horizontal corru-
gated tubes are experimentally investigated. A smooth tube and
corrugated tubes having inner diameters of 8.7 mm are used as
the inner tube. The corrugation pitches are 5.08, 6.35, and
8.46 mm. The corrugation depth of all corrugated tubes is fixed
as 1.5 mm. The test runs are performed at saturation temperatures
of 40–50 �C, heat fluxes of 5 and 10 kW/m2, and mass fluxes rang-
ing from 200 to 700 kg/m2 s. The experimental results show that
the average heat transfer coefficient and pressure drop increase
with increasing mass flux as well as average quality. In addition,
the results obtained from the corrugated tubes are compared with
those obtained from the smooth tube. It is found that the corruga-
tion pitches have a significant effect on the heat transfer coefficient
and pressure drop augmentations. The maximum heat transfer
coefficient ratio and frictional pressure drop ratio of the corrugated
tube are up to 50% and 70% higher than those of the smooth tube,
respectively.
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In the present study, new experimental data are presented for literature on the prediction of film thick-
ness and identification of flow regime during the co-current downward condensation in a vertical smooth
copper tube having an inner diameter of 8.1 mm and a length of 500 mm. R134a and water are used as
working fluids in the tube side and annular side of a double tube heat exchanger, respectively. Conden-
sation experiments are done at mass fluxes of 300 and 515 kg m�2 s�1. The condensing temperatures are
between 40 and 50 �C; heat fluxes are between 12.65 and 66.61 kWm�2. The average experimental heat
transfer coefficient of the refrigerant HFC-134a is calculated by applying an energy balance based on the
energy transferred from the test section. A mathematical model by Barnea et al. based on the momentum
balance of liquid and vapor phases is used to determine the condensation film thickness of R134a. The
comparative film thickness values are determined indirectly using relevant measured data together with
various void fraction models and correlations reported in the open literature. The effects of heat flux,
mass flux, and condensation temperature on the film thickness and condensation heat transfer coefficient
are also discussed for the laminar and turbulent flow conditions. There is a good agreement between the
film thickness results obtained from the theoretical model and those obtained from six of 35 void fraction
models in the high mass flux region of R134a. In spite of their different valid conditions, six well-known
flow regime maps from the literature are found to be predictive for the annular flow conditions in the test
tube in spite of their different operating conditions.

� 2010 Elsevier Inc. All rights reserved.

1. Introduction

In spite of a large number of flow pattern identification studies
of horizontal and upward flow, few investigators have examined
flow regime maps for downward flow.

The orientation and interaction of the liquid and vapor phases
inside the tubes are among the most significant characteristics of
two-phase flow. These phenomena are related to flow regime
and flow pattern. A specific kind of geometric distribution of the
phases is called a flow pattern or flow regime. The interfacial area
of the phases is affected by geometry, and thus mass, momentum,
and energy exchange between phases have come to play important
roles in the design. Different flow patterns may occur depending on
the tube position, the geometry of the tube, flow rates, superficial

velocities, and physical properties such as density, viscosity, and
surface tension of the two phases. Generally, flow patterns are ob-
served by visual inspection and include bubble flow, slug flow,
churn flow, wispy-annular flow, and annular flow for vertical
flow, and bubble flow, plug flow, stratified flow, wavy flow, slug
flow, and annular flow for horizontal flow. However, Hubbard
and Dukler [1] classified the flow patterns as separated flow pat-
terns (stratified flow, annular flow), intermittent flow patterns
(elongated bubble flow, slug/plug flow, churn/froth flow), and dis-
persed flow patterns (bubble flow, dispersed bubble flow).

Two-phase annular flow occurs widely in film heating and cool-
ing processes, particularly in power generation and especially in
nuclear reactors. This flow regime has received the most attention,
both analytically and experimentally, because of its practical
importance and the relative ease with which analytical treatment
may be applied. Annular two-phase flow is characterized by a
phase interface separating a thin liquid film from the gas flow in
the core region. In addition to this, condensate distribution inside
the tube wall is almost symmetric and there is high velocity vapor

0894-1777/$ - see front matter � 2010 Elsevier Inc. All rights reserved.
doi:10.1016/j.expthermflusci.2009.12.011
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flow in the core during annular flow. In this flow regime, it is gen-
erally true that due to the breakup of the disturbance wave, part of
the liquid phase is entrained as droplets into the gas core. It is also
accepted that mass, momentum, and energy transfers are strongly
affected by entrainment of the droplets to the gas core.

Two-dimensional flow pattern maps are used to determine flow
patterns depicting flow regime transition boundaries. It is usually
preferred that their coordinates have dimensional values such as
superficial velocities and mass fluxes instead of dimensionless
variables such as Weber number. Flow regime maps can be catego-
rized into two groups: experimental flow pattern maps and mech-
anistic flow pattern maps. The first is obtained from a large number
of experimental data and limited by its experimental parameters
such as fluid properties, tube diameter, and mass flux. The second
is built up from examination of various transition mechanisms
using fundamental equations and its range for different experi-
mental conditions is wider than the first one due to having incor-
porated system parameters. The most widely recommended flow
pattern maps for vertical tubes are those of Barnea et al. [2], Fair
[3], Hewitt and Robertson [4], Chen et al. [5], Zhao and Bi [6],
and for horizontal tubes, those of Baker [7], Mandhane et al. [8],
Thome [9], El Hajal et al. [10], Coleman and Garimella [11,12], Kat-
tan et al. [13], Taitel and Dukler [14], Weisman et al. [15], Breber
et al. [16], Soliman [17], Tandon et al. [18], and Mederic et al. [19].

Void fraction is an important parameter and is always used to
determine the flow pattern transition, heat transfer coefficient,
and two-phase pressure drop and is defined as the cross-sectional
area occupied by the vapor in relation to the area of the flow chan-
nel. Two-phase separated flow is commonly analyzed using the
slip flow model. In this model, it is assumed that the separated

phases have different uniform velocities. By contrast, the homoge-
neous model is defined as an ideal case, as it assumes a homoge-
neous mixture providing uniform velocities for both phases, and
for that reason it is the simplest method of determination of the
void fraction.

In the technical literature, numerous studies have been carried
out on the modeling of the void fraction and can be divided into
several groups: general void fraction models and correlations
[20–25]), K H parameter-based void fraction models and correla-
tions [26–28], flow regime-based void fraction models and correla-
tions [29–31], Lockhart and Martinelli parameter-based void
fraction models and correlations [32–40], and slip ratio void frac-
tion models and correlations [10,41–52]. A brief and comprehen-
sive overview of these works is presented in the authors’
previous publications [53,56,59,60].

This paper provides a comprehensive review of the published lit-
erature on flow regime maps in relation to a flow transition model
having a relationship between the film thickness and void fraction
models and correlations. The experiments include a wide range of
high mass fluxes with different saturation temperatures as they re-
late to 380 data points of R134a belonging to the condensation heat
transfer database of FUTURE Lab in KMUTT. Apart from the authors’
previous publications [53–65], few studies exist in the literature for
the investigation of heat transfer characteristics in a small diameter
vertical tube during co-current down flow condensation, and be-
sides this, there is no study with the experimental parameters of
this work and its content in the open literature. In this study, deter-
mination of the condensation film thickness is presented by means
of the model of Barnea et al. [2] and verified by relating the void
fraction models and correlations. In addition to this, the changes

Nomenclature

A inside surface area, m�2

C coefficient for the friction factor
cp specific heat, J kg�1 K�1

d internal tube diameter, m
f friction factor
Ft Froude rate parameter
G mass flux, kg m�2 s�1

g gravitational constant, m s�2

h heat transfer coefficient, W m�2 K�1

i enthalpy, J kg�1

ifg latent heat of condensation, J kg�1

j superficial velocity in Hewitt and Robertson’s map
K coefficient in Smith correlation
L length of test tube, m
m mass flow rate, kg s�1

Re Reynolds number
S perimeter over which the stress acts, m
s slip ratio
T temperature, �C
Q heat transfer rate, W
u velocity, m s�1

x mean vapor quality
X Lockhart–Martinelli parameter
We Weber number
DT vapor side temperature difference, Tsat � Twi, �C

Greek symbols
r surface tension, N m�1

q density, kg m�3

k property parameter of Baker flow regime map
w property parameter of Baker flow regime map
l dynamic viscosity, kg m�1 s�1

d film thickness, m
d dimensionless form of film thickness
a void fraction
s shear stress, N m�2

v kinematic viscosity, m2 s�1

Subscripts
a air
cond condensate
corr correlation
exp measured
g gas/vapor
H homogen
i inlet
int interfacial
l liquid
mdl model
o outlet
ph preheater
ref refrigerant
s superficial for one phase flow alone in the pipe
sat saturation
T total
TS test section
w water
wi inner wall

Exponentials
n exponent in Eq. (20)
m exponent in Eq. (21)
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in the heat transfer coefficient, vapor quality and condensation
temperature difference between the tube wall and refrigerant with
film thickness and verification of the void fraction values obtained
from the flow transition model are investigated. Moreover, flow re-
gime identification is performed using various flow pattern maps
valid for horizontal and vertical tubes to show the independence
of the annular flow regime from tube orientation [58,66].

2. Experimental apparatus and method

A schematic diagram of the test apparatus is shown in Fig. 1.
The refrigerant loop consists of a pre-heating loop, test section,
cooling loop and chilling loop. The refrigerant is circulated by a
gear pump controlled by an inverter. The refrigerant flows in series

through a filter/dryer, a sight glass tube, a refrigerant flow meter
and a preheater and enters the test section. A spiral counter-flow
double tube heat exchanger is designed to supply heat to control
the inlet quality of the refrigerant before entering the test section.
After exiting the test section, the chilling loop condenses and sub-
cools the refrigerant and removes the heat input from the pre-hea-
ter and test section, and ejects it into the surroundings. After leav-
ing the chilling loop, the refrigerant changes from the two-phase
refrigerant to a sub-cooled state. Eventually, the refrigerant returns
to the refrigerant pump to complete the cycle.

The test section, well insulated with a proper material to mini-
mize the heat loss, is a vertical counter-flow tube-in-tube heat ex-
changer with refrigerant flowing downward (co-current liquid and
vapor of R134a’s down flow) in the inner tube and cooling water

Fig. 1. Schematic diagram of experimental apparatus.
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Fig. 2. Schematic diagram of test section.
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flowing upward in the annulus. The inner and outer tubes are
made from smooth vertical copper having inner diameters of 8.1
and 26 mm, respectively. The length of the heat exchanger is
0.5 m. Fig. 2 shows the detailed dimensions of the heat exchanger
and the location of the thermocouples.

T-type thermocouples are used to measure refrigerant tempera-
ture and the tubewall temperatures in the test section. A total of ten
thermocouples are located on the sidewall at five points along the
test tube. A thermostat is used to control the inlet temperature of
the water. All the temperature measuring devices are calibrated in
a controlled temperature bath using standard precision mercury
glass thermometers. The uncertainty of the temperature measure-
ments is ±0.1 �C. All static pressure taps are mounted on the tube
wall. The refrigerant flowmeter is a variable area type. The flowme-
ter was calibrated in the range of 0–2.2 gal min�1 for HFC-134a by
the manufacturer. Pressure drop is measured by a differential pres-
sure transducer installedbetween the inlet andoutlet of the test sec-
tion. The length between pressure taps is 0.7 m. A low temperature
thermostat is used to control the system pressure of the refrigerant
flow. The differential pressure transducer and pressure gauges are
calibrated against a primary standard, the dead weight tester. All
signals from thermocouples and pressure transducers are recorded
by a data logger. Tests are performed in the steady state.

3. Data reduction and experimental uncertainty

The data reduction of the measured results can be analyzed as
follows:

3.1. The inlet vapor quality of the test section (xTS,i)

xTS;i ¼
iTS;i � il@TTS;i

ifg@TTS;i

ð1Þ

where il@TTS;i is the enthalpy of the saturated liquid based on the in-
let temperature of the test section, ifg@TTS;i is the enthalpy of vapor-

d

ugul

τint

τl

δ

Fig. 3. System model for analysis of annular downward vertical flow.

Table 1
Coefficients of the Eqs. (20) and (21) according to flow types.

Flow types Laminar flow Turbulent flow

Coefficients
n 1 0.2
m 1 0.2
Cl 16 0.046
Cg 16 0.046

Guess a value of 
δ

Use Eqs. (1), (4) 

and (27) to 

calculate x 

Use Eq. (28) to 

determine mg

Use Eqs. (12) to (15) 

and (17) to calculate 

Sl, Si, Al, Ag, δ

Substitute the computed 

δ , τint and τl values into 

Eq. (16) Level of accuracy 

Not acceptable accuracy 

Acceptable accuracy 
The guessed value of δ and the 

computed α value are correct 

Use Eq. (29) to 

determine ug

Use Eq. (25) to 

determine ugs

Flow pattern 

identification 

from Barnea et 

al.’s [2] map

Use Eq. (6) to 

calculate mcond

Use Eq. (26) to 

determine ul

Use Eq. (24) to 

determine uls

Use Eqs. (21) and (19) 

to evaluate fint,τint 

Use Eqs. (20) and (18) 

to evaluate fl,τl 

Use Table 1 to 

evaluate  

coefficients 

according to 

flow type

Use Eq. (30) to 

decide flow type

Fig. 4. Flow chart of iteration process.
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ization based on the inlet temperature of the test section, iTS,i is the
refrigerant enthalpy at the test section inlet and is given by:

iTS;i ¼ iph;i þ
Qph

mref
ð2Þ

where iph,i is the inlet enthalpy of the liquid refrigerant before
entering the pre-heater, mref is the mass flow rate of the refrigerant,
and Qph is the heat transfer rate in the pre-heater:

Qph ¼ mw;phcp;wðTw;i � Tw;oÞph ð3Þ

where mw,ph is the mass flow rate of the water entering the pre-
heater, cp,w is the specific heat of water, (Tw,i � Tw,o)ph is the temper-
ature difference between inlet and outlet positions of the preheater.

3.2. The outlet vapor quality of the test section (xTS,o)

xTS;o ¼
iTS;o � il@TTS;o

ifg@TTS;o

ð4Þ

where iTS,o is the refrigerant enthalpy at the test section outlet,
il@TTS;o is the enthalpy of the saturated liquid based on the outlet
temperature of the test section, and ifg@TTS;o is the enthalpy of vapor-
ization. The outlet enthalpy of the refrigerant flow is calculated as
follows:

iTS;o ¼ iTS;i � QTS

mref
ð5Þ

where the heat transfer rate, QTS, in the test section is obtained
from:

QTS ¼ mw;TScp;wðTw;o � Tw;iÞTS ð6Þ

wheremw,TS is the mass flow rate of the water entering the test sec-
tion, and (Tw,o � Tw,i)TS is temperature difference between outlet
and inlet position of the test section.

3.3. The average heat transfer coefficient

hexp ¼ QTS

AwiðTref ;sat � TwiÞ ð7Þ

where hexp is the experimental average heat transfer coefficient, QTS

is the heat transfer rate in the test section, Twi is the average tem-
perature of the inner wall, Tref,sat is the average saturation temper-
ature of the refrigerant at the test section inlet and outlet, and Awi is
the inside surface area of the test section:

Awi ¼ pdL ð8Þ

where d is the inside diameter of the test tube. L is the length of the
test tube.
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Fig. 5. Comparison of film thickness obtained from model regarding heat transfer
coefficient at different condensation temperatures and DTsat for the mass fluxes of
300 kg m�2 s�1 (a) and 515 kg m�2 s�1 (b) for the laminar flow data.
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Fig. 6. Comparison of film thickness obtained from model regarding heat transfer
coefficient at different condensation temperatures and DTsat for the mass fluxes of
300 kg m�2 s�1 (a) and 515 kg m�2 s�1 (b) for the laminar flow data.
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3.4. Uncertainties

The uncertainties of the Nusselt number and condensation heat
transfer coefficient in the test tube varied from ±7.64% to ±10.71%.
It should be noted that similar ranges of uncertainty with mini-
mum and maximum values exist in the literature. The procedures
of Kline and McClintock [67] were used for the calculation of all
uncertainties. Various uncertainty values of the study can be seen
from authors’ previous works [54,61,63].

3.5. Calculation procedure for the annular flow model

The steady-state physical model of downward annular flow
condensation of R134a in a vertical tube is shown in Fig. 3. Details
of the development of the relationship among the film thickness
and the flow parameters and flow pattern transition mechanisms
can be seen in Barnea et al. [2].

Momentum balances of liquid and vapor phases can be defined
respectively as follows:

� Al
dP
dx

� �
� slSl þ sintSi þ qlAlg ¼ 0 ð9Þ

� Ag
dP
dx

� �
� sintSi þ qgAgg ¼ 0 ð10Þ

Eqs. (9) and (10) can be rearranged, equating pressure drop as:

sintSi
1
Al

þ 1
Ag

� �
þ gðql � qgÞ � sl

Sl
Al

¼ 0 ð11Þ

Flow cross-sectional areas and perimeters over which the stress
acts are expressed respectively as:

Sl ¼ pd ð12Þ
Si ¼ pðd� 2dÞ ð13Þ
Al ¼ pðdd� d2Þ ð14Þ

Ag ¼ p d
2
� d

� �2

ð15Þ

Eq. (16) can be obtained from the substitution of Eqs. (12)–(15) into
Eq. (11)

sint
dðd� d2Þð1� 2dÞ þ gðql � qgÞ �

sl
dðd� d2Þ ¼ 0 ð16Þ

where the dimensionless form of film thickness is determined as:

d ¼ d
d

ð17Þ

Liquid shear stress and interfacial shear stress are calculated
respectively as follows:

sl ¼ fl
qlu

2
l

2
ð18Þ

sint ¼ fi
qgðug � ulÞ2

2
ð19Þ
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Fig. 7. Comparison of film thickness obtained from model regarding DTsat at
different condensation temperatures for the mass fluxes of 300 kg m�2 s�1 (a) and
515 kg m�2 s�1 (b) for the laminar and turbulent flow data.
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Fig. 8. Comparison of film thickness obtained from model regarding vapor quality
at different condensation temperatures and DTsat for the mass fluxes of
300 kg m�2 s�1 (a) and 515 kg m�2 s�1 (b) for the laminar and turbulent flow data.
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where the liquid and interfacial friction factor are evaluated respec-
tively as:

fl ¼ Cl
dlul

ml

� ��n

ð20Þ

fint ffi fg ¼ Cg
dgug

mg

� ��m

ð21Þ

where

dl ¼ 4Al

Sl
¼ 4dðd� d2Þ ð22Þ

dg ¼ 4Ag

Sg
¼ ð1� 2dÞd ð23Þ

ul ¼ uls

4ðd� d2Þ ð24Þ

ug ¼ 4ugs

1� 4dþ 4d2
ð25Þ

It should be noted that the coefficients of Eqs. (20) and (21) can be
obtained from Table 1 using Eq. (30).

Condensate flow rate can be obtained from Eq. (6), and thus
condensate velocity is determined from Eq. (26) as:

mcond ¼ qlAlul ð26Þ
Vapor flow rate is obtained from Eq. (27), and thus vapor veloc-

ity is determined as follows:

x ¼ xTS;i þ xTS;o
2

ð27Þ
mg ¼ xmT ð28Þ
mg ¼ qgAgug ð29Þ

Liquid Reynolds number can be determined to decide if flow is lam-
inar or turbulent as:

Rel ¼ Gdð1� xÞ
ll

< 2300 laminar
> 2300 turbulent

�
ð30Þ

The void fraction value from the model is estimated using an
estimated film thickness value shown in Fig. 4, assuming d� d
as follows:

a ¼ Ag

A
¼ 1� d

r

� �2

¼ 1� 4d
d

ð31Þ

The film thickness, void fraction, and interfacial shear can be
determined using an iterative technique for specified mass flux, va-
por quality, condensation pressure, and thermo physical proper-
ties. After estimating a value for film thickness, Eqs. (12), (13),
(14), (15), and (17) should be used to evaluate the dimensionless
film thickness value, flow areas, and perimeters of phases. By
means of Eqs. (1), (4), and (27), desired vapor quality can be calcu-
lated. Using Eqs. (28), (29), and (25), mass flux, velocity, and the
superficial form of vapor are determined respectively and at the

αmdl

α co
rr

0.70

0.75

0.80

0.85

0.90

0.95

1.00
Chisholm [49]
Smith [44]
Yashar [38]
Turner and Wallis[34]
Spedding and Chen [51]
Chisholm and Armand [25,21]

+10%

-10%
G=300 kg m-2s-1

Tsat=40 oC

αmdl

0.70 0.75 0.80 0.85 0.90 0.95 1.00

0.70 0.75 0.80 0.85 0.90 0.95 1.00

α co
rr

0.70

0.75

0.80

0.85

0.90

0.95

1.00
Chisholm [49]
Smith [44]
Yashar [38]
Turner and Wallis [34]
Spedding and Chen [51]
Chisholm and Armand [25,21]

+10%

-10% G=300 kg m-2s-1

Tsat=50 oC

(a)

(b)

Fig. 9. Comparisons between the model and calculated void fraction values for the
mass flux of 300 kg m�2 s�1 at the condensing temperatures of 40 �C (a) and 50 �C
(b) using laminar and turbulent flow data.
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mass flux of 515 kg m�2 s�1 at the condensing temperatures of 40 �C (a) and 50 �C
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same time condensation rate, velocity, and the superficial velocity
of the liquid phase are calculated using Eqs. (6), (26), and (24)
respectively. It should be noted that having the superficial vapor
and liquid velocities, flow identification of data can be performed
from the flow pattern map of Barnea et al. [2]. After deciding the
flow type using Eq. (30) and selecting coefficients from Table 1,
interfacial and liquid friction factors and shear stresses can be ob-
tained from Eqs. (21), (20), (19), and (18) respectively. The esti-
mated dimensionless film thickness value and calculated
interfacial and liquid shear values are substituted into Eq. (16).
These values are updated and the film thickness value is repeatedly
estimated until convergence. If the level of accuracy is acceptable,
the values of estimated film thickness and void fraction value cal-
culated by Eq. (31) are correct. This procedure can also be seen in
Fig. 4.

In addition to the above explanations, the variables below are
used in the calculations of flow pattern maps in the paper as
follows:

Superficial momentum fluxes of the liquid and gas phases can
be determined respectively for the calculations of Hewitt and Rob-
erts’ flow pattern map [4] as follows:

qlj
2
l ¼ ½Gð1� xÞ�2

ql
ð32Þ

qgj
2
g ¼ ½Gx�2

qg
ð33Þ

The property parameters of Baker’s flow regime map [7] and the
liquid and vapor phases of mass flux are defined respectively as
follows:

k ¼ qg

qa

ql

qw

� 	1=2
ð34Þ

w ¼ rw

r

� � ll

lw

� �
qw

ql

� �2
" #1=2

ð35Þ

Gl ¼ Gð1� xÞ ð36Þ
Gg ¼ Gx ð37Þ

TheWeber number in the flow regime map of Chen et al. [5] can
be determined as follows:

We ¼ qdu2

r

" #
ð38Þ

It should be noted that uls obtained from Eq. (24) and ugs obtained
from Eq. (25) can used as velocity term in Eq. (38).

4. Results and discussion

The present study is performed to study the relationship be-
tween void fraction models and the annular flow model of Barnea
et al. [2] and to investigate the well-known flow pattern maps to
verify the annular flow conditions of experimental data for the
downward two-phase flow of R134a in a vertical round tube with
an inner diameter of 8.1 mm. Pure HFC-134a was used in the
experiments. The effect of the temperature difference between
the saturated temperature of the vapor and the inlet wall temper-
ature of the tube (DTsat), mass flux, vapor quality, and condensa-
tion temperature on the heat transfer coefficients and void
fraction are shown in Figs. 5–8. It should be noted that R134a
was entering the test section as pure saturated vapor in the figures

Table 2
Agreed void fraction models and correlations.

Void fraction model/correlation Model/correlation

Chisholm and Armand model [25,21] a ¼ 1
aHþ 1�aHð Þ0:5 aH aH ¼ 1

1þ 1�x
xð Þ qg

ql

� �
s

s ¼ 1

Turner and Wallis two-cylinder model [34] 1�a
a ¼ A 1�x

x

� �p qg
ql

� �q ll
lg

� �r

Yashar correlation [38]
a ¼ ð1þ F�1

t þ XÞ�0:321 Ft ¼ x3G2

q2
ggdð1�xÞ

� �0:5

X ¼ 1�x
x

� �0:9 qg
ql

� �0:5 ll
lg

� �0:1
Smith model [43]

a ¼ 1þ qg
ql

� �
K 1

x � 1
� �þ qg

ql

� �
ð1� KÞ 1

x � 1
� � ql

qg

� �
þK 1

x�1ð Þ
1þK 1

x�1ð Þ

2
4

3
5

8<
:

9=
;

�1

K ¼ 0:4

Chisholm correlation [48] a ¼ 1

1þ 1�x
xð Þ qg

ql

� �
s

s ¼ 1� xþ xql
qg

� �1=2
Spedding and Chen correlation [51]

a ¼ 1þ 2:22 1�x
x

� �0:65 qg

ql

� �0:65� ��1
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Fig. 11. Flow pattern identification of the experimental data by means of Barnea et al. [2] flow regime map for the mass fluxes of 300 kg m�2 s�1 (a) and 515 kg m�2 s�1 (b) at
the condensing temperatures of 40–50 �C.
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of laminar flow. Discussion of the results will be given in turn as
follows:

Fig. 5 shows the relationship between the mean film thickness
obtained from the model of Barnea et al. (Eq. (17)) and the exper-
imental heat transfer coefficient (Eq. (7)) for the condensation tem-
peratures of 40–50 �C at the mass fluxes of 300 kg m2 s�1 (a) and
515 kg m�2 s�1 (b) for laminar flow data (Eq. (30)) in a vertical
smooth tube. It can be seen that film thickness decreases with
increasing heat transfer coefficient; in other words, film thickness
decreases with decreases in DTsat for similar test conditions. The
increase in heat flux in relation toDTsat in Eq. (7) increases the con-
densation rate. In other words, the film thickness on the tube wall
increases due to the constant latent heat of condensation for a spe-
cific saturation temperature of condensation. It can also be seen
that low condensation temperature conditions (40 �C) give larger
condensation heat transfer coefficients than high condensation
temperature conditions (50 �C) at the same condensing tempera-
ture differences for a constant film thickness value. Low condensa-
tion pressures, in other words, high temperature differences and
alteration of physical properties at low pressure, cause higher local
heat transfer coefficients than high condensation pressure.

Fig. 6 shows the same relationship as Fig. 5 for themass fluxes of
300–515 kg m�2 s�1. The effect of themass flux on the condensation

heat transfer coefficient with the condensation temperatures of
40 �C (a) and 50 �C (b) can be seen for the samemass flux in this fig-
ure. It canbeclearly seen thatheat transfer coefficients increasewith
increasingmass fluxes for a constantfilm thickness value. This is due
to the increase in vapor velocity of R134a.

Fig. 7 shows the relationship between the mean film thickness
obtained from the model of Barnea (Eq. (17)) and DTsat in the test
tube for the mass fluxes of 300 kg m�2 s�1 (a) and 515 kg m�2 s�1

(b) and condensing temperatures of 40–50 �C. Trend lines of data
indicate that the average film thickness increases with increases in
DTsat for similar test conditions as explained in the above para-
graphs. Verification of the reliability of the calculated film thickness
from themodel is checkedusing different condensing temperatures.

Fig. 8 shows the relationship between the void fraction obtained
from the model of Barnea et al. (Eq. (31)) and vapor quality in the
test tube for the mass fluxes of 300 kg m�2 s�1 (a) and
515 kg m�2 s�1 (b) and condensing temperatures of 40–50 �C.
Comparison of the void fraction at higher and lower average vapor
qualities and smaller liquid film thickness together with higher va-
por velocity at the vapor–liquid interface shows an increase in the
void fraction when the average quality is higher. Trend lines of data
are in accordance with this basic knowledge of in-tube
condensation.
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Fig. 13. Flow pattern identification of the experimental data by means of Hewitt and Robertson [4] flow regime map for the mass fluxes of 300–515 kg m�2 s�1 at the
condensing temperature of 50 �C.
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In Figs. 9 and 10, comparison of the void fraction obtained from
the model of Barnea et al. (Eq. (31)) with the most predictive void
fraction and correlations shown in Table 2 are presented with a
10% deviation line for the minimum mass flux of 300 kg m�2 s�1

(Fig. 9) and maximummass flux of 515 kg m�2 s�1 (Fig. 10) accord-
ing to the condensation temperatures of 40 �C (Figs. 9a and 10a)
and 50 �C (Figs. 9b and 10b). It is clearly seen from the figures that
the void fraction models and correlations of Turner and Wallis [34]
and Spedding and Chen [51] have the best predictability of exper-
imental data among 35 void fraction models and correlations given
in the authors’ previous publications [53,56,59,60]. In addition to
this, the majority of the data calculated by the void fraction models
of Chisholm and Armand [25,21], Yashar et al. [38], Smith [43], and

Chisholm [48] and correlations fall within ±10% and has a good
agreement with experimental data.

In Figs. 11–17, well-known flow pattern maps valid for horizon-
tal and vertical tube orientations are presented with the plotted
experimental data of the current study. These flow pattern maps
are used to show the similarity of annular flow conditions which
are independent of tube orientation (horizontal or vertical). Chen
et al. [66] also mentioned this similarity in their article. In addition
to this, the data shown in these figures were checked by sight glass
at the inlet and outlet of the test section. Verification of visual con-
trol of the flow regime in the test tube is done using these flow pat-
tern maps in the literature. The flow regimemap of Barnea et al. [2]
is shown in Fig. 11 for the mass fluxes of 300 kg m�2 s�1 (a) and
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515 kg m�2 s�1 (b) at the condensing temperatures of 40 and 50 �C
respectively. It is developed for the downward condensation of air–
water at the condensing pressure of 0.1 MPa inside 2.5–51 cm i.d.
vertical tubes. The results from the analysis using the annular flow
model of Barnea et al. [2] were plotted on their map using uls and
ugs, obtained from Eqs. (24) and (25) respectively, as coordinates.
The plotted data are in the annular flow area on the map. It shows
the accuracy of calculations and visual observation of flow regime
by means of sight glasses. Hewitt and Robertson’s flow regime map
[4] is shown in Figs. 12 and 13 for the mass fluxes of 300–
515 kg m�2 s�1 at the condensing temperatures of 40 �C (Fig. 12)
and 50 �C (Fig. 13) separately. It is obtained for the downward con-
densation of air–water at low pressure and **water-steam at high
pressure inside 1–3 cm i.d. vertical tube. Baker’s flow regime
map [7] is shown in Fig. 14 for the mass fluxes of 300–
515 kg m�2 s�1 at the condensing temperatures of 40–50 �C. It is
produced from other researchers’ data including condensation of
air–water and natural gas oil in horizontal tubes. Thome’s flow re-

gime map [9] is shown in Fig. 13 for the mass fluxes of 300–
515 kg m�2 s�1 at the condensing temperatures of 40–50 �C. It is
prepared by means of several different experimental conditions
belonging to boiling and evaporation for 0.9–10 mm i.d. horizontal
tubes up to 64 bars. The flow regime map of Kattan et al. [13] is
shown in Fig. 16 for the mass fluxes of 300–515 kg m�2 s�1 at the
condensing temperatures of 40–50 �C. It is the reference flow re-
gime map of Thome [9] and is based on boiling experiments. The
flow regime map of Chen et al. [5] is shown in Fig. 17 for the mass
fluxes of 300–515 kg m�2 s�1 at the condensing temperatures of
40–50 �C; these experiments were done for the boiling of R134a
at 6–14 bars during vertical upward flow in 1.1–4.26 mm i.d. tubes.
It can be clearly seen from these figures that all the data were col-
lected in the annular flow regime sections of these figures.

A large number of graphics could be generated from the output
of the calculations; however, due to repetition of similar character-
istics of trend lines in figures, only typical results are shown for
limited data. It should also be noted that detailed information on
the explanations above and some additional figures with different
experimental parameters related to this study can be seen in the
authors’ previous publications [53–65].

5. Conclusion

Co-current downward condensation heat transfer of R134a was
experimentally investigated in a 8.1 mm i.d. vertical smooth tube.
Accurate and repeatable heat transfer data during annular flow are
obtained. There are few researches on the parameters and content
of such cases in the literature. For this reason, the results of this
study are expected to fill a gap in the literature. The validation pro-
cess of the investigated annular flow model and correlation devel-
opment was accomplished by using a large number of data points
in each case. The following results were obtained:

A study on the theoretical model of the flow regime transition
mechanism of Barnea et al. [2] was performed using experimental
data in an algorithm to determine accurate film thickness and void
fraction values under the various test conditions. The effects of var-
ious relevant parameters such as condensing temperature, conden-
sation temperature difference, vapor quality, and mass flux on the
film thickness and void fraction are discussed and investigated in
detail. In order to verify the results of calculations, the data ob-
tained from various void fraction correlations were compared.
The void fraction models and correlations of Turner and Wallis
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[34], Spedding and Chen [51], Chisholm and Armand [25,21],
Yashar et al. [38], Smith [43], and Chisholm [48] are found to be
in good agreement with the void fraction values obtained from
the model of Barnea et al. [2] in the ±10% error band.

According to the flow regime identification analysis in the pa-
per, the flow pattern maps of Barnea et al. [2], Hewitt and Robert-
son [4], Baker [7], Thome [9], Kattan et al. [9], and Chen et al. [5]
are capable of predicting the annular flow regime conditions
checked by sight glasses in the experimental apparatus.

Acknowledgements

The authors are indebted to the Department of Mechanical
Engineering, King Mongkut’s University of Technology Thonburi
(KMUTT) and the Thailand Research Fund for supporting this
study. Especially, the first author wishes to thank KMUTT for pro-
viding him with a Post-doctoral fellowship.

References

[1] M.G. Hubbard, A.E. Dukler, The characterization of flow regimes for horizontal
twophase flow, in: Proceedings of the Heat Transfer and Fluid Mechanics
Institute, Stanford University Press, 1966.

[2] D. Barnea, O. Shoham, Y. Taitel, Flow pattern transition for vertical downward
two phase flow, Chemical Engineering Science 37 (1982) 741–744.

[3] J.R. Fair, What you need to know to design thermosyphon reboilers, Petroleum
Refiner 39 (2) (1960) 105.

[4] G.F. Hewitt, D.N. Robertson, Studies of Two-Phase Flow Patterns by
Simultaneous X-ray and Flash Photography, Rept. AERE-M2159, UKAEA,
Harwell, 1969.

[5] L. Chen, Y.S. Tian, T.G. Karayiannis, The effect of tube diameter on vertical two-
phase flow regimes in small tubes, International Journal of Heat and Mass
Transfer 49 (2006) 4220–4230.

[6] T.S. Zhao, Q.C. Bi, Co-current air–water two-phase flow patterns in vertical
triangular microchannels, International Journal of Multiphase Flow 27 (2001)
765–782.

[7] O. Baker, Design of pipe lines for simultaneous flow of oil and gas, Oil and Gas
Journal 26 (1954) 185–195.

[8] J.M. Mandhane, G.A. Gregory, K. Aziz, A flow pattern map for gas–liquid flow in
horizontal pipes, International Journal Multiphase Flow 1 (1974) 537–553.

[9] J.R. Thome, Update on advances in flow pattern based two-phase heat transfer
models, International Journal of Heat and Mass Transfer 29 (2005) 341–349.

[10] J. El Hajal, J.R. Thome, A. Cavallini, Condensation in horizontal tubes, part 1:
two-phase flow pattern map, International Journal of Heat and Mass Transfer
46 (2003) 3349–3363.

[11] J.W. Coleman, S. Garimella, Characterization of two-phase flow patterns in
small diameter round and rectangular tubes, International Journal of Heat and
Mass Transfer 42 (1999) 2869–2881.

[12] J.W. Coleman, S. Garimella, Two-phase flow regimes in round, square and
rectangular tubes during condensation of refrigerant R134a, International
Journal of Heat and Mass Transfer 26 (2003) 117–128.

[13] N. Kattan, J.R. Thome, D. Favrat, Flow boiling in horizontal tubes. Part 1:
development of a diabatic two-phase flow pattern map, Journal of Heat
Transfer 120 (1998) 140–147.

[14] Y. Taitel, A.E. Dukler, A model for prediction flow regime transitions in
horizontal and near horizontal gas–liquid flow, AIChE Journal 22 (1976) 47–
55.

[15] J. Weisman, D. Duncan, J. Gibson, T. Crawford, Effects of fluid properties and
pipe diameter on two-phase flow patterns in horizontal lines, International
Journal Multiphase Flow 5 (1979) 437–462.

[16] G. Breber, J.W. Palen, J. Taborek, Prediction of horizontal tube-side
condensation of pure components using flow regime criteria, Journal of Heat
Transfer 102 (1980) 471–476.

[17] H.M. Soliman, On the annular-to-wavy flow pattern transition during
condensation inside horizontal tubes, Canadian Journal of Chemical
Engineering 60 (1982) 475–481.

[18] T.N. Tandon, H.K. Varma, C.P. Gupta, A new flow regime map for condensation
inside horizontal tubes, Journal of Heat Transfer 104 (1982) 763–768.

[19] B. Mederic, P. Lavieille, M. Miscevic, Heat transfer analysis according to
condensation flow structures in a minichannel, Experimental Thermal and
Fluid Science 30 (2006) 785–793.

[20] R.H. Huq, J.L. Loth, Analytical two-phase flow void fraction prediction method,
Journal of Thermo Physics 6 (1992) 139–144.

[21] A.A. Armand, The resistance during the movement of a two-phase system in
horizontal pipes, Izvestiya Vsesoyuznogo Teplotekhnicheskogo Instituta 1
(1946) 16–23.

[22] D. Chisholm, A.D.K. Laird, Two phase flow in rough tubes, Transactions of
ASME 80 (1958) 276–286.

[23] D. Steiner, Heat transfer to boiling saturated liquids, VDI-Warmeatlas (VDI
Heat Atlas), in: Verein Deutscher Ingenieure (Ed.), VDI-Gessellschaft

Verfahrenstechnik und Chemie-ingenieurwesen (GCV), Translator: J.W.
Fullarton, Dusseldorf, 1993.

[24] T. Harms, D. Eckart, A. Groll, J. Braun, A void fraction model for annular flow in
horizontal tubes, International Journal of Heat and Mass Transfer 46 (2003)
4051–4057.

[25] D. Chisholm, Two Phase Flow in Pipelines and Heat Exchangers, George
Godwin in Association with The Institution of Chemical Engineers, London,
1983.

[26] A.A. Armand, G.G. Treschev, The resistance during themovement of a two-phase
system in horizontal pipes, Izvestiya Vsesoyuznogo Teplotekhnicheskogo
Instituta 1 (1946) 16–23.

[27] S.G. Bankoff, A variable density single-fluid model for two-phase flow with
particular reference to steam–water flow, Transactions ASME Journal of Heat
Transfer 82 (1960) 265–272.

[28] V. Czop, D. Barbier, S. Dong, Pressure drop, void fraction and shear stress
measurements in adiabatic two-phase flow in coiled tube, Nuclear Engineering
Design 149 (1994) 323–333.

[29] T.N. Tandon, H.K. Varma, C.P. Gupta, A void fraction model for annular two-
phase flow, International Journal of Heat and Mass Transfer 28 (1985) 191–
198.

[30] D. Graham, J.C. Chato, T.A. Newell, Heat transfer and pressure drop during
condensation of refrigerant 134a in an axially grooved tube, International
Journal of Heat and Mass Transfer 42 (1999) 1935–1944.

[31] G.A. Hughmark, Holdup in gas–liquid flow, Chemical Engineering Progress 58
(1962) 62–65.

[32] P.J. Hamersma, J. Hart, A pressure drop correlation for gas/liquid pipe flowwith a
small liquid holdup, Chemical Engineering Science 42 (1987) 1187–1196.

[33] R.W. Lockhart, R.C. Martinelli, Proposed correlation of data for isothermal two-
phase, two-component flow in pipes, Chemical Engineering Progress 45 (1949)
39–48.

[34] J.M. Turner, G.B. Wallis, The Separate-Cylinders Model of Two-Phase Flow,
Paper No. NYO-3114-6. Thayer’s School Eng., Dartmouth College, Hanover, NH,
USA, 1965.

[35] G.B. Wallis, One-Dimensional Two-Phase Flow, McGraw-Hill, 1965. pp. 51–54.
[36] P. Domanski, D. Didion, Computer modeling of the vapor compression cycle

with constant flow area expansion device, Building Science Series, National
Bureau of Standards of USA, 1983.

[37] M.J. Wilson, T.A. Newell, J.C. Chato, C.A. Infante Ferreira, Refrigerant charge,
pressure drop and condensation heat transfer in flattened tubes, International
Journal of Refrigeration 26 (2003) 442–451.

[38] D.A. Yashar, T.A. Newell, J.C. Chato, Experimental Investigation of Void Fraction
During Horizontal Flow in Smaller Diameter Refrigeration Applications, ACRC
TR-141, Air Conditioning and Refrigeration Center, University of Illinois,
Urbana–Champaign, IL, 1998.

[39] A. Premoli, D. Francesco, A. Prima, An empirical correlation for evaluating two-
phase mixture density under adiabatic conditions, in: European Two-Phase
Flow Group Meeting, Milan, Italy, 1970.

[40] A. Kawahara, M. Kawaji, P.M.Y. Chung, M. Sadatomi, K. Okayama, Effects of
channel diameter and liquid properties on void fraction in adiabatic two-phase
flow through microchannels, Heat Transfer Engineering 26 (2005) 13–19.

[41] S.M. Zivi, Estimation of steady-state steam void-fraction by means of the
principle of minimum entropy production, Transactions ASME Journal of Heat
Transfer Series C 86 (1975) 247–252.

[42] G. Rigot, Fluid capacity of an evaporator in direct expansion, Plomberie 328
(1973) 133–144.

[43] S.L. Smith, Void fractions in two-phase flow: a correlation based upon an equal
velocity head model, Proceedings of the Institution of Mechanical Engineers 36
(1969) 647–664.

[44] S. Levy, Steam slip theoretical prediction from momentum model,
Transactions ASME Journal of Heat Transfer Series C 82 (1960) 113–124.

[45] H. Fauske, Critical two-phase, steam–water flows, in: Proceedings of the 1961
Heat Transfer and Fluid Mechanics Institute, Stanford University Press,
Stanford, CA, pp. 79–89.

[46] J.R.S. Thom, Prediction of pressure drop during forced circulation boiling of
water, International Journal of Heat and Mass Transfer 7 (1964) 709–724.

[47] C.J. Baroczy, Correlation of liquid fraction in two-phase flow with application
to liquid metals, Chemical Engineering Progress Symposium Series 61 (1965)
179–191.

[48] D. Chisholm, Pressure gradients due to friction during the flow of evaporating
two-phase mixtures in smooth tubes and channels, International Journal of
Heat and Mass Transfer 16 (1973) 347–358.

[49] N. Madsen, A void fraction correlation for vertical and horizontal bulk-boiling
of water, AIChE Journal 21 (1975) 607–608.

[50] F.W. Ahrens, Heat pump modeling, simulation and design, in: Proceedings of
the NATO Advanced Study Institute on Heat Pump Fundamentals, Espinho,
Spain, 1980.

[51] P.L. Spedding, J.J. Chen, Holdup in two phase flow, International Journal of
Multiphase Flow 10 (1984) 307–339.

[52] J.J.J. Chen, A further examination of void-fraction in annular two-phase flow,
International Journal of Heat Mass Transfer 29 (1986) 1760–1763.

[53] A.S. Dalkilic, S. Laohalertdecha, S. Wongwises, Effect of void fraction models on
the two-phase friction factor of R134a during condensation in vertical
downward flow in a smooth tube, International Communications in Heat
and Mass Transfer 35 (2008) 921–927.

[54] A.S. Dalkilic, S. Yildiz, S. Wongwises, Experimental investigation of convective
heat transfer coefficient during downward laminar flow condensation of

704 A.S. Dalkilic, S. Wongwises / Experimental Thermal and Fluid Science 34 (2010) 692–705



R134a in a vertical smooth tube, International Journal of Heat and Mass
Transfer 52 (2009) 142–150.

[55] A.S. Dalkilic, S. Laohalertdecha, S. Wongwises, Two-phase friction factor in
vertical downward flow in high mass flux region of refrigerant HFC-134a
during condensation, International Communications in Heat and Mass
Transfer 35 (2008) 1147–1152.

[56] A.S. Dalkilic, S. Laohalertdecha, S. Wongwises, Effect of void fraction models on
the film thickness of R134a during downward condensation in a vertical
smooth tube, International Communications in Heat and Mass Transfer 36
(2009) 172–179.

[57] A.S. Dalkilic, S. Wongwises, Intensive literature review of condensation inside
smooth and enhanced tubes, International Heat and Mass Transfer 52 (2009)
3409–3426.

[58] A.S. Dalkilic, S. Laohalertdecha, S. Wongwises, Experimental investigation on
heat transfer coefficient of R134a during condensation in vertical downward
flow at high mass flux in a smooth tube, International Communications in Heat
and Mass Transfer 36 (2009) 1036–1043.

[59] A.S. Dalkilic, S. Laohalertdecha, S. Wongwises, A comparison of the void
fraction correlations of R134a during condensation in vertical downward
laminar flow in a smooth and micro-fin tube, in: Proceedings of the 1st
International Conference on Micro/Nanoscale Heat Transfer, January 06–09,
ASME, Taiwan, 2008.

[60] A.S. Dalkilic, S. Laohalertdecha, S. Wongwises, Two-phase friction factor
obtained from various void fraction models of R-134a during condensation in
vertical downward flow at high mass flux, in: Proceedings of the 1st
International Conference on Heat Transfer, August 10–14, ASME, USA, 2008.

[61] A.S. Dalkilic, S. Laohalertdecha, S. Wongwises, Experimental investigation on
the condensation heat transfer and pressure drop characteristics of R134a at
high mass flux conditions during annular flow regime inside a vertical smooth
tube, in: Summer Heat Transfer Conference, July 19–23, ASME, USA, 2009.

[62] A.S. Dalkilic, O. Agra, Experimental apparatus for the determination of
condensation heat transfer coefficient for R134a and R600a flowing inside
vertical and horizontal tubes, in: Summer Heat Transfer Conference, July 19–
23, ASME, USA, 2009.

[63] A.S. Dalkilic, S. Laohalertdecha, S. Wongwises, Experimental research on the
similarity of annular flow models and correlations for the condensation of
R134a at high mass flux inside vertical and horizontal tubes, in: International
Mechanical Engineering Congress and Exposition, November 13–19, ASME,
USA, 2009.

[64] A.S. Dalkilic, S. Wongwises, A heat transfer model for co-current downward
laminar film condensation of R134a in a vertical micro-fin tube during annular
flow regime, in: Eleventh UK National Heat Transfer Conference, September 6–
8, Queen Mary University of London, 2009.

[65] A.S. Dalkilic, O. Agra, I. Teke, S. Wongwises, Comparison of frictional pressure
drop models during annular flow condensation of R600a in a horizontal tube at
low mass flux and of R134a in a vertical tube at high mass flux, International
Journal of Heat and Mass Transfer, in press, doi:10.1016/j.ijheatmasstransfer.
2009.12.051.

[66] S.L. Chen, F.M. Gerner, C.L. Tien, General film condensation correlations,
Experimental Heat Transfer 1 (1987) 93–107.

[67] S.J. Kline, F.A. McClintock, Describing uncertainties in single sample
experiments, Mechanical Engineering (1953) 3–8.

A.S. Dalkilic, S. Wongwises / Experimental Thermal and Fluid Science 34 (2010) 692–705 705



Flow mechanisms of HFC-410A inside short-tube orifices during flashing process

Kitti Nilpueng, Somchai Wongwises *

Fluid Mechanics, Thermal Engineering and Multiphase Flow Research Lab (FUTURE), Department of Mechanical Engineering, King Mongkut’s University of Technology
Thonburi, Bangmod, Bangkok 10140, Thailand

a r t i c l e i n f o

Article history:
Received 4 January 2010
Received in revised form 26 February 2010
Accepted 26 February 2010
Available online 3 May 2010

Keywords:
Expansion device
Short-tube orifice
Temperature distribution
Metastable flow
Choked flow

a b s t r a c t

New experimental data of HFC-410A flowmechanisms, including pressure and temperature distributions,
flow pattern, andmass flow rate inside a short-tube orifice are studied. Different short-tube orifice lengths
of 10 mm, 15 mm, and 20 mm, with short-tube orifice diameters ranging from 0.849 to 1.096 mm were
manufactured for this experiment. The test runs are done at upstream pressures ranging from 2100 to
2600 kPa, and with a degree of subcooling between 4 and 12 �C. The results show that the refrigerant flow
mechanisms in the entrance region and inside a short-tube orifice agree with incompressible flow theory,
but the refrigerant flowmechanisms in the exit region are similar to choked flow in a theoretical compress-
ible flow. The temperature distribution inside a short-tube orifice is directly related to the pressure distri-
bution. The mass flow rate is directly proportional to the upstream pressure and degree of subcooling,
whereas it is strongly affected by the short-tube diameter. The downstream pressure has insignificant
effects on the mass flow rate and pressure distribution inside a short-tube orifice. However, the down-
stream pressure has a slight effect on the temperature distribution inside a short-tube orifice.

� 2010 Elsevier Ltd. All rights reserved.

1. Introduction

In recent years, hydrofluorocarbon (HFC) refrigerants and HFC
refrigerant mixtures have been developed for use as alternatives
to chlorofluorocarbon (CFC) and hydrochlorofluorocarbon (HCFC)
refrigerants which are applied in refrigeration and air-conditioning
systems, because the chlorine molecules from these refrigerants
destroy the earth’s ozone layer. Although the change of refrigerant
properties will help to protect the environment, it may lead to a
change in system performance. Therefore, in order to obtain the
proper system performance with the new HFC refrigerants, perfor-
mance data are required for each component.

An expansion device is another basic component of a refrigera-
tion system. The main purpose of the expansion device is to reduce
the pressure of the refrigerant from the condenser pressure to the
evaporator pressure and to regulate the mass flow rate of refriger-
ant flowing from the condenser to the evaporator at a rate equal to
the evaporation rate in the evaporator. During the flow of liquid
refrigerant through the expansion device, the pressure decreases
rapidly below the saturation pressure and the refrigerant is chan-
ged from a subcooled liquid or saturated liquid to a liquid–vapour
mixture. This behaviour is defined as a flashing process. The short-
tube orifice is one type of expansion device popularly used in res-
idential and automotive air-conditioning systems. The advantages
of a short-tube orifice are its simplicity, low initial cost, high reli-

ability, and ease of maintenance. To obtain appropriate operation
and performance of refrigeration systems using short-tube orifices
as expansion devices, the flow of refrigerant should be choked
flow. Under choked flow conditions, the flow of refrigerant through
the short-tube orifice corresponds to the critical flow rate, which is
the maximum flow rate that can be attained by reducing the down-
stream pressure under given upstream conditions. Consequently,
an understanding of the flow mechanisms of the refrigerant
through a short-tube orifice under choked flow conditions is very
important for the proper design of the system.

During past decades, the performance characteristics of short-
tube orifices have been studied by a number of researchers. Recent
studies associated with flow patterns, pressure and temperature
distributions and mass flow rate under choked flow conditions in-
side the short-tube orifice are outlined in the following paragraphs.

1.1. Flow pattern

For two-phase flow studies, it is not possible to understand flow
phenomena without a clear understanding of the flow patterns, as
these influence the two-phase pressure drop, holdup, system sta-
bility, and exchange rate of momentum, heat, and mass during
the phase-change heat transfer process. Therefore, identification
of the flow pattern inside the channel is very useful for developing
suitable calculation techniques. Investigations of refrigerant flow
pattern inside short-tube orifices have been published by some
researchers.

0017-9310/$ - see front matter � 2010 Elsevier Ltd. All rights reserved.
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Pasqua [1] studied the characteristics of subcooled and satu-
rated liquid CFC-12 flow inside glass short tubes. For subcooled
liquids entering short tubes, he found that the liquid flashed in-
side the short tube when the downstream pressure was near or
below the saturation pressure. The fluid inside the short tube
was described as a metastable inner core of liquid surrounded
by a two-phase annular ring. The diameter of the metastable li-
quid core decreased as the fluid proceeded to the tube exit.
Aaron and Domanski [2] observed the flow pattern of subcooled
liquid HCFC-22 at the inlet and outlet of short tubes with 5 < L/
D < 20. They stated that the microscopic bubbles suspended in
the liquid covered the short-tube outlet in a homogeneous form
over several inches when the downstream pressure was close to
saturation pressure. Kim [3] investigated experimentally the
flow pattern of two-phase and subcooled liquid HCFC-22 and
HFC-134a through short-tube orifices with a length to diameter
ratio ranging between 7 and 20. The results showed that the li-
quid refrigerant did not flash in the inlet region although the
pressure was lower than the saturation pressure. The flashing
point moved to the outlet section of the short-tube when
increasing the degree of subcooling. Nilpueng and Wongwises
[4] investigated experimentally the two-phase flow pattern of
HFC-134a through short-tube orifices. The results showed that
flow patterns could be divided into two types: metastable li-
quid flow, and two-phase flow. In the metastable liquid flow re-
gion, the liquid refrigerant which looked like a cone shape
flowed in the central core of the tube while a two-phase flow
which had many tiny bubbles mixed in the liquid refrigerant
surrounded the liquid refrigerant. In the two-phase flow
region, there were many tiny bubbles mixed with the liquid
refrigerant.

1.2. Pressure and temperature distribution

The pressure and temperature distributions of refrigerant inside
a short-tube are some of the most important parameters required
for the selection of the proper short-tube size for given operating
conditions and capacity. However, it is found that the pressure
and temperature distributions have been studied and published
by only a few previous researchers.

The pressure distribution of HCFC-22 inside a short-tube orifice
was measured by Aaron and Domanski [2]. In their experiment, six
pressure taps which were bored to 0.08 mm were located along a
short-tube orifice. The results indicated that a large variation of
pressure appeared at the inlet and outlet of the short-tube orifice.
The pressure tended to recover and slightly decrease inside the
tube after the refrigerant flowed through the inlet section. Kim
[3] studied the pressure profile of HCFC-22 and HFC-134a through
a short-tube orifice. He reported that the pressure was lower than
the saturation pressure when the flow of refrigerant passed
through the inlet section. The pressure profile along the short-tube
was increased as the degree of subcooling was increased. Liu et al.
[5] investigated the pressure profile of R744 flow through short-
tube orifices. They described that the rapid change of velocity
and abrupt inlet loss of fluid were the cause of a large pressure
drop at the inlet while the large pressure drop at the outlet was
produced by the great expansion of refrigerant. The average pres-
sure inside the short-tube increased when the upstream pressure
was increased. The pressure and temperature distributions of
HFC-134a inside a short-tube orifice were studied by Nilpueng
and Wongwises [4] and Nilpueng and Wongwises [6]. The results
indicated that the pressure greatly decreased at the inlet, then
slightly increased and steadily decreased inside the tube. They con-
cluded that the refrigerant in the short-tube orifice exists under
non-equilibrium thermodynamic conditions.

1.3. Mass flow rate

In order to achieve an appropriate operation and performance
of refrigeration systems, it is very important to quantify the max-
imum flow rate through a short-tube orifice. Consequently, the
mass flow rate of refrigerant inside a short-tube orifice under
choked flow conditions was investigated by several researchers.

Mei [7] investigated the flow of subcooled liquid HCFC-22
through short-tubes with 7.5 < L/D < 11.9. He reported that
first-stage choking occurred at a degree of subcooling of 22.2 �C.
However, there was no indication of second-stage choking in the
normal heat pump operating range. The effects of upstream subco-
oling, upstream pressure, downstream pressure, tube length, tube
diameter, entrance chamfering, and exit chamfering on the flow
rate of HCFC-22 through a short-tube were examined by Aaron
and Domanski [2], Kim[3], and Kim and O’Neal [8]. Their results
showed that the mass flow rate depends on upstream pressure
and upstream subcooling, but that it is insensitive to downstream
pressure due to approximate choking. Aaron and Domanski [2] rec-
ommended that the L/D ratio should be greater than 5 in order to
achieve choked flow. The mass flow rate of HFC-134a along a
short-tube was reported by Kim [3], Singh et al. [9], Tu et al. [10]
and Nilpueng and Wongwises [6]. Their results showed that the
short-tube orifice diameter has a significant effect on the increase
in flow rate. In addition, Nilpueng and Wongwises [6] recorded
that the choked flow phenomenon disappeared inside a short-tube
orifice when L/D was less than 2.91. Payne and O’Neal [11] studied
the flow rate of HFC-407C through short-tube orifices with diame-
ters of 1.09–1.94 mm. They found that the addition of oil to the
refrigerant increased the mass flow rate by more than 12% for
two-phase flow entering the short tube; but, it had little effect
on mass flow rate at a high degree of subcooling. Liu et al. [5] stud-
ied the flow of R744 through short-tube orifices. Short tubes with
lengths between 8.02 and 25.42 mm and diameters between 0.83
and 1.53 mmwere tested. The results showed that choked flow ex-
isted under a wide range of operating conditions. Kim et al. [12]
investigated the mass flow rate of HFC-410A through short-tube
orifices at upstream pressures approaching the critical point. They
found that the decrease of mass flow rate with a reduction of
subcooling became more significant when upstream pressure in-
creased beyond 3.604 kPa, due to a higher density change.

As described above, it can be clearly seen that previous pub-
lished papers have reported the flow mechanisms of CFC and HCFC
refrigerants through short-tube orifices. But, the studies on HFC
refrigerants and HFC refrigerant mixtures inside short-tube orifices
have been investigated by only a few previous research works;
especially, HFC-410A which is favourably used to replace HCFC-
22 in domestic air conditioners and heat pumps. The main purpose
of the present paper is to study the HFC-410A refrigerant flow
mechanisms inside short-tube orifices, including pressure and
temperature distributions, flow pattern, mass flow rate, metastable
flow, and choked flow. The effects of the relevant parameters, i.e.,
upstream pressure, downstream pressure, degree of subcooling,
short-tube diameter, and short-tube length on flow pattern, mass
flow rate, and pressure distribution that have never been observed
before are also investigated.

2. Experimental apparatus

The experimental apparatus described in Nilpueng andWongw-
ises [4] was used in the present study. A schematic diagram of the
test facility is provided in Fig. 1. The system consists of three main
loops: the refrigerant loop, the hot water loop and the cold water
loop. The refrigerant loop consists of the main refrigeration system
components: compressor, condenser, short-tube orifice (test
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section), evaporator, and other accessory parts: oil separator, liquid
receiver, filter/drier, sight glass, sub-cooler and accumulator. A
commercial HFC-410A is used as the working fluid. A two-cylinder
single stage reciprocating compressor, driven by an electric motor,
is used to discharge the refrigerant. The speed of the motor is var-
ied so as to provide a wide range of mass flow rates by means of an
inverter. A helical oil separator is used to minimize the effect of
lubricating oil on refrigerant flow through short-tube orifices.
The efficiency of oil separation is approximately 99%. Compact
plate heat exchangers are used as condenser, evaporator and
subcooler.

In this experiment, the hot water loop and cold water loop are
used for transferring heat to evaporator and from condenser,
respectively. An electric heater and a separated refrigeration sys-
tem are installed in the water tank so as to control the water tem-
perature. The hot water is supplied from a hot water tank by the
circulating pump and passes through the flow meter and evapora-
tor. The downstream pressure of the test section is controlled by
adjusting the temperature and the flow rate of hot water. The con-
denser rejects heat to the water coming from a cold water tank.
The upstream pressure of the test section is regulated by adjusting
the temperature of the cold water. The degree of subcooling of the
refrigerant entering the test section is adjusted by varying the flow
rate of water to the sub-cooler. The test runs are chosen to cover a
wide range of working conditions of an air-conditioner and heat
pump. The upstream pressures are set at 2100, 2250, 2400 and
2600 kPa, while downstream pressures are varied between 1000
and 1250 kPa. The degree of subcooling is varied from 4 to 12 �C.

There are two groups of short-tube orifices used in the experi-
ment. The first group consists of the specially designed glass
short-tube orifices, which permit visual observation of the flow
patterns of refrigerant inside the tubes. The other group is made
of brass and is used to study the temperature and pressure distri-
butions. Table 1 lists the short-tube orifices used in this study. A
specially designed short-tube orifice is used to observe the flow
behaviour of refrigerant inside the tube (Fig. 2). It consists of glass
short-tube orifices, a glass tube, acrylic tube, brass connector, cop-
per tube, rubber o-ring and attachment set. Glass short-tube ori-
fices were manufactured from glass capillary tube so as to allow

the visualization of refrigerant flow inside short-tube orifices.
The glass short-tube orifice and the glass tube are fitted into the ac-
rylic tube. The brass connectors are used to link the copper tube
with the glass tube. The rubber o-rings are inserted between the
glass short-tube orifice, glass tube, and brass connector in order
to prevent leakage of refrigerant. The glass short-tube orifice is
supported by the attachment set to resist high pressure. The flow
pattern of refrigerant inside the short-tube orifice is registered by
a digital camera (Sumsung Digimax V3) with shutter speed of 1/
2000 s, mounted together with a 20� magnification lens.

Fig. 3 shows a schematic diagram of the short-tube orifice for
pressure and temperature distribution measurements. Six pressure
and temperature taps are drilled at 0.2 mm diameter along the ori-
fices using a wire cutting machine. Two pressure and temperature
taps are drilled to 0.5 mm before and after the short-tube orifice.
The thermocouples are installed into a 2 mm diameter hole with-
out disturbance in the flow field and fixed with special glue applied
to the outside of the short-tube orifice. The thermocouples are
insulated with a 6.4 mm thick Aeroflex standard sheet to reduce
the effect of heat transfer on measurement errors.

A microscope (Olympus BX51) is used to measure the diameter
of the short-tube orifice. The length of the short-tube orifice is
measured with a digital calliper. The accuracies of diameter and
length measurements are ±0.001 mm and ±0.01 mm, respectively.
The pressure distribution inside the short-tube orifice was de-
tected by pressure transducers calibrated from 0 to 30 bar with
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Fig. 1. Schematic diagram of experimental apparatus.

Table 1
Dimension of the short-tube orifices.

Short tube Diameter (mm) Length (mm)

1 0.851 10
2 0.849 15
3 0.869 20
4 0.961 10
5 0.961 15
6 0.935 20
7 1.096 10
8 1.085 15
9 1.091 20
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±20 mbar accuracy. T-type thermocouples were used to measure
fluid temperature. The uncertainty of the temperature measure-
ment was ±0.1 �C. The differential transducer had an accuracy of
±0.1% of its calibrated span. The flow rate of refrigerant through
the short-tube orifice was measured by a Coriolis mass flow meter
(ABB FCM2000) with an accuracy of ±0.25%.

3. Results and discussion

This study presents the flow mechanisms of HFC-410A, includ-
ing pressure distribution, temperature distribution, flow pattern,
metastable flow, choked flow and mass flow rate, inside a short-
tube orifice during a flashing process. The effects of operating con-
ditions and short-tube orifice dimensions on the flow mechanisms
are also explained.

3.1. Pressure and temperature distributions

One of the purposes of the refrigerant expansion device is to re-
duce the refrigerant pressure from the condenser pressure to the
evaporator pressure, which also results in a temperature drop.
Therefore, knowledge of the pressure and temperature distribu-
tions inside short-tube orifices is important for the proper design
and selection of short-tube orifices.

The pressure and temperature distributions of HFC-410A along
a short-tube orifice are shown in Fig. 4. It is found from the figure
that the pressure and temperature greatly decrease in the entrance
region, slightly increase over a short length and gradually decrease
thereafter inside the short-tube orifice, and rapidly decrease in the
exit region. In addition, it can be seen that the temperature distri-
bution inside the short-tube orifice is directly related to the pres-
sure distribution. This is because the refrigerant pressure is lower
than the saturation pressure corresponding to upstream pressure
after the flow of refrigerant passes the entrance plane. This means
that the liquid refrigerant changes into a liquid–vapour mixture
and the temperature varies directly with pressure.

The large pressure drop in the entrance region can occur be-
cause the refrigerant flow area is constricted into vena contracta.
Therefore, the upstream pressure is suddenly converted into ki-
netic energy and becomes the minimum pressure in the vena con-
tracta. Moreover, it is also found that a pressure loss is produced
due to an inertial effect and wall shear stress in the entrance re-
gion. The results from this study show that the minimum pressure
appears about 1 mm from the entrance plane. The cause of the
pressure rise and pressure decrease inside the short-tube can be
explained by the slight increase of flow area in the entrance region
and shear stress between refrigerant and tube wall inside the
short-tube orifice, respectively. Considering the pressure variation
in the exit region, this implies that the flow behaviour of the refrig-
erant does not conform to incompressible fluid flow theory, but is
similar to the compressible flow through a converging nozzle when
the velocity in the exit plane reaches sonic speed. Under these con-
ditions, the pressure reduces discontinuously from the exit plane
to the downstream pressure value.

The effect of upstream pressure on the pressure and tempera-
ture distributions of refrigerant inside a short-tube orifice is shown
in Fig. 5. It can be clearly seen from this figure that the average
pressure and temperature inside the short-tube orifice increase
as the upstream pressure is boosted. This is because the refrigerant
velocity is increased when the pressure difference between up-
stream and downstream pressure is increased. Therefore, the pres-
sure loss due to sudden contraction and wall friction is augmented.
The reason for the temperature variation inside the short-tube ori-
fice is similar to that described above. However, it is observed that
the increase of upstream pressure causes a slight decrease of
downstream temperature even though the downstream pressure
is unchanged.

Fig. 6 shows the pressure and temperature distributions along a
short-tube orifice at different degrees of subcooling. The augmen-
tation of the degree of subcooling leads to an increase of the pres-
sure drop in the entrance region while the average pressure and
temperature inside the short-tube orifice are lowered. It is also
found that the downstream temperature is slightly decreased
when the degree of subcooling is increased. This is due to the fact
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Fig. 2. Schematic diagram of test section for visual observation.
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Fig. 3. Schematic diagram of test section for measuring pressure and temperature distribution.
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that the increase of the degree of subcooling leads to increases in
the density and mass flow rate of refrigerant which result in an in-
crease of pressure loss inside the short-tube orifice.

Considering the pressure and temperature distributions inside
the short-tube orifice shown in Fig. 7, it is found that the long
length of the short-tube orifice results in increases of recovery

pressure and average pressure in the short-tube orifice; however
it also leads to a slight decrease of downstream temperature. As
mentioned above, it can be noted that the downstream tempera-
ture is slightly decreased by increasing the degree of subcooling
and the length of the short-tube orifice, but increased by increasing
the upstream pressure.
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3.2. Metastable flow phenomenon

Metastable flow is the flow phenomenon which occurs during
the transition from liquid to vapour state according to a flashing
process in the expansion device. In this section, the existence of
metastable flow in the short-tube orifice is described.

In order to verify the existence of metastable flow, the relation-
ship between pressure distribution and flow pattern inside the
short-tube orifice is presented in Fig. 8. In the photograph of the
flow pattern in the figure, the flow of liquid refrigerant is displayed
by the bright (white) region, whereas the two-phase refrigerant
flow is displayed by the dark (black) region. The increase of dark-
ness level in the dark region represents the high level of quality.
As shown in Fig. 8(a), it is found that the conical liquid refrigerant

appears in a core of the tube while the other area is covered by the
two-phase refrigerant, which consists of tiny bubbles mixed with
liquid refrigerant and is similar to a mist. In addition, it is found
that the darkness level in the dark region increases along the tube
length, especially in the exit plane of the short-tube orifice.

As shown in Fig. 8(b), when the flow of refrigerant passes the en-
trance region, the measured pressure along the short-tube orifice is
lower than the saturation pressure in response to the measured
temperature. The result indicates that the refrigerant is in a super-
heated vapour state after it passes the entrance plane. That is, the
subcooled liquid refrigerant ought to be evaporated at 1 mm from
the entrance plane. However, after consideration of the flowpattern
in Fig. 8(a), it is found that the refrigerant at the core of tube re-
mains in the liquid state. This means that the vaporization of refrig-
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erant is delayed and the flow of refrigerant inside the short-tube
orifice exists under non-equilibrium thermodynamic conditions.
Therefore, this flow region is called metastable liquid flow. On the
other hand, when the entire flow area of the tube is covered by
two-phase liquid–vapour refrigerant, it is called metastable two-
phase flow. In order to identify the extent of the metastable liquid
flow region, the image was magnified for clearness and the varia-
tions in the colour level of liquid refrigerant at the central core of
the tube were observed by eye. The end point of metastable liquid
flow length is the point where the dark region completely covers
the flow area. The average length of metastable liquid flow repre-
sented in this paper is obtained from several repetitions.

Figs. 9 and 10 show the flow pattern of refrigerant inside the
short-tube orifice which is changed by the upstream pressure

and degree of subcooling, respectively. It is discovered that the
length of the metastable liquid flow region is extended by increas-
ing the upstream pressure and degree of subcooling. The reason for
this is that the difference between upstream pressure and satura-
tion pressure is increased as upstream pressure and degree of sub-
cooling are increased. This means that the inception of flashing is
delayed when the upstream pressure and degree of subcooling
are increased.

3.3. Mass flow rate

Another purpose of the expansion device is to regulate the mass
flow rate of refrigerant flowing from the condenser to the evapora-
tor. In this section, the effects of operating conditions and short-
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tube orifice dimensions on the mass flow rate of HFC-410A through
short-tube orifices are described.

As shown in Fig. 11, it can be seen that the mass flow rate is in-
creased when the upstream pressure is increased. In addition, it is
found that the tendency in the data is dependent on short-tube
diameter. That is, the data tendency is lifted when the upstream

pressure is increased. The reason for this is that the refrigerant
velocity is increased as the upstream pressure is increased, which
is responsible for the increase in mass flow rate.

Fig. 12 shows the effect of the degree of subcooling on mass
flow rate. The results show that increasing the degree of subcooling
produces an increase in mass flow rate. However, it is discovered
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that the mass flow rate is related to short-tube diameter. This
means that an increase of the short-tube diameter tends to lift
the data tendency. This is due to the fact that the refrigerant den-
sity is increased as the degree of subcooling is increased. This im-
pact causes the mass flow rate to be increased.

As shown in Fig. 13, the mass flow rate increases greatly as the
short-tube orifice diameter is increased. The flow rate is found to
change by an average of 173 kg/h/mm. This is because the cross-
sectional area is expanded when the short-tube orifice diameter
is increased.

The relationship between mass flow rate and short-tube orifice
length is shown in Fig. 14. It can be seen that the mass flow rate
decreases slightly when the shot-tube length is increased. The
average variation of mass flow rate is 0.252 kg/h/mm. This is be-
cause the frictional pressure drop is increased when the shot-tube
length is increased, which leads to a reduction of the flow rate.

3.4. Choked flow phenomenon

Choked flow is a limiting condition which occurs inside the
short-tube orifice when the velocity of refrigerant reaches sonic
velocity. Under this condition, the mass flow rate of refrigerant is
restricted, although the downstream pressure is decreased. There-
fore, this phenomenon is necessary for the flow of HFC-410A inside
the short-tube orifice. In this section, the verification of choked
flow inside the short-tube orifice is presented.

Considering the effect of downstream pressure on the mass flow
rate, pressure distribution, and temperature distribution of HFC-
410A in Fig. 15, it can be clearly seen that the mass flow rate and
pressure distribution inside the short-tube orifice are nearly con-
stant while the downstream pressure is decreased. Therefore, it
can be confirmed that the flow of HFC-410A is choked inside the
short-tube orifice. However, it is found that the temperature distri-
bution inside the short-tube orifice is diminished by decreasing the
downstream pressure. This flow behaviour is consistent with the
results of past researches [4,6]. The results from this study indicate
that choked flow appears over the entire range of experimental
conditions.

4. Conclusion

This paper presents new experimental data of HFC-410A flow
mechanisms, including the pressure distribution, temperature dis-
tribution, flow pattern, choked flow phenomenon, metastable flow
and mass flow rate inside a short-tube orifice. The influences of up-
stream pressure, downstream pressure, degree of subcooling, and
short-tube orifice length on the flow mechanisms are discussed.
The following conclusions can be drawn from this study:

1. The flow pattern with which the liquid refrigerant flows in a
conical form at the core of the tube, surrounded by tiny bubbles
mixed in the liquid refrigerant, has been discovered inside
short-tube orifices.

2. The pressure and temperature of refrigerant decrease rapidly in
the entrance and exit regions. However, the pressure and tem-
perature of the refrigerant increase only slightly over a short
length and gradually decrease thereafter inside the short-tube
orifice.

3. The mass flow rate increases in proportion when the upstream
pressure and degree of subcooling are increased, but it is greatly
increased by increasing the short-tube diameter.

4. The mass flow rate and pressure distribution inside a short-tube
orifice are nearly constant as the downstream pressure is var-
ied. However, the temperature distribution of the refrigerant
inside a short-tube orifice is slightly decreased when the down-
stream pressure is decreased.
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a b s t r a c t

Flow boiling heat transfer of R-134a refrigerant in a circular mini-channel, 600 mm long with a diameter
of 1.75 mm, is investigated experimentally in this study. The test section is a stainless steel tube placed
horizontally. Flow pattern and heat transfer coefficient data are obtained for a mass flux range of 200–
1000 kg/m2 s, a heat flux range of 1–83 kW/m2 and saturation pressures of 8, 10, and 13 bar. Five differ-
ent flow patterns including slug flow, throat-annular flow, churn flow, annular flow and annular-rivulet
flow are observed and the heat transfer coefficient data for different flow patterns are presented. The heat
transfer coefficient increases with increasing heat flux but is mostly independent of mass flux and vapour
quality. In addition, it is indicated from the experiments that the higher the saturation pressure, the lower
is the heat transfer coefficient. Comparisons of the present data with the existing correlations are also
presented.

� 2010 Elsevier Ltd. All rights reserved.

1. Introduction

Research on two-phase compact heat exchangers has gained
increasing attention over the years because of the advantages of
using small channels as summarised in Ribatski et al. [1]. Definitions
for various channels have been given by several investigators who
proposed channel classifications which are often based on different
dimensionless parameters. For instance, arbitrary channel classifi-
cations associated with the hydraulic diameter Dh have been pro-
posed. Mehendale et al. [2] employed the hydraulic diameter as an
important parameter for defining heat exchangers and Kandlikar
[3] proposed criteria for small flow channels used in engineering
applications. Most of the criteria based on the hydraulic diameter,
however, cannot relate the channel diameter to fluid flow mecha-
nisms. Regarding the experimental data obtained from flow visual-
isation studies in small channels, Chung and Kawaji [4] found that
diameters between 100 and 250 lm seemed to be in the range cor-
responding to mini-to-micro-scale transitions. Their findings were
also confirmed by Saisorn andWongwises [5]. According to existing
criteria which are unclear, further investigation is still required to
meet a more general definition dealing with channel classification.

Two-phase flow of refrigerants during flow boiling in ordinarily
sized channels has been investigated by various investigators.

Greco [6], for instance, conducted experiments to study the major
parameters affecting the heat transfer characteristics. The results
of more than 2000 data points were obtained based on 250 differ-
ent operating conditions. The effects of vapour quality, heat flux
mass flux, saturation temperature and thermo-physical properties
on the heat transfer behavior were analyzed in detail. Compared to
the reported two-phase flow and heat transfer characteristics in
ordinarily sized channels, which are available in a relatively large
number of publications, flow boiling phenomena in mini- and mi-
cro-channels tend to show different behaviors due to the effects of
the limited and confined space. Also, a scaling analysis of different
forces, as discussed in Kandlikar [7], pointed out that surface ten-
sion and evaporation momentum forces were significant for two-
phase flow phenomena at micro-scale. Although some relevant
information is currently available in the literature, a complete
understanding has not yet been clarified with regard to the trends
and parameters dominating the phase-change heat transfer mech-
anism in these small-scale channels.

In what follows, recent studies associated with flow boiling heat
transfer in small channels are briefly outlined.

Brutin and Tadrist [8] carried out experiments on flow boiling in
a rectangular mini-channel with hydraulic diameter of 0.89 mm to
investigate the two-phase flow stability. They indicated that a
maximum value of the average heat transfer coefficient was
obtained under the unsteady state regime. The stability criterion
was found to be dependent upon heat flux and mass flow rate.
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Huo et al. [9] studied experimentally boiling heat transfer of R-
134a fluid in small vertical tubes of 2.01 and 4.26 mm in diameter.
In the low vapour quality range, the heat transfer coefficient in
both tubes increased with increasing heat flux and saturated pres-
sure but was independent of vapour quality. These results were
attributed to nucleate boiling being the dominant heat transfer
mode. In other ranges of vapour quality, however, the dominant
heat transfer mode was not addressed as a result of inconsistency
in the experimental data. Under the same controlled conditions,
they found that the nucleate boiling heat transfer coefficient was
higher for the 2.01 mm tube than for the 4.26 mm tube.

Flow boiling heat transfer characteristics in micro-channels of
540 mm length with 25 circular flow channels of 0.81 mm diame-
ter were investigated by Pettersen [10]. They reported that the in-
crease in heat flux resulted in higher heat transfer coefficient,
which could be explained according to the dominant role of nucle-
ate boiling over the low/moderate vapour quality region. Another
point observed was that the dry-out temperature became much
more significant at higher mass flux and temperature, resulting
in a rapidly reduced heat transfer coefficient at high vapour quali-
ties. Besides, pressure drop increased with mass flux and vapour
quality but decreased as temperature increased. The comparison
of measured data and various correlations was also discussed.

Yun et al. [11] were concerned with flow boiling heat transfer
characteristics in rectangular multi-channels with hydraulic diam-
eters ranging from 1.08 to 1.54 mm. Working fluids tested were
CO2 and R-134a. Generally, the average heat transfer coefficient
of CO2 increased around 53% when compared with that of R-
134a. The influences of heat flux on the heat transfer coefficient
were much more obvious for CO2 than for R-134a. Dry-out phe-
nomenon was promoted with an increase in mass flux and it was
also noted that the effects of mass flux on heat transfer coefficient
were less significant than those of heat flux. As expected, heat

transfer coefficient increased with a decrease in the hydraulic
diameter.

Heat transfer of R-134a refrigerant during flow boiling in hori-
zontal tubes with different diameters including 0.51, 1.12 and
3.1 mm was studied experimentally by Saitoh et al. [12]. Nucleate
boiling was reported in the low vapour quality region whereas con-
vective evaporation was dominant in the high vapour quality re-
gion. The latter mechanism was found to be less dominant as the
tube diameter decreases. The smaller the tube diameter, the higher
is the effect of saturation temperature on the heat transfer coeffi-
cient. The flow instability was also discussed in this work.

Evaporation heat transfer in horizontal mini-channels was stud-
ied experimentally by Lie et al. [13]. A diameter of 0.83 or 2 mm
was used for each channel and the working fluids were R-134a
and R-407C. The effects of mass flux, vapour quality, saturation
temperature and heat flux on the heat transfer coefficient were
investigated. Under given experimental conditions, the use of R-
407C gave a higher heat transfer coefficient than R-134a.

The experiments with flow boiling of water in a vertical circular
tube having a diameter of 1.5 mm were performed by Boye et al.
[14]. The wall temperatures of the tube in which the water flows
upward were measured using infrared thermography. Nucleate
boiling and convective boiling mechanisms were observed in the
experiments.

Choi et al. [15] reported the heat transfer characteristics of CO2

through horizontal mini-channels having diameters of 1.5 and
3 mm. They indicated that nucleate boiling was predominant in
the low vapour quality region and a convective boiling heat trans-
fer contribution appeared in moderate and high vapour quality
regions. The variation of local heat transfer coefficient with heat
flux, mass flux, vapour quality and saturation temperature was
discussed. A more active nucleate boiling was addressed when
the tube with smaller diameter was used. Flow boiling heat

Nomenclature

Bo Boiling number, Bo = q/GiLG
C constant
CCO convection number, CCO = (qG/qL)0.5((1 � x)/x)0.8

Co confinement number
Cp specific heat at constant pressure (J/kg K)
D channel diameter (m)
Db capillary length (m)
Dh hydraulic diameter (m)
F two-phase convection multiplier
FFl fluid-surface parameter
f fanning friction factor
G mass flux (kg/m2 s)
h heat transfer coefficient (W/m2 K)
i specific enthalpy (J/kg)
iLG latent heat of vapourisation (J/kg)
j superficial velocity (m/s)
k thermal conductivity (W/mK)
M molecular weight (kg/kmol)
MAE mean absolute error, MAE ¼ 1

N

PN
1

hpre�hmeaj j
hmea

� 100
� �

N number of experimental data
Nu Nusselt number, Nu = hDh/k
P pressure (Pa)
Pr reduced pressure
Pr Prandtl number, Pr = lCp/k
DPsat saturation pressure difference (Pa)
q heat flux (W/m2)
Re Reynolds number, Re = GDh/l
S nucleate boiling suppression factor

T temperature (�C)
DTsat wall superheat (K)
We Weber number, We = G2Dh/qr
x vapour quality

Greek symbols
v Lockhart–Martinelli parameter
u2 two-phase frictional multiplier
l dynamic viscosity (Ns/m2)
q density (kg/m3)
r surface tension (N/m)

Subscripts
A annular flow
avg average
CB coalescing bubble flow
CBC convection boiling contribution
G vapour phase
GO all-vapour
IB isolated bubble flow
L liquid phase
LO all-liquid
mea experimental value
NBC nucleate boiling contribution
pre predicted value
sat saturation
wall,in inner wall
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transfer of different refrigerants was continually carried out by
Choi et al. [16]. They indicated that the use of CO2 caused the heat
transfer coefficient to be higher than that of R-134a and R-22.

Shiferawet al. [17] compared theirflowboilingdatawithexisting
correlations. The data points were obtained from experiments with
R-134a flowing through small tubes having diameters of 4.26 and
2.01 mm. The comparisons revealed that the existing correlations
didnot predictwell their data. Comments and suggestionswerepro-
vided by the authors for further development of the prediction. Sim-
ilar experiments were conducted by Shiferaw et al. [18] to compare
the results obtained from a 1.1 mm diameter tube with the three-
zone flow boilingmodel developed by Thome et al. [19] and Dupont
et al. [20]. Generally, the model predicted well the experimental
data, especially at relatively low pressure. Regarding the heat trans-
fer characteristics, an insignificant influence ofmass flux andvapour
quality was observed while the heat transfer coefficient increased
with increasing heat flux and saturation pressure.

Three different refrigerants, R-134a, R-236fa and R-245fa, were
tested for flowboiling in a 1.03 mmdiameter tubebyOng and Thome
[21]. The trends of the data were investigated, showing that the heat
transfer coefficient dependedon heat flux at lowvapour qualities and
on mass flux at high vapour qualities. Regarding the refrigerants
tested at low vapour qualities, R-134a gave the highest heat transfer
coefficient followed by R-236fa and R-245fa, respectively.

From the above review of the literature, relatively little infor-
mation has been reported on flow boiling in mini-channels under
high mass flow conditions (G > 500 kg/m2 s) and the detailed
investigations concentrating on the relevance of the two-phase
flow structures to the heat transfer characteristics are still lacking.
The main objective of the present work is therefore to extend the
database to high mass flux conditions corresponding to a value
of up to around 1000 kg/m2 s. In this paper, the typical features
of the flow patterns and the relevant heat transfer characteristics
are described. The present data will subsequently be compared
with prediction methods of different researchers.

2. Experimental apparatus and procedure

The present experimental apparatus, which is modified from
that developed by Kaew-On and Wongwises [22] and is shown
schematically in Fig. 1, is designed to investigate flow boiling of
R-134a in a circular mini-channel placed horizontally. The main
components of the system include a test section, refrigerant loop,
sub-cooling loop, and a data acquisition system.

For the refrigerant circulating loop, as seen in Fig. 1, liquid
refrigerant is pumped by a gear pump which can be regulated by
means of an inverter. The refrigerant then passes in series through
a filter/dryer, a refrigerant flow meter, pre-heater, sight glass tube,
and enters the test section. The inlet quality before entering the
test section is controlled by the pre-heater with a DC power supply
used to apply heat. Leaving the test section, the refrigerant vapour
subsequently condenses in a sub-cooler and then is collected in a
receiver; it eventually returns to the refrigerant pump to complete
the cycle. Instrumentation is installed at various positions, as
shown in Fig. 1, to monitor the state of the refrigerant. All the sig-
nals from the thermocouples and differential pressure transducer
are recorded by a data logger.

Fig. 2 shows a schematic diagram of the test section, a stainless
steel tube which is 600 mm long and 1.75 mm in diameter. The
regulated DC power supply generating 80 A at 12 V is used to apply
heat to the test section. The voltage and electric current values are
measured by a multimeter (Fluke 336 meter) which has an uncer-
tainty of ±2% for voltage and ±1% for current. T-type thermocouples
are installed at the inlet and outlet of the test section to measure
the system temperature. The 10 thermocouples are installed on
the top and bottom sides at equal distances along the tube to mea-
sure the wall temperature. All thermocouples on the tube surface
are fixed with special glue. The test section is well insulated by
using rubber foam with a thermal conductivity of 0.04 W/mK. A
variable area type flow meter is specially calibrated in the range
0.02–0.2 LPM for R-134a by the manufacturer. All thermocouples,
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Fig. 1. Schematic diagram of experimental apparatus.
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differential pressure transducer and relevant instruments installed
in the experimental apparatus are well calibrated.

A 1.75 mm diameter transparent tube is installed to match up
with the test section outlet and to serve as a viewing window for
flow visualisation. The detailed formation of each flow pattern is
registered by a high quality camera (Fujifilm FinePix S7000) hav-
ing shutter speeds of 1/15 to 1/10,000 s. The camera together
with an adjustable light source consisting of 150 W halogen lamp
and dimmer are placed horizontally and normal to the viewing
section.

In this work, the experiments are conducted in such a way that
the heat applied to the test section is varied by small increments,
while the refrigerant flow rate, saturation pressure, and inlet
vapour quality in the test section are kept constant at the desired
value. The system is allowed to approach a steady state before the
flow pattern and relevant data are recorded. During the experi-
ment, the temperature and pressure drop are continuously
recorded along the test section by the data logger. The profiles
of the temperature help us to know the limit of useful data be-
cause a large increase in wall temperature and outlet saturation
temperature is observed when dry-out occurs. The range of exper-
imental conditions is presented in Table 1. The uncertainties in
the measured quantities and calculated parameters are shown in
Table 2.

3. Results and discussion

3.1. Flow pattern

Flow pattern is expected to influence the heat transfer and flow
characteristics during the phase-change heat transfer process. A
clear understanding of the flow patterns encountered as well as
the ability to accurately predict the type of flow are necessary be-
fore relevant calculation techniques can be developed. Flow visual-
isation studies for small channels such as micro- and mini-
channels have been carried out by different investigators. A num-
ber of the studies concern with flow patterns for gas–liquid flow
in small channels and the others concern with those for phase-
change process. The flow visualisation for gas–liquid flow in mini-
or micro-channel is also considered to be a tool for studying the
two-phase flow characteristics because it is not very difficult to
control the flow conditions. Gas–liquid flow phenomena are found
to be compatible with flow mechanisms based on phase-change
process in different aspects. In small channels, for instance, Saisorn
and Wongwises [5] indicated that their frictional pressure drop
data associated with two-phase gas–liquid flow were fairly pre-
dicted by the Muller-Steinhagen and Heck correlation [23] which
is working for refrigerants under certain conditions. They also re-
ported the fair agreement between their gas–liquid flow pattern
data and the transition lines of Garimella et al. [24] for condensa-
tion flow. According to the previous discussion, the present flow
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Fig. 2. Schematic diagram of test section.

Table 1
Experimental conditions.

Refrigerant R-134a

Diameter (mm) 1.75
Length (mm) 600
Mass flux (kg/m2 s) 200–1000
Heat flux (kW/m2) 1–83
Saturation pressure (bar) 8–13
Test section material Stainless steel

Table 2
Uncertainties of measured quantities and calculated parameters.

Parameter Uncertainty

Temperature ±0.1 (�C)
Mass flow rate of refrigerant ±0.1 (%) full scale
Heat transfer rate of test section ±2.25%
Heat transfer rate of pre-heater ±2.25%
Heat transfer coefficient ±8.12%
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pattern data, which corresponds to flow boiling phenomena, will
be subsequently compared with those obtained from gas–liquid
flow data to check for the compatibility. The data of Triplett et al.
[25] were chosen because of their tube diameter which is compa-
rable to the present one.

In the present study, the boiling flow pattern observations are
carried out at system pressures of 8 and 10 bar. The superficial
velocities of gas and liquid vary from 0.69 to 16.60 m/s and 0.01
to 0.81 m/s, respectively. By keeping the refrigerant flow rate, sat-
uration pressure and inlet vapour quality constant at a desired va-
lue, and increasing the imposed heat flux to the test section by
small increments, typical photographs are obtained from the view-
ing window located downstream of the test section as shown in
Fig. 3. The observations show that five different flow patterns are
indicated as follows.

Slug flow: elongated bubbles which are larger in length than the
channel diameter are developed from small bubbles.

Throat-annular flow: the two consecutive elongated bubbles
coalesce into a throat-like gas core.

Churn flow: a disruptive region develops due to the distortion of
the elongated bubbles.

Annular flow: liquid film flows on the tube wall and the tube
core is occupied by continuous vapour flow.

Annular-rivulet flow: annular flow is observed alternately with
flowing of a rivulet-like liquid stream on the tube surface.

It should be noted that peculiar flows such as throat-annular
flow and annular-rivulet flow, which have never been observed
in ordinarily sized channels, are also reported by Saisorn and

Wongwises [26]. However, some discrepancies are normally ob-
served because the present flow patterns are generated by the flow
boiling process not by the adiabatic two-phase gas–liquid system
used in their experiments.

The usual method in the presentation of flow pattern data is to
classify the flow pattern by visual observation and plot the data as
a flow pattern map in terms of system parameters. Figs. 4 and 5
illustrate the flow pattern maps which are presented in the super-
ficial velocity of liquid (jL) versus superficial velocity of vapour (jG)
format. The phase superficial velocities are determined as follows:

jG ¼ xG
qG

ð1Þ

jL ¼
ð1� xÞG

qL
ð2Þ

where x is vapour quality, G is mass flux, qG is vapour density, and
qL is liquid density.

The present data are compared with the flow pattern transitions
obtained by Triplett et al. [25] for two-phase air–water flow
through a 1.45 mm diameter channel. The solid lines along with
the flow pattern names indicated on these figures refer to their
transition boundaries. In general, the comparisons show inconsis-
tencies between the flow pattern map established from two-phase
gas–liquid flow and that from flow boiling. Such inconsistencies
were also reported by Martin-Callizo et al. [27] who conducted
the visualisation of R-134a during flow boiling in a vertical tube
with a diameter of 1.33 mm. Their test section is made from a
quartz glass tube coated externally by indium tin oxide (ITO)
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(G = 246 kg/m2s, q = 5.76 kW/m2, x = 0.22) 
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Fig. 3. Flow patterns in flow boiling of R-134a through a 1.75 mm diameter channel under system pressure of 8 bar.
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which is served as the resistive coating over which a potential dif-
ference generated by a DC power supply is applied. Their flow pat-
tern data were also compared with the transition lines of Triplett
et al. [25], indicating that the agreement is not satisfactory.

The disagreement can be explained by (i) for gas–liquid flow,
the working fluids such as an air–water mixture possess thermo-
physical properties that are substantially different from the refrig-
erants used in flow boiling process, (ii) flow patterns generated by
an air–water flow system may be possibly based on hydrodynam-
ics of the upstream gas–liquid mixer design, and (iii) the effect of
evaporation of the liquid phase taking place in the gas–liquid sys-
tem could be quite significant in small channels as indicated by
Kandlikar [3].

In addition, when the system pressure increases as seen in
Fig. 5, a decrease in surface tension results in a degradation of
throat-annular flow, especially at high vapour quality.

Recently, a new type of two-phase flow pattern map for flow
boiling in micro-channels was developed by Revellin and Thome
[28]. The proposed flow regime map comprises different zones
according to the bubble coalescence phenomena. The followings
are a brief description of each zone located in the flow map.

The isolated bubble (IB) regime corresponds to a relatively high
bubble generation rate when compared with the bubble coales-
cence rate. Either or both of bubbly flow and slug flow are included
in this regime. The coalescing bubble (CB) regime is defined when
the bubble generation rate is smaller than the bubble coalescence
rate.

The isolated bubble (IB) flow to coalescing bubble (CB) flow
transition is given by

xIB=CB ¼ 0:763
ReLOBo

WeGO

� �0:41

ð3Þ
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Fig. 4. Comparison of the observed flow patterns at 8 bar with the transition lines by Triplett et al. [25].
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where Bo stands for Boiling number, ReLO represents all-liquid Rey-
nolds number and WeGO is all-vapour Weber number.

The transition from coalescing bubble flow to annular flow is
determined by

xCB=A ¼ 0:00014Re1:47LO We�1:23
LO ð4Þ

where WeLO is all-liquid Weber number.
This correlation takes into account different effects including

heat flux, viscosity and surface tension which are represented,
respectively, by Boiling number, Reynolds number and Weber
number.

The present flow pattern maps in terms of mass flux and vapour
quality are presented in Figs. 6 and 7 which are compared with
their transition zones. It is found that, in general, the present data
correspond well with the transition zones proposed by Revellin

and Thome [28]. The regions of churn flow and throat-annular flow
obtained from the present study agree fairly well with their coa-
lescing bubble regime whereas our annular flow and annular-rivu-
let flow are located in their annular region. The present slug flow
data are found near the transition zone between their isolated bub-
ble and coalescing bubble regions.

3.2. Flow boiling heat transfer

During two-phase heat transfer experiments, the flow rate, sys-
tem pressure and inlet vapour quality were set to the desired value
and the imposed heat flux was then varied by small increments un-
til dry-out, noticed by a large increase in wall temperature and out-
let saturation temperature.
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Fig. 6. Comparison of the observed flow patterns at 8 bar with the transition lines by Revellin and Thome correlation [28].
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3.2.1. Local heat transfer coefficient
Heat flux, q, transferred to the test section is provided by the

regulated DC power supply generating 80 A at 12 V. T-type ther-
mocouples are installed at the inlet and outlet of the test section
to measure the refrigerant temperatures. Since, during experi-
ments, the two-phase conditions for flow boiling are provided at
the test section inlet by using pre-heater as shown in Fig. 1, the sat-
uration pressures at the test section inlet and outlet are obtained
based on the corresponding saturation temperatures. Regarding
the assumption of a linear variation of the saturation pressure
along the tube, the local saturation temperatures, Tsat,loc, can subse-
quently be obtained.

As presented in Fig. 2, the 10 T-type thermocouples are installed
on the top and bottom sides at equal distances along the tube to
measure the tube surface temperature. For each position where
the thermocouple is installed on the tube surface, the inner wall
temperature at a given position is determined using the equations
for steady-state one-dimensional heat conduction through the
tube wall with internal heat generation. At a given distance, hence,
the average temperature of the inner wall at the top and bottom
sides stands for the local temperature on the inner wall, Twall,in,loc.
Finally, the local heat transfer coefficient, hloc, for flow boiling of R-
134a along the test section is determined using the following
equation:

hloc ¼ q
ðTwall;in;loc � Tsat;locÞ ð5Þ

The local vapour quality is determined based on thermodynamic
properties, i.e.

x ¼ ði� iLÞ
iLG

ð6Þ

where iL is the specific enthalpy of the saturated liquid, iLG repre-
sents the latent heat of vaporisation and the local fluid enthalpy, i
is determined from an energy balance.

In the present work, the heat transfer results were taken simul-
taneously with the flow pattern data. Fig. 8 shows local heat trans-
fer coefficients for different flow patterns. It is found that slug flow
appears with the lowest heat transfer coefficient in comparison to
the other flow regimes. Although the annular-rivulet flow shows a

relatively high heat transfer coefficient, a local dry-out region is
observed at high vapour qualities, which is undesirable for a ther-
mal design approach dealing with a cooling system implemented
with small channels. Moderate values of heat transfer coefficient
are given by throat-annular flow, churn flow and annular flow
which might be good choices for the development of these sys-
tems. It can be seen from the figure that the flow patterns are ex-
pected to influence the flow boiling heat transfer process.

In addition to the flow pattern, the effects of heat flux, mass
flux, vapour quality and saturation pressure on the heat transfer
characteristics are also addressed as follows.

The dependence of heat transfer coefficients on heat flux is pre-
sented in Fig. 9. Regarding the experimental range, the measured
results increase with increasing heat flux and are less affected by
vapour quality.

In Fig. 10, the heat transfer coefficient is depicted with various
values of mass flux. The figure reveals an insignificant effect of
mass flux on the measured heat transfer coefficient.

The observed characteristics, presented in Figs. 9 and 10, seem
to be the case that nucleate boiling contribution plays an impor-
tant role on flow boiling heat transfer in mini-channel. Similar
observations were also reported by different researchers such as
Saitoh et al. [12], Choi et al. [16], Lazarek and Black [29], Wambs-
ganss et al. [30], Bao et al. [31] and Tran et al. [32].

Fig. 11 presents the variation of heat transfer coefficient with
vapour quality for saturation pressures of 8, 10 and 13 bar. There
is a decrease in heat transfer coefficient with increasing saturation
pressure across the experimental range of vapour quality. This may
be attributed to the fact that, with an increase in saturation
pressure, which corresponds to the smaller latent heat of vaporisa-
tion, the lower liquid viscosity can contribute the thinner liquid
film on the tube wall to become easily broken and, hence, a de-
crease in heat transfer coefficient is established. A similar trend
regarding the effect of saturation pressure on heat transfer coeffi-
cient was also reported by Choi et al. [15] and Kaew-On and Won-
gwises [22].

3.2.2. Average heat transfer coefficient
The average heat transfer coefficient for the entire 0.6 m long

tube is defined as
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havg ¼ q
ðTwall;in;avg � Tsat;avgÞ ð7Þ

There are 10 positions along the tube, at which the inner wall tem-
peratures are determined and thus the average value of the inner
wall surface temperature, Twall,in,avg, of the test section is obtained
using the arithmetic mean of the temperatures along the tube. Tsa-
t,avg represents the average temperature of the refrigerant at the test
section inlet and outlet.

Fig. 12 presents average heat transfer coefficients plotted as a
function of heat flux for different constant values of mass flux.
For each mass flux value, the results depend strongly on heat flux.
The decreases in heat transfer coefficient which result from the

partial dry-out region appearing in the annular-rivulet flow are
indicated under mass flux values of 494, 742 and 989 kg/m2 s.

The interesting point observed from Fig. 12 is that the heat
transfer coefficient data are mostly less dependent on mass flux,
especially, under heat flux values up to around 40 kW/m2. This ob-
served behavior reveals that convective contribution does not play
dominant role on the heat transfer mechanisms although liquid-
turbulent and vapour-turbulent flow are established in the mass
flux ranging between 494 and 989 kg/m2 s (a mass flux value of
246 kg/m2 s falls in the liquid-laminar and vapour-turbulent region
which is a common flow pattern in many applications of mini-
channel [33]). To examine such behavior, the confinement number
recommended by Kew and Cornwell [34] is used as the transition
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criterion for checking whether the micro-scale effects are impor-
tant. The confinement number is defined as

Co ¼ Db

Dh
ð8Þ

where Db is the nominal bubble size or capillary length which is ex-
pressed by

Db ¼
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

r
gðqL � qGÞ

r
ð9Þ

The confinement number below 0.5 stands for ordinarily sized
channel. In the present study, the confinement number for all mass
flux values under a saturation pressure of 8 bar is slightly above 0.5,
presumably indicating a mini-channel flow.

As heat flux is increased to values larger than 40 kW/m2, never-
theless, the increase in evaporation momentum force exerted at
the evaporating interface tends to enhance convective heat trans-
fer mechanisms, leading to the variation of heat transfer coefficient
with mass flux.

For a saturation pressure of 10 bar, the heat flux versus average
heat transfer coefficient for various mass flux is illustrated in
Fig. 13. The variation of heat transfer coefficient with mass flux is
more obvious than that presented in Fig. 12. As expected, the crite-
rion proposed by Kew and Cornwell [34] indicates the macro-scale
flow region in which the values of the confinement number are less
than 0.5 for all mass flux values.

The results presented in Fig. 14, for heat transfer coefficient
plotted against heat flux for different values of saturation pressure
show the decrease in heat transfer coefficient with increasing sat-
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uration pressure. The results support the trend which is previously
discussed as illustrated in Fig. 11. The lower liquid viscosity due to
the increment of saturation pressure also leads to the decrease in
frictional pressure drop as illustrated in Fig. 15. The frictional pres-
sure drop is determined by subtracting the accelerational pressure
drop from the total one which is monitored by the differential
pressure transducer.

The average heat transfer coefficient data obtained from the
present study are compared with one well-known heat transfer
prediction recommended for flow boiling in ordinarily sized chan-
nels and with three boiling heat transfer correlations proposed for
small flow channels.

One of the widely used correlations for ordinarily sized
channels, which is taken as a benchmark in the flow boiling liter-
ature, was proposed by Chen [35]. An additive concept for nucleate

boiling and forced convective mechanisms was introduced in the
correlation which is expressed as

h ¼ hNBCSþ hLF ð10Þ
where F is a two-phase convection multiplier which is calculated as

F ¼
1 for 1

v 6 0:1

2:35 1
vþ 0:213
� �0:736

for 1
v > 0:1

8<
: ð11Þ

v in Eq. (11) represents the Lockhart–Martinelli parameter deter-
mined by:

v ¼ 1� x
x

� �0:9 qG

qL

� �0:5 lL

lG

� �0:1

ð12Þ
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The nucleate boiling suppression factor, S, is expressed as

S ¼ 1
1þ 2:53� 10�6Re1:17L

ð13Þ

The liquid-phase heat transfer coefficient, hL, is given by:

hL ¼ 0:023Re0:8L
lLCpL

kL

� �0:4 kL
D

� �
ð14Þ

and nucleate boiling heat transfer coefficient, hNBC, is determined
from the following equation:

hNBC ¼ 0:00122DT0:24
sat DP0:75

sat

k0:79L C0:45
pL q0:49

L

r0:5l0:29
L i0:24LG q0:24

G

 !
ð15Þ

In Eqs. (12)–(15), lL is liquid viscosity, lG is vapour viscosity, ReL is
liquid Reynolds number, CpL is liquid specific heat capacity, kL is li-
quid thermal conductivity, D is channel diameter, r is surface ten-
sion, DTsat is wall superheat and DPsat stands for the difference
between the saturation pressures calculated from wall temperature
and fluid temperature.

Later, the Chen correlation [35] was improved by Choi et al. [16]
to make it more applicable to small channels. The two-phase con-
vection multiplier, F, which can be related to the two-phase fric-
tional multiplier as indicated in Zhang et al. [36], and the
nucleate boiling suppression factor, S, were modified by Choi
et al. [16] using a regression method corresponding to their exper-
imental data for mini-channels.

The proposed two-phase convection multiplier and nucleate
boiling suppression factor are expressed in Eqs. (16) and (17),
respectively:

F ¼ 0:042/2
L þ 0:958 ð16Þ

S ¼ 469:1689ð/2
L Þ�0:2093B0:7402

o ð17Þ
where /2

L represents the two-phase frictional multiplier given by:

/2
L ¼ 1þ C

vþ 1
v2 ð18Þ

The constant C in this equation is a parameter which indicates the
two-phase flow condition. The value of this parameter proposed
by Chisholm [37], varying from 5 to 20, depends on the flow condi-

tion of the vapour and liquid. C = 20 for turbulent liquid and turbu-
lent vapour, C = 12 for laminar liquid and turbulent vapour, C = 10
for turbulent liquid and laminar vapour, C = 5 for laminar liquid
and laminar vapour.

Based on the Cooper correlation [38], the nucleate boiling heat
transfer coefficient is given by

hNBC ¼ 55P0:12
r ð�0:4343 ln PrÞ�0:55M�0:5q0:67 ð19Þ

where Pr is reduced pressure and M is molecular weight.
Finally, the predicted heat transfer coefficient can be obtained

by substituting Eqs. (14), (16), (17), and (19) into (10).
Tran et al. [32] proposed a correlation for flow boiling in circular

and rectangular mini-channels. The dominant heat transfer mech-
anism associated with nucleate boiling was considered to develop
a correlation which is written as

h ¼ 8:4� 105 B2
oWeLO

� �0:3 qL

qG

� ��0:4

ð20Þ

Kandlikar and Balasubramanian [39] modified the correlation pro-
posed by Kandlikar [40] for ordinarily sized channels to extend
the prediction to mini- and micro-channels which correspond to
the neglected Froude number.

For all-liquid Reynolds numbers higher than 100, their correla-
tion can be expressed as shown below

h ¼ larger of
hNBC

hCBC

�
ð21Þ

where the heat transfer coefficient based on nucleate boiling contri-
bution, hNBC, and that on forced convective contribution, hCBC, are
given by Eqs. (22) and (23), respectively

hNBC ¼ 0:6683C�0:2
CO ð1� xÞ0:8hLO þ 1058:0B0:7

o ð1� xÞ0:8FFlhLO ð22Þ

hCBC ¼ 1:136C�0:9
CO ð1� xÞ0:8hLO þ 667:2B0:7

o ð1� xÞ0:8FFlhLO ð23Þ
where CCO represents convection number, FFl stands for a fluid-sur-
face dependent parameter which is equal to 1 for all fluids tested
with stainless steel tubes, and hLO for all-liquid flow heat transfer
coefficient which is found from Eqs. (24)–(26):
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hLO ¼ ReLOPrLðf=2ÞðkL=DÞ
1þ 12:7ðPr2=3L � 1Þðf=2Þ0:5

for 104 6 ReLO 6 5� 106

ð24Þ

hLO ¼ ðReLO � 1000ÞPrLðf=2ÞðkL=DÞ
1þ 12:7ðPr2=3L � 1Þðf=2Þ0:5

for 3000 6 ReLO 6 104

ð25Þ

hLO ¼ NukL
D

for ReLO 6 1600 ð26Þ

PrL is the liquid Prandtl number and f appearing in Eqs. (24) and (25)
is the friction factor determined by:

f ¼ ½1:58 lnðReLOÞ � 3:28��2 ð27Þ

It is noted that, for laminar flow in a circular channel with constant
surface heat flux, the Nusselt number indicated in Eq. (26) is equal
to 4.36. In the case of the transition region, the all-liquid flow heat
transfer coefficient is established using a linear interpolation be-
tween ReLO of 1600 and 3000.

They also proposed a two-phase heat transfer coefficient for
very low Reynolds number (ReLO 6 100) which is recommended as

h ¼ hNBC ¼ 0:6683C�0:2
CO ð1� xÞ0:8hLO þ 1058:0B0:7

o ð1� xÞ0:8FFlhLO

ð28Þ

where hLO is found from Eq. (26).
Comparisons between the average heat transfer coefficient data

and existing correlations are presented in Figs. 16–19 which con-
tain the mean absolute error (MAE) providing the predictive accu-
racy of the corresponding correlations.
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The correlations mentioned above were proposed for two-phase
heat transfer prediction. The method of Chen [35] were done by
assuming that saturated nucleate boiling mechanism and two-
phase forced convection mechanism take place to some degree
for the entire range of the correlation. The contributions from both
mechanisms were also assumed to be additive. Although the meth-
od of Chen [35] was developed based on the ordinarily sized chan-
nel placed vertically, the applicability of this correlation is
examined here. The ordinarily sized channel is often referred to
as the channel possessing Bond number (which is in inverse rela-
tion to the confinement number) higher than 4.0 for which the ef-
fect of the gravitational force is not expected to be small when
compared with the surface tension force. In Fig. 16, the correlation

proposed by Chen [35] roughly predicts the data. With MAE of
37.1%, the method of Chen [35] captures 68.75% of the data within
±30% error band. The method developed by Tran et al. [32], which
is one of the most popular existing correlations, was developed
based on flow boiling heat transfer experiments with R-22 in chan-
nels having hydraulic diameters of around 2.46 mm, and on the
nucleation-dominant mechanism rather than the convection con-
tribution. As presented in Fig. 17, a lower MAE (28.7%) in compar-
ison to that for Chen correlation [35] is due to their method which
associates with small channels. However, the Trans et al. correla-
tion [32], which predicts about 65.63% of the data within ±30% er-
ror band, deals with the experimental conditions having the Bond
number of 9.8 which is nearly three times larger than that for the
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present work. The method combining both nucleate boiling and
forced convective mechanisms was proposed by Kandlikar and Bal-
asubramanian [39] for predicting heat transfer coefficient in mini-
and micro-channels. At a given condition, either heat transfer coef-
ficient based on nucleate boiling contribution or that with respect
to forced convective mechanism is representative for the predic-
tion, depending upon which one is larger. With MAE of 25.5%,
the correlation developed by Kandlikar and Balasubramanian
[39] can predict 75% of the data within ±30% error band as illus-
trated in Fig. 18. Unlike the method of Kandlikar and Balasubrama-
nian [39], the method for mini-channels proposed by Choi et al.
[16] is based on additive concept for nucleate boiling and forced
convective contributions under a given condition. In Fig. 19, it
seems that the correlation developed by Choi et al. [16] presents
the best prediction, with MAE of 25.5% and 78.12% of the predicted
data falling within ±30% error band.

The values associated with mean absolute error (MAE) for dif-
ferent prediction methods based on system pressures higher than
8 bar are given in Table 3. As previously discussed, the liquid film
under high saturation pressure tends to break up easily, leading
to the unstable condition near the tube wall. Such condition, which
is not taken into account in these correlations, results in large
mean absolute error (MAE) as seen in Table 3.

4. Conclusion

This experimental investigation was conducted to study flow
visualisation and heat transfer characteristics of R-134a refrigerant
during flow boiling in a stainless steel tube with inner diameter of
1.75 mm and a length of 600 mm. For the flow visualisation study,
the flow pattern map is developed from the observed flow pat-
terns, i.e., slug flow, throat-annular flow, churn flow, annular flow
and annular-rivulet flow, and is compared with existing transition
lines obtained from different working fluids. The heat transfer re-
sults for a given flow pattern are presented and the effects of heat
flux, mass flux, vapour quality and saturation pressure on the heat
transfer coefficient are also discussed in this study. Calculations
based on existing heat transfer prediction methods available for
ordinarily sized channels and small channels are made to compare
the results with the experimental data.
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a b s t r a c t

This paper presents a numerical study of the flow characteristics of refrigerants flowing through adia-
batic helically coiled capillary tubes. The theoretical model is based on conservation of mass, energy and
momentum of the fluids in the capillary tube. The two-phase flow model developed was based on the
homogeneous flow assumption. The viscosity model was also based on recommendations from the
literature. The developed model can be considered as an effective tool for designing and optimizing
capillary tubes working with newer alternative refrigerants. The model is validated by comparison with
the experimental data of Kim et al. (2002) for R-22, R-407C and R-410A, and Zhou and Zhang (2006) for
R-22. The results obtained from the present model show reasonable agreement with the experimental
data. The proposed model can be used to design helical capillary tubes working with various refrigerants.

� 2010 Elsevier Ltd. All rights reserved.

1. Introduction

In many small refrigeration systems, a capillary tube is used as
the expansion device due to its low cost, low starting torque and
lowmaintenance. Normally, it is used in refrigeration systems with
cooling capacities less than 10 kW such as household refrigerators
and air conditioners. The nominal size of the capillary tube typically
ranges between 0.5 and 2.0 mm in diameter and 2e5 m in length.

Several decades ago, the flow characteristics of various refrig-
erants flowing through capillary tubes were studied both experi-
mentally and theoretically. The most recent articles describing
investigations of capillary tubes are summarized as follows:

Wong and Ooi [1] presented comparisons between the pre-
dicted results from homogeneous and separated flow models and
experimental results from a number of researchers. The separated
flowmodel which uses Miropolskiy’s slip ratio combined with Lin’s
equation for frictional pressure gradient gave better predictions
compared to the homogeneous flow model.

Bansal and Rupasinghe [2] investigated a homogeneous two-
phase flow model which is called the “CAPIL model” to study the
performance of adiabatic capillary tubes using R-134a as working
fluid. The REFPROP program was used to calculate the refrigerant
properties.

Sami and Tribes [3] reported a numerical model for predicting
capillary tube performance for some azeotropic and zeotropic
binary mixtures as well as pure HFC refrigerants.

In 1999, Melo et al. [4] studied experimentally the effect of
capillary length, diameter, refrigerant subcooling, condensing
pressure and type of refrigerant (CFC-12, HFC-134a and HC-600a)
on the mass flow rates through capillary tubes. In addition, they
proposed correlations to predict the mass flow rate of various
refrigerants. The proposed correlations were found to be in good
agreement with those obtained from the measured data and other
studies in the open literature.

Wongwises et al. [5] developed a two-phase flow model based
on homogeneous flow to study the flow characteristics of many
pairs of refrigerants flowing through adiabatic capillary tubes. The
Colebrook equation was used to determine the two-phase friction
factor. It was found that the traditional refrigerants consistently
gave lower pressure drops for both single-phase and two-phase
regions which resulted from longer capillary tube lengths.

Wongwises et al. [6] presented a two-phase separated flow
model to describe the refrigerant flow characteristics in the capil-
lary tubes of refrigeration systems. The agreement between
experimental data and simulation results obtained for flows of R-
12, R-22 and R-134a through capillary tubes indicated that the
separated flowmodel with appropriate correlations of the frictional
pressure gradient and slip ratio can be used to predict the two-
phase flow behaviour of refrigerant flowing through capillary
tubes.

* Corresponding author. Tel.: þ66 2 470 9115; fax: þ66 2 470 9111.
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Wongwises and Pirompak [7] studied the flow characteristics of
alternative refrigerants in adiabatic capillary tubes by using an
adiabatic capillary tube model. Moreover, they also proposed
selection charts for selecting the size of capillary tube based on the
flow rate and flow condition. In addition to tube size, the charts are
very useful for determining the mass flow rate directly.

In 2001, Liang and Wong [8] introduced the homogeneous flow
model based on a drift fluxmodel to predict the flow characteristics
of R-134a flowing through an adiabatic capillary tube. This model
was validated by comparisons between numerical and experi-
mental results by Li et al. [9] and Mikol et al. [10] using R-12 as
working fluid.

Jung et al. [11] proposed amodel to calculate the size of capillary
tubes for various refrigerants of R-22, R-134a, R-407C and R-410A.
In their model, the Stocker model was modified and took several
factors into account such as area contraction, different equations
for viscosity and friction factors, and mixing effects. Numerical
results indicated that using the McAdam model for the viscosity
equation gave a better calculation than the Dukler model. Finally,
semi-empirical correlations for predicting mass flow rate,
condensing temperature and subcooling of refrigerant were
proposed.

Sinpiboon and Wongwises [12] presented a model to study the
flow characteristics in non-adiabatic capillary tubes. In this study,
the mathematical model was categorized into three different cases,
depending on the position of the heat exchange process. The first
case is used when the heat exchange process starts in the single-
phase flow region. The second case is determined when the heat
exchange process starts at the end of the single-phase flow region.
Finally, the last case is considered when the heat exchange process
takes place in the two-phase flow region. A set of differential
equations were solved by an explicit method in a finite-difference
scheme.

Fiorelli et al. [13] performed an experimental study to evaluate
the performance of R-22 and its alternatives, such as R-407C and R-
410A flowing through adiabatic capillary tubes. The results showed
that the performance of capillary tubes for R-410A and R-407Cwere
similar under given conditions. Moreover, they also determined the
effect of geometry on the behaviour of capillary tubes. Finally,
differences in the flow behaviour of R-410A and R-407C were
evaluated.

Bansal and Wang [14] presented a homogeneous and meta-
stable simulation model. The first law of thermodynamics, some

fluid mechanics and empirical relations were incorporated into
this model. Compared with published experimental data, this
model shows good agreement within �7% for R-22, R-134a and R-
600. Moreover, a new numerical analysis for simulating the
choked flow of refrigerant under adiabatic conditions was
proposed.

Choi et al. [15] presented a generalized mass flow rate correla-
tion based on their experimental data for R-22, R-290 and R-407C.
Dimensionless parameters were derived from the Buckingham p

theorem by considering the effect of refrigerant properties, capil-
lary tube geometry and inlet conditions.

Similarly, Yang andWang [16] proposed a generalizedmass flow
rate correlation based on extensive data for R-12, R-22, R-134a,
R-290, R-600a, R-410A, R-407C, and R-404A. The simulation
conditions used in their study are as follows: 1) the inner diameter
ranges between 0.5 and 2 mm, 2) the tube length ranges between
0.5 and 5 m, 3) the condensing temperature ranges between 20 
C
and 60 
C, 4) the subcooling temperature is between 0 
C and 20 
C
and 5) Inlet quality varies approximately in the range from 0 to 0.3.
Their results showed that the predicted values agree well with the
experimental data in the open literature for R-12, R-22, R-134a,
R-290, R-407C, R-410A and R-404A refrigerants. Moreover, the
model presented gave average and standard deviations of 0.83%
and 9.02% compared with the ASHRAE [17] and Choi et al. [15]
equations, respectively.

Seixlack and Barbazelli [18] presented a numerical model to
predict refrigerant flow along non-adiabatic capillary tubes using
a two-fluid model. The flow along the straight and horizontal
capillary tube is divided into two regions: single-phase and two-
phase flow regions. In comparisons between numerical results and
experimental data, the results gave good predictions of the refrig-
erantmass flow rate. In addition, comparisonswith a homogeneous
model were also made.

It can be noted that the theoretical and experimental investi-
gations found in the literature and described above have focused on
the study of the flow characteristics in horizontal straight capillary
tubes; the flow characteristics in coiled capillary tubes has received
comparatively little attention in the literature. The most productive
studies of coiled capillary tubes have been continuously carried out
by the following researchers.

Ali [19] proposed pressure drop correlations which were
developed in terms of fluid properties (r and m), flow rate (V) and
tube geometry (di,DC, p and L). It should be noted that inmost of the

Nomenclature

A cross sectional area of capillary tube (m2)
di capillary tube internal diameter (m)
DC coil diameter (m)
De Dean Number, De ¼ Re

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ðdi=DCÞ

p
e/di relative roughness
6Tsub degree of subcooling (
C)
f friction factor
g gravitational acceleration (m/s2)
G mass flow rate per unit area (kg/s-m2)
h specific enthalpy (J/kg)
Hloss head loss (m)
He Helical number, He ¼ Re½ðdi=DCÞ=f1þ ðp=pDCÞ2g�1=2
k entrance loss coefficient
L length (m)
m mass flow rate (kg/s)
P pressure (Pa)

Re Reynolds number
s specific entropy (J/kg-K)
T temperature (
C)
V velocity (m/s)
x quality

Greek letters
sw shear stress at wall (N/m2)
v specific volume (m3/kg)
m dynamic viscosity (kg/m-s)
r density (kg/m3)

Subscripts
cond, evap condenser and evaporator, respectively
f, g liquid phase and gas phase, respectively
h homogeneous flow
i capillary inlet condition
sp, tp single-phase and two-phase, respective
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previous works, the relevant correlations were developed in terms
of Dean number (De), Helical number (He), curvature ratio (DC/di),
Euler number (Eu), Reynolds number, Re, and the obtained
geometrical group.

Kim et al. [20] presented a mass flow rate correlation based on
the Buckingham p theorem for R-22 and its alternatives, R-407C
and R-410A. Their results indicated that the mass flow rates of
R-407C and R-410A were higher than those of R-22 by about 4.0%
and 23%, respectively. In addition, the mass flow rates in straight
capillary tubes are quite a lot higher than those in coiled capillary
tubes, especially at smaller coil diameters. For instance, mass flow
rates through a 40 mm coil diameter are smaller than through
straight capillary tubes by approximately 9.0%.

Zhou and Zhang [21,22] studied the performance of coiled
adiabatic capillary tubes both theoretically and experimentally. The
results were compared with the straight capillary data. The results
showed that the refrigerant mass flow rate substantially increases
with increasing coil diameter. However, little change was observed
for coil diameters larger than 300 mm.

Park et al. [23] studied the flow characteristics of coiled capillary
tubes for R-22 and developed amass flow rate correlation for coiled
capillary tubes. Under the same operating conditions, they found
that the mass flow rates of coiled capillary tubes decreased by
5e16%more than those of straight capillary tubes. The Buckingham
p theorem was used to form a generalized correlation to calculate
the refrigerant mass flow rate for both straight and coiled capillary
tubes. The effects of inlet condition, refrigerant property, and coiled
tube geometry were considered. For both straight and coiled
capillary tubes, the results showed that the proposed correlation
gave satisfactory agreement with the experimental data for R-22,
R-407C and R-410A. The average and standard deviations were
around 0.24% and 4.4%, respectively.

García-Valladares [24] presented numerical simulations based
on a finite volume formulation for describing the flow character-
istics of coiled adiabatic capillary tubes. The numerical model
considered various aspects such as geometry, type of fluid (pure
substances and mixtures), critical or non-critical flow conditions,
metastable region, and transient behaviour.

Although some information is currently available on the flow
characteristics of refrigerants in coiled capillary tubes, there still
remains room for further research, especially in discussing which
friction factor used in the calculation will give reliable predictions
of flow characteristics. The purpose of this work is to develop
a mathematical model to describe the flow characteristics of
a refrigerant flowing through an adiabatic helically coiled capillary
tube. A number of relevant friction factors, which have never been
seen before, are collected together and used in the mathematical
model. The simulation results are verified against the limited data
available in the literature.

2. Mathematical modelling

As shown in Fig. 1, the flow of refrigerant through a capillary
tube can be divided into two distinct regions; single-phase sub-
cooled liquid and two-phase flow. In the model, the physical
method used to describe the flow characteristics is developed from
the conservation of mass, energy and momentum. Moreover, the
model includes the effects of the condenser and evaporator
temperatures, inner diameter, degree of subcooling and mass flow
rate of refrigerant.

As shown in Fig. 1, the portion between points 1 and 2 is the
capillary tube inlet where there is a pressure drop due to the
sudden contraction. Similarly, the portion between points 2 and 3 is
the single-phase subcooled liquid region and the portion between
points 3 and 4 is the two-phase region where liquid and vapour
coexist. The developed model is based on the following
assumptions:

� the horizontal helical coiled tube has constant diameter
� the inner diameter and surface roughness of the capillary tube
are constant

� adiabatic and homogeneous two-phase flow
� non-metastable liquid region
� one-dimensional steady flow
� thermodynamic equilibrium through the capillary tube

The governing equations used in describing the flow charac-
teristics in the single-phase and two-phase flow regions are pre-
sented next.

2.1. Single-phase flow region

The pressure loss due to the sudden contraction at the inlet
between points 1 and 2 is determined from:

P1 � P2 ¼ k
rV2

2g
; (1)

where k is the entrance loss coefficient (for square edge, k ¼ 0.5).
The steady flow energy equation between points 2 and 3 can be

expressed as.

P2
r2g

þ V2
2

2g
þ z2 ¼ P3

r3g
þ V2

3
2g

þ z3 þ Hloss; (2)

The head loss can be determined from:

Hloss ¼ fsp
Lsp
di

V2

2g
: (3)

Fig. 1. Schematic diagram of an adiabatic helical capillary tube.
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where Hloss is the head loss due to friction along the capillary tube
and fsp is the single-phase friction factor.

For an incompressible fluid, r2yr3 ¼ r the continuity equation
is presented in the following equation:

m ¼ r2V2A ¼ r3V3A ¼ rVA: (4)

Re-arranging Eqs. (2)e(4) yields:

P2 ¼ P3 þ rgðz3 � z2Þ þ
�
fspL
di

� 
rV2

2

!
; (5)

For z2 ¼ z3 (horizontal tube), substituting Eq. (5) into Eq. (1),
gives:

Lsp ¼ di
fsp

"
2

rV2ðP1 � P3Þ � ðkþ 1Þ
#
: (6)

The important parameter is the single-phase friction factor (fsp),
which can be calculated from twenty six different friction factor
models. These equations are expressed as follows (where fc is the
friction factor for a coiled capillary tube and fs is the friction factor
for a straight capillary tube):

1. Dean [25]

fc=fs ¼ 1:03058
�
De2=288

�2þ0:01195
�
De2=288

�4
; (7)

where De ¼ Re
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ðdi=DCÞ

p
2. White [26]

fs=fc ¼ 1�
h
1� ð11:6=DeÞ0:45

i1=0:45
; (8)

3. White [27]

fc ¼ 0:08Re�1=4 þ 0:012
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ðdi=DCÞ

q
; (9)

4. Adler [28]

fc=fs ¼ 0:1064
ffiffiffiffiffiffi
De

p
; (10)

5. Prandtl [29]

fc=fs ¼ 0:37ð0:5DeÞ0:36; (11)

6. Hasson [30]

fc=fs ¼ 0:556þ 0:0969
ffiffiffiffiffiffi
De

p
; (12)

7. Ito [31]

fc=fs ¼ 21:5De=½1:56þ log10De�5:73; (13)

fc
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ðDC=diÞ

q
¼ 0:0791

h
Reðdi=DCÞ2

i�0:2
; (14)

4fc
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ðDC=diÞ

q
¼ 0:029þ 0:304�

n
Reðdi=DCÞ2

o�1=4
; (15)

8. Kubair and Varrier [32]

fc ¼ 0:7716expð3:553di=DCÞRe�0:5; (16)

fc ¼ 0:003538Re0:09expð1:887di=DCÞ; (17)

9. Barua [33]

fc=fs ¼ 0:509þ 0:0918
ffiffiffiffiffiffi
De

p
; (18)

10. Mori and Nakayama [34]

fc=fs ¼ 0:1080
ffiffiffiffiffiffi
De

p
=
h
1� 3:253=

ffiffiffiffiffiffi
De

p i
; (19)

11. Mori and Nakayama [35]

fc
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ðDC=diÞ

q
¼ 0:075

h
Reðdi=DCÞ2

i
� 0:2

n
1þ 0:112

�
h
Reðdi=DCÞ2

io�0:2
; ð20Þ

fc ¼ 0:192ðdi=DCÞ0:5h
Reðdi=DCÞ2:5

i1=6
8<
:1þ 0:068h

Reðdi=DCÞ2:5
i1=6

9=
;; (21)

fc ¼ C1ðdi=DCÞ0:5h
Reðdi=DCÞ2:5

i1=6
8<
:1þ C2h

Reðdi=DCÞ2:5
i1=6

9=
;; (22)

C1 ¼ 1:88411177� 10�1 þ 85:2472168ð3=diÞ � 4:63030629

� 104ð3=diÞ2þ1:31570014� 107ð3=diÞ3;

C2 ¼ 6:79778633� 10�2 þ 25:3880380ð3=diÞ � 1:06133140

� 104ð3=diÞ2þ2:54555343� 106ð3=diÞ3;

12. Schmidt [36]

fc=fs ¼ 1þ 0:14Rex; (23)

where x ¼ ½1� 0:0644=ðDC=diÞ0:312�=ðDC=diÞ0:97;

13. Srinivasan et al. [37]

ðaÞ fc ¼ 5:22
�
Re

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ðDC=diÞ

q ��0:6
; (24)

ðbÞ fc ¼ 1:8
�
Re

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ðDC=diÞ

q ��0:5

; (25)

ðcÞfc ¼ 1:084
�
Re

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ðDC=diÞ

q ��0:2
; (26)

14. Ito [38]

fc=fs ¼ 0:1033
ffiffiffiffiffiffi
De

p h
ð1þ 1:729=DeÞ0:5�ð1:729=DeÞ0:5

i�3
; (27)

15. Collins and Dennis [39]

fc=fs ¼ 0:38þ 0:1028
ffiffiffiffiffiffi
De

p
; (28)

16. Van Dyke [40]

fc=fs ¼ 0:47136De1=4; (29)
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17. Mishra and Gupta [41]

fc=fs ¼ 1þ 0:033½log10He�4; (30)

fc ¼ 0:0791Re�1=4 þ 0:0075
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ðdi=DCÞ

q
; (31)

where He ¼ Re½ðdi=DCÞ=f1þ ðp=pDCÞ2g�1=2;

18. Dennis [42]

fc=fs ¼ 0:388þ 0:1015
ffiffiffiffiffiffi
De

p
; (32)

19. Manlapaz and Churchill [43]

fc=fs ¼
��

1� 0:18=
n
1þ ð35=HeÞ2

o0:5�m

þ ð1þ di=f3DCgÞ2ðHe=88:33Þ
	0:5

; ð33Þ

wherem¼ 2 for De< 20,m¼ 1 for 20< De< 40,m¼ 0 for De> 40,

20. Yanase et al. [44]

fc=fs ¼ 0:557þ 0:0938
ffiffiffiffiffiffi
De

p
; (34)

21. Giri [45]

fc ¼ 1:1258=
h
Re0:1938ðDC=diÞ0:5391

i
; (35)

22. Liu and Masliyah [46]

fcRe ¼
h
16þ

�
0:378Del1=4 þ 12:1

�
De1=2l1=2g2

i
�
h
1þ

n�
0:0908þ 0:0233l1=2

�
De1=2

� 0:132l1=2 þ 0:37l� 0:2
o.

ð1þ 49=DeÞ
i
; ð36Þ

where l ¼ ðDC=2Þ=½ðDC=2Þ2 þ ðp=2pÞ2�;

g ¼ h=ðlDeÞ1=2;

h ¼ ðp=2pÞ=
h
ðDC=2Þ2þðp=2pÞ2

i
:

2.2. Two-phase flow region

In this region, the capillary tube is divided into a number of
elements as shown in Fig. 2. The following equations are based on
control volume considerations in the two-phase region.

The conservation of mass can be calculated using the following
equation:

m ¼ AVi

vi
¼ AViþ1

viþ1
: (37)

By neglecting the difference in elevation, the conservation of
energy for steady-state adiabatic conditions without external work
can be expressed as follows: 

P3
r3g

þ z3 þ
V2
3

2g
þ u3

!
¼
 

Pi
rig

þ zi þ
V2
i

2g
þ ui

!
: (38)

where u is internal energy. Re-arranging Eq. (38) and using the
relation h ¼ Pv þ u, 
h3 þ gz3 þ

V2
3
2

!
¼
 
hi þ gzi þ

V2
i
2

!
¼ constant;

hþ V2

2
¼ constant (39)

where h and V are the enthalpy and fluid velocity at any point,
respectively.

Due to the fact that the refrigerant flows along the capillary
tube, the pressure gradually drops and the liquid flashes into
vapour arising purely from the reduced pressure, at any point.
Hence,

hi ¼ hfið1� xiÞ þ hgixi; vi ¼ vfið1� xiÞ þ vgixi: (40)

also, m ¼ rVA ¼ constant

V ¼ m
rA

¼ G
r

¼ Gv: (41)

The energy balance between point 3 and at any point along the
capillary tube in the two-phase flow region can be calculated by
substituting Eqs. (40) and (41) into Eq. (39) to give:

h3 þ
V2
3
2

¼ hf þ x
�
hg � hf

�
þ G2

2

�
vf ð1� xÞ þ vgx

�2
: (42)

Expanding the right-hand side of Eq. (42) and rearranging,
yields:

"�
vg � vf

�2G2

2

#
x2 þ

h
G2vf

�
vg � vf

�
þ
�
hg � hf

�i
x

þ
"
G2v2f
2

� h3 �
V2
3
2

þ hf

#
¼ 0: ð43Þ

The quality (x) can be expressed in the form of a quadratic
equation as shown in Eq. (44).

Fig. 2. Schematic diagram of simulation approach for an adiabatic two-phase flow region.
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where hfg ¼ hg � hf and vfg ¼ vg � vf :

Again, the conservation of momentum can be expressed by
reconsidering the element of fluid as shown in Fig. 2.

 
P
pd2i
4

!
� ðP þ dPÞpd

2
i

4
� swdipdL ¼ mdV ; (45)

where sw is the wall shear stress which is defined as follows:

sw ¼ ftprV2

8
: (46)

Substituting Eq. (46) into Eq. (45), we get.

�pd2i
4

dP � ftp
8
rV2dipdL ¼ mdV (47)

or:

dL ¼ di
ftp

"
2dP
rV2 þ

2mdV
rAV2

#
: (48)

where ftp is the two-phase friction factor
For constant mass flow rate, dm ¼ 0, Eq. (49) is obtained.

�dV
V

¼ dr
r
: (49)

Substituting Eq. (49) into Eq. (48) gives.

dL ¼ 2di
ftp

"
�rdP
rV2 þ dr

r

#
: (50)

3. Solution method

As shown in Fig. 2, the capillary tube between points 3 and 4 can
be divided into numerous sections. Since P3 is known (saturated

liquid), the pressure at any section ‘i’ can be calculated from the
following equation:

Pi ¼ P3 � i6P: (51)

With the pressure (Pi) and the quality (xi) calculated from Eq.
(44), the entropy of each section can be calculated from:

si ¼ sif ð1� xÞ þ sigx: (52)

The Reynolds number in the two-phase region is determined by:

Retp ¼ Vdi
mtpvtp

; (53)

where

V ¼ Gvtp ¼ G
�
xvg
�þ ð1� xÞvf : (54)

The two-phase dynamic viscosity correlation proposed by
McAdams [47] is presented as follows:

1
mtp

¼ x
mg

þ 1� x
mf

: (55)

A gradual increase of entropy is obtained along the capillary
tube. When the entropy reaches the maximum value, the fluid
velocity is equal to the local speed of sound and the flow is choked.
As a consequence, the calculation is ended at this point.

The pressure of the element where the entropy has a maximum
value (Pi)s max, is then compared to the evaporator pressure (Pevap)
given by.

if Pi,smax ¼ Pevap then P4 ¼ Pevap,
if Pi,smax s Pevap then P4 ¼ Pi,smax

Thus, from Eq. (50), the two-phase length can be expressed as
follows:

x ¼
�hfg � G2vf vfg þ

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi�
G2vf vfg þ hfg

�2��2G2v2fg

�"G2v2f
2

� h3 �
V2
3
2

þ hf

#vuut
G2v2fg

; (44)
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Fig. 3. Comparison of the present numerical results with the measured mass flow
rates.
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Ltp ¼ di

2
64�2
G2

ZPsmax

P3

r

ftp
dpþ 2

ZPsmax

P3

dr
rftp

3
75; (56)

The capillary length of each section is calculated from:

6Li ¼
2di
ftp;i

��ri6P
G2 þ6r

ri

�
: (57)

The total length of the two-phase region is determined from:

Ltp ¼
Xn
i¼1

6Li; (58)

Finally, the total length of capillary tube is the sum of the single-
phase and two-phase lengths which are defined as follows:

Ltotal ¼ Lsp þ Ltp: (59)

All refrigerant properties are taken from the REFPROP computer
program [48] and are developed in the function of pressure.
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4. Results and discussion

In order to validate the present model, comparisons are made
with the limited available experimental data of Kim et al. [15] for
R-22, R-407C and R-410A and of Zhou and Zhang [21] for R-22.

Figs. 3e5 present the mass flow rate variation versus degree of
subcooling by comparing the numerical results with the experi-
mental data of Kim et al. [15] for R-22 (Dc¼ 200,120 and 40mm). In
the present model, friction factors are calculated by the twenty six
different models presented in Section 2.1. In this case, themass flow
rate is plotted with the degree of subcooling for fixed total lengths
of the helical capillary tube. It is clearly seen that mass flow rate
decreases with decreasing subcooling temperature. This is due to

the friction loss in the capillary tube increases as the temperature
increases which results in the decrease of the refrigerant mass flow
rate entering the tube. The model is found to fit the data very well
and, in particular, the friction factor models of Mori and Nakayama
[35] (Eqs. (20e22)) and Schmidt [36] (Eq. (23)) agree well with the
data of Kim et al. [15] for R-22.

Fig. 6 presents comparisons between the present results and the
experimental data of Zhou and Zhang [21] for R-22 at different coil
diameters and degrees of subcooling. The results show that the
calculated mass flow rate of R-22 deviates from the experimental
results. Moreover, the results also indicate that the mass flow rate
obtained from the present model is fitted very well with the data
and in particular, the friction factor of Mori and Nakayama [35] (Eq.

Table 1
Comparison of the present numerical results with the experimental data of Kim et al. [15] for R-22.

Conditions L (m) di (mm) 3/di Pcon (bar) Tcon (


C) DTsc (



C) Dc (mm) _mexp (kg/h)

No.1 1.0 1.5 6�10�5 17.2923 45 1.5 200 50.65
No.2 5.0 200 55.04
No.3 10.0 200 61.85
No.4 1.5 120 49.10
No.5 5.0 120 53.68
No.6 10.0 120 60.26
No.7 1.5 40 47.56
No.8 5.0 40 52.20
No.9 10.0 40 58.36

Author Error (%) MAE

Conditions No.1 No.2 No.3 No.4 No.5 No.6 No.7 No.8 No.9

1. Dean [25] Eq. (7) �99.10 �99.08 �99.10 �99.25 �99.25 �99.26 �99.53 �99.52 �99.53 99.3
2. White [26] Eq. (8) �59.55 �59.18 �59.59 �60.40 �60.25 �60.61 �63.16 �63.18 �63.36 61.0
3. White [27] Eq. (9) 50.98 56.32 65.90 53.06 57.17 65.57 50.14 52.65 58.66 56.7
4. Adler [28] Eq. (10) �60.30 �59.87 �60.23 �61.21 �61.03 �61.35 �64.37 �64.36 �64.52 61.9
5. Prandtl [29] Eq. (11) �57.16 �56.78 �57.24 �57.58 �57.47 �57.89 �59.93 �59.99 �60.23 58.3
6. Hasson [30] Eq. (12) �60.17 �59.77 �60.14 �60.95 �60.78 �61.12 �63.90 �63.91 �64.07 61.6
7. Ito [31] Eq. (13) �61.17 �60.75 �61.09 �62.14 �61.95 �62.25 �65.45 �65.42 �65.55 62.9
8. Ito [31] Eq. (14) 56.94 63.51 77.76 59.51 64.79 77.43 59.45 63.23 73.41 66.2
9. Ito [31] Eq. (15) 56.81 63.33 77.60 59.86 65.21 78.19 59.28 63.07 73.09 66.3
10. Kubair and Varrier [32]

(a) Eq. (16) 95.51 127.09 209.53 100.81 130.41 213.93 102.84 126.17 205.55 145.8
(b) Eq. (17) 20.87 23.16 24.16 24.29 25.89 26.98 26.36 27.36 28.84 25.3

11. Barua [33] Eq. (18) �59.18 �58.77 �59.15 �59.98 �59.81 �60.16 �63.01 �63.02 �63.18 60.7
12. Mori and Nakayama [34] Eq. (19) �61.43 �61.03 �61.39 �62.23 �62.07 �62.39 �65.18 �65.18 �65.33 62.9
13. Mori and Nakayama [35] Eq. (20) �6.87 �4.76 �5.07 �40.99 �40.19 �40.39 �76.81 �76.64 �76.64 40.9
14. Mori and Nakayama [35] Eq. (21) �4.33 �3.77 �4.58 �2.46 �2.48 �3.26 �2.10 �2.57 �3.03 3.2
15. Mori and Nakayama [35] Eq. (22) �4.01 �3.43 �4.23 �2.14 �2.14 �2.91 �1.79 �2.25 �2.70 2.8
16. Schmidt [36] Eq. (23) �5.73 �5.38 �6.41 �3.05 �3.17 �4.05 �1.59 �1.55 �1.51 3.6
17. Srinivasan et al. [37]

(a) Eq. (24) 134.41 304.72 466.72 133.83 271.99 421.31 124.37 202.28 325.43 265.0
(b) Eq. (25) 114.62 196.93 304.88 115.14 179.65 281.61 108.26 139.52 228.15 185.4
(c) Eq. (26) �44.22 �44.13 �45.04 �43.92 �44.16 �45.04 �45.22 �45.69 �46.33 44.86

18. Ito [38] Eq. (27) �60.84 �60.44 �60.81 �61.64 �61.47 �61.81 �64.61 �64.61 �64.77 62.3
19. Collins and Dennis [39] Eq. (28) �60.67 �60.12 �60.51 �61.32 �61.18 �61.52 �64.33 �64.34 �64.51 62.1
20. Van Dyke [40] Eq. (29) �47.40 �47.05 �47.68 �47.29 �47.25 �47.85 �48.89 �49.08 �49.45 48.0
21. Mishra and Gupta [41]

(a) Eq. (30) �41.45 �40.86 �41.39 �36.94 �36.68 �37.18 �28.68 �28.66 �28.89 35.6
(b) Eq. (31) 55.04 61.17 73.81 58.05 63.04 74.59 57.46 60.95 70.01 63.8

22. Dennis [42] Eq. (32) �60.33 �59.94 �60.32 �61.14 �60.99 �61.34 �64.15 �64.17 �64.34 61.9
23. Manlapaz and Churchill [43]

(a) m¼2 Eq. (33) �39.79 �39.13 �39.63 �34.96 �34.64 �35.11 �26.18 �26.11 �26.29 33.5
(b) m¼1 Eq. (33) �39.98 �39.34 �39.83 �35.21 �34.90 �35.37 �26.59 �26.53 �26.73 33.8
(c) m¼0 Eq. (33) �40.21 �39.58 �40.08 �35.51 �35.21 �35.69 �27.07 �27.03 �27.24 34.2

24. Yanase et al. [44] Eq. (34) �59.49 �59.11 �59.50 �60.28 �60.13 �60.49 �63.27 �63.29 �63.47 61.0
25. Giri [45] Eq. (35) 31.12 33.71 36.15 23.07 23.99 24.77 1.48 1.03 0.65 19.6
26. Liu and Masliyah [46] Eq. (36) 41.08 44.97 49.93 31.25 32.95 34.88 4.82 4.68 4.61 27.7

Error
�
%
� ¼

�
Mnum �Mexp

Mexp

�
� 100

MAE
�
%
� ¼ 1

N

X
N

kMnum �Mexp




Mexp
� 100
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(22)) gives the best result which is in agreement with the results of
Zhou and Zhang [21] for R-22. Moreover, the friction factor of Mori
and Nakayama [35] (Eq. (22)) gives a mean absolute error of 1.58%.
In case of a coil diameter less than 300 mm, the experimental data
show that the mass flow rate of refrigerant decreases with
decreasing coil diameter. Between the coil diameters of 40 and
300 mm, the change in the mass flow rate is about 6e7%.

On the other hand, themass flow rate of refrigerants is increased
by a minuscule amount around 1e2% for a coil diameter ranging
between 300 and 600 mm.

Fig. 7 shows a comparison of mass flow rate between the
present model and the experimental data of Zhou and Zhang [21]
for R-22 flowing through a coiled capillary tube with different
capillary tube lengths and condensing temperatures. Similar to the
straight tube, the mass flow rate of the coiled capillary decreases
rapidly as the tube length increases, but it increases with increasing
condensing temperature. The figure also shows that the friction
factor of Mori and Nakayama [35] (Eq. (22)) gives reasonable
predictions compared with the experimental data.

Similarly, Fig. 8 shows a comparison of mass flow rate between
the present model and the experimental data of Zhou and Zhang
[21] for R-22 flowing through a coiled capillary tube with different
capillary tube diameters and degrees of subcooling. Similarly, the
mass flow rate of the coiled capillary tube increases rapidly as the
capillary tube diameter increases. Moreover, the results show that
the friction factor of Mori and Nakayama [35] (Eq. (22)) gives
reasonable predictions compared with experimental data. The
results from the present model using the friction factor of Mori and
Nakayama [22] are compared with the measured data of Zhou and
Zhang [21] as shown in Fig. 8. The results give the mean absolute
error of 3%. While comparison between the measured data of Zhou
and Zhang [21] and their simulation results give an average devi-
ation of �4.53%. It is clear that the present model shows good
prediction than the model of Zhou and Zhang [22].

Fig. 9 shows comparisons between the present model and the
experimental data of Zhou and Zhang [21] to validate
the temperature distribution along the capillary tube length. In
the subcooled liquid region, the temperature remains nearly
constant along the tube, while it decreases rapidly after the
refrigerant flashes. The deviations between the simulated results
with the measured values may be due to the fact that the model
was developed based on many assumptions, for example, the
metastable liquid region is neglected. This phenomena occurs
when the pressure of the liquid approach to the saturation
pressure, but the fluid is still in the liquid phase. It can be clearly
seen from Fig. 9 that the metastable phenomena may occur.
Moreover, the viscosities calculated from various models may
cause the error, for example, the McAdam equation which was
used to calculate the viscosity of the refrigerant was established
under the different conditions compared with the Zhou and
Zhang [21] experiment.

Table 1 gives comparisons between the present results and the
experimental data of Kimet al. [15] for R-22 (L¼ 1.0m, di¼ 1.5mm, 3/
di ¼ 6 and Tcond ¼ 45 
C) at various coil diameters and degrees of
subcooling, using the twenty six friction factor equations. From this
table, it isevident that theMoriandNakayamaandSchmidtequations
give the smallest error values compared with the other equations.

It is clear that the Mori and Nakayama [35] and Schmidt [36]
correlations fit the best to experimental data. This is due to the
fact that the correlations were obtained from the measured data at
the di/Dc ranging between 0.02 and 0.3 which correspond to the
experimental conditions performed by Kim et al. [15] and Zhou and
Zhang [21]. Other correlations presented in the manuscript were
developed based on the curvature ratios which are different from
the measured data.

5. Conclusion

In the present study, a model has been developed to determine
the refrigerant flow characteristics in adiabatic helical capillary
tubes. From the results, it is evident that the most suitable equa-
tions for calculating the friction factor are those due to Mori and
Nakayama [35] (Eqs. (21,22)) and Schmidt [36] (Eq. (23)). These
equations gave a deviation ranging between 1 and 4%. The present
model was validated by comparing the results with the experi-
mental data of Kim et al. [15] for R-22, R-407C and R-410A, and the
data of Zhou and Zhang [21] for R-22, and was found to give an
average discrepancy of around 4%.
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Validation of void fraction models and correlations using a flow pattern transition
mechanism model in relation to the identification of annular vertical downflow
in-tube condensation of R134a☆
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This paper reports the experimental investigation of amodel for predicting flow pattern transitions and for the
validation of void fraction models and correlations proposed in the authors' previous publications and for the
identification of flow regimes in data corresponding to annular flow downward condensation of R134a in a
vertical smooth copper tube having an inner diameter of 8.1 mm and a length of 500 mm. R134a andwater are
used as working fluids on the tube side and annular side, respectively, of a double tube heat exchanger.
Condensation experiments are done at mass fluxes of 260 and 515 kg m−2 s−1 in the high mass flux region of
R134a. The condensing temperatures are between 40 and 50 °C; heat fluxes are between 10.16 and
66.61 kWm−2. A mathematical model proposed by Soliman based on the models of Kosky and Lockhart–
Martinelli is used to determine the condensation film thickness of R134a. Comparative void fraction values are
determined indirectly using the measured data under laminar and turbulent flow conditions together with
various void fraction models and correlations reported in the literature. There is good agreement between the
void fraction results obtained from the theoretical model and those obtained from the void fraction models of
Soliman, Chisholm and Armand, Turner and Wallis, Smith, Spedding and Spence previously proposed in the
authors' publications and tested against their experimental database. Various well-known flow regime
correlations from the literature are investigated to identify the flow regime occurring in the test tube, the
correlations of Taitel and Dukler, Dobson, Akbar et al., Breber et al., Cavallini et al., and Sardesai et al. can
provide accurate estimates of the annular flow conditions in spite of their different working conditions.

© 2010 Published by Elsevier Ltd.

1. Introduction

Many industrial applications are concerned with heat exchange in
two-phase flow occurring in condensers and evaporators. The correct
calculation of heat transfer rates and pressure drops are necessary for
the accurate design of compact heat exchangers. The pressure drop
and heat transfer characteristics are strongly dependent on the two-
phase flow patterns, their transitions and void fraction during
condensation. Most of the analytical or empirical two-phase heat
transfer correlations available in the literature are developed for a
certain flow pattern. For this reason, the use of specific heat transfer
correlations, developed for a certain flow pattern, under incompatible
operating conditions can cause significant errors in magnitude and
trend. Finally, flow pattern identification inside a condenser and

determination of void fraction are important to investigate heat
transfer characteristics under certain flow conditions. Although there
are a large number of flow pattern identifications bymeans of maps or
correlations and also void fraction studies of horizontal and upward
flow, few researchers have examined them for downward flow using
new generation refrigerants in small diameter tubes. The most widely
recommended flow pattern maps for vertical tubes are those of
Barnea et al. [1], Fair [2], Hewitt and Roberts [3], Chen et al. [4] and
Zahao and Bi [5].

The orientation and interaction of the liquid and vapor phases
inside the tubes are among themost significant characteristics of two-
phase flow. These phenomena are related to flow regime and flow
pattern. A specific kind of geometric distribution of the phases is
called a flow pattern or flow regime. The interfacial area of the phases
is affected by geometry, and thus mass, momentum, and energy
exchange between phases have come to play important roles in
design. Different flow patterns may occur depending on tube position,
tube geometry, flow rates, superficial velocities and physical proper-
ties such as density, viscosity, and surface tension of the two phases.
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Generally, flow patterns are observed by visual inspection and include
bubble flow, slug flow, churn flow, wispy–annular flow, and annular
flow in a vertical configuration, and bubble flow, plug flow, stratified

flow, wavy flow, slug flow, and annular flow in a horizontal
configuration. However, Hubbard and Dukler [6] classified the flow
patterns as separated flow patterns (stratified flow, annular flow),
intermittent flow patterns (elongated bubble flow, slug/plug flow,
churn/froth flow), and dispersed flow patterns (bubble flow,
dispersed bubble flow). The prediction of flow patterns during gas–
liquid flow is achieved by one of three approaches: empirical
correlations, visual examination, flow regime maps. In this paper,
the applicability of some well-known empirical correlations such as
Jaster and Kosky [7], Traviss and Rohsenow [8], Taitel and Dukler [9],
Dobson [10], Akbar et al. [11], Breber et al. [12], Cavallini et al. [13],
Chisholm and Sutherland [14], Soliman [15], Tandon et al. [16],
Sardesai et al. [17], and Soliman [18] in Table 1 are investigated to
determine the flow pattern during condensation of R134a in the test
tube.

Two-phase annular flow occurs widely in film heating and cooling
processes, particularly in power generation and especially in nuclear
reactors. This flow regime has received the most attention, both
analytically and experimentally, because of its practical importance
and the relative ease with which analytical treatment may be applied.
Annular two-phaseflow is characterized by a phase interface separating
a thin liquid film from the gas flow in the core region. In addition to this,
the condensate distribution inside the tube wall is almost symmetric
and there is high velocity vapor flow in the core during annular flow.

Void fraction is an important parameter and is always used to
determine the flow pattern transition, heat transfer coefficient and
two-phase pressure drop, and is defined as the cross-sectional area
occupied by the vapor in relation to the area of the flow channel. Two-
phase separated flow is commonly analyzed using the slip flowmodel.
In this model, it is assumed that the separated phases have different
uniform velocities. By contrast, the homogeneous model is defined as
an ideal case, as it assumes a homogeneous mixture providing
uniform velocities for both phases, and for that reason it is the
simplest method of determination of the void fraction.

In the technical literature, numerous studies have been carried out
on the modeling of the void fraction and can be divided into several
groups: general void fractionmodels and correlations, KεH parameter-
based void fraction models and correlations, flow regime-based void
fraction models and correlations, Lockhart and Martinelli parameter-
based void fraction models and correlations and slip ratio void
fraction models and correlations. It should be noted that the most
predictive void fraction models and correlations according to the
authors' experimental database, revealed in the authors' previous
publications, such as Chisholm [19], Turner and Wallis [20], Smith
[21], Spedding and Spence [22] in Table 2, are used for comparison in
this paper. A brief and comprehensive overview of these works is
presented in the authors' previous publications [23–26].

This paper gives a validation of the most agreeable void fraction
models and correlations, previously explained in the authors'
publications, against the heat transfer database in relation to a flow
transitionmodel having a relationship between the film thickness and
void fractionmodels and correlations. The experiments include awide
range of high mass fluxes with different saturation temperatures as
they relate to 380 data points of R134a belonging to the condensation
heat transfer database of FUTURE Lab in KMUTT. Apart from the
authors' previous publications [23–36], few studies exist in the
literature on the investigation of heat transfer characteristics in a
small diameter vertical tube during co-current down flow condensa-
tion, and besides this, there is no study with the experimental
parameters of this work and its content in the open literature. In this
study, determination of the void fraction is presented by means of the
model of Soliman [18] and verified by relating the void fraction
models and correlations. In addition to this, flow regime identification
is performed using various flow pattern correlations valid for
horizontal and vertical tubes to show the independence of the
annular flow regime from tube orientation [33,35].

Nomenclature

A inside surface area, m−2

cp specific heat, J kg−1 K−1

d internal tube diameter, m
Fr Froude rate parameter
G mass flux, kg m−2 s−1

Ga Galileo number
g gravitational constant, m s−2

h heat transfer coefficient, W m−2 K−1

i enthalpy, J kg−1

ifg latent heat of condensation, J kg−1

K coefficient in Smith correlation
L length of test tube, m
m mass flow rate, kg s−1

r internal tube radius, m
Re Reynolds number
S slip ratio
T temperature, °C
Q heat transfer rate, W
u velocity, m s−1

u* frictional velocity, m s−1

x mean vapor quality
X Lockhart–Martinelli parameter
We Weber number
ΔP pressure drop, Pa
ΔT vapor side temperature difference, Tsat−Twi, °C

Greek symbols
σ surface tension, N m−1

ρ density, kg m−3

μ dynamic viscosity, kg m−1 s−1

δ film thickness, m
δ+ dimensionless form of film thickness
α void fraction
τ shear stress, N m−2

v kinematics viscosity m2 s−1

ϕ two-phase multiplier

Subscripts
cond condensate
exp measured
f frictional
g gas/vapor
H homogen
h hydraulic
i inlet
l liquid
o outlet
ph preheater
ref refrigerant
s superficial for one phase flow alone in the pipe
sat saturation
so Soliman
T total
TS test section
w water
wi inner wall
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Table 1
Flow pattern correlations.

Number Flow pattern correlation Model/correlation

1 Jaster and Kosky [7] τ′N29 for annular flow regime
τ′ = τwall

ρlgδð Þ Eq. (7) is used for τwall, Eq. (5) is used for δ

2 Traviss and Rohsenow [8] FrN45 for annular/semi-annular flow regime
Fr = ulffiffiffiffi

gδ
p Eq. (5) is used for δ

3 Taitel and Dukler [9] FN1.5 for annular flow regime

F =
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiρg
ρl−ρg
� �r uvsffiffiffiffiffiffi

gd
p

 !

uvs=14.63ρg−0.23uls
−0.287d0.414[σ(ρl−ρg)]0.115

ul =
uls

4
�
δ−�

δ
2

� � mcond = ρlAlul δþ = δ
d

Eq. (5) is used for δ
4 Dobson [10] FrsoN20 for annular flow regime

Frso = 0:025Re1:59l
1 + 1:09X0:039

X

� �
1:5 1

Ga0:5
for Rel ≤ 1250

Frso = 1:26Re1:04l
1 + 1:09X0:039

X

� �
1:5

1

Ga0:5
for Rel N 1250

Ga = gρl ρl−ρg
� � ffiffiffiffi

α
p

d
� �3

μ2
l

X =
1−x
x

� �0:9 ρg
ρl

� �0:5 μ l

μg

� �0:1

α = 1 +
1−x
x

ρg
ρl

� �2
3

" #−1

Rel =
Gd 1−xð Þ

μ l

5 Akbar et al. [11] Wegs≥11.0Wels0.14 and Wels≤3.0 for annular flow regime

Wels =
u2
lsdhρl

σ
Wegs =

u2
gsdρg

σ
ul =

uls

4 δþ−δ+2ð Þ
mcond = ρlAlul δþ = δ

d
Eq. (5) is used for δ

6 Breber et al. [12] jg
* N1.5 and Xb1.0 for annular regime

j⁎g =
Gxffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

dgρg ρl−ρg
�� �q and X =

1−x
x

� �0:9 ρg
ρl

� �0:5 μ l

μg

� �0:1

7 Cavallini et al. [13] jg
* N2.5 and Xb1.6 for annular regime

j⁎g =
Gxffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

dgρg ρl−ρg
�� �q and X =

1−x
x

� �0:9 ρg
ρl

� �0:5 μ l

μg

� �0:1

8 Chisholm and Sutherland [14] ϕg
2FN1.75 for annular flow regime

ϕ2
g = 0:7X2 + 2X + 0:85 and X =

1−x
x

� �0:9 ρg
ρl

� �0:5 μ l

μg

� �0:1

F =
ffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ρg

ρl−ρg

r
ugsffiffiffiffiffiffi
dg

p ug =
4ugs

1−4δþ + 4δ+2 mg = ρgAgug

mg = xmT x =
xTS;i + xTS;o

2
δþ =

δ
d

9 Soliman [15] Web20 for annular flow regime

We = 2:45Re0:64g

μ2
g

ρgσd

 !0:3

ϕ−0:4
g for Rel ≤ 1250

We = 0:85Re0:79g

μ2
g

ρgσd

 !0:3
μ2
g

ρgσd

 !2
ρl
ρg

� �2
4

3
5
0:0884

X =ϕ2:55
g

� �0:157
for R el N 1250X =

1−x
x

� �0:9 ρg

ρl

� �0:5 μ l

μg

� �0:1

Eqs. (1) and (2) are used for Rel and Reg respectively. Eq. (12) is used for ϕg

10 Tandon et al. [16] 1≤ jg
*≤6 and 1−α

α ≤0:5 for annular/semi-annular regime

j4g = Gxffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
dgρg ρl−ρgð Þðp

α = 1 +
ρg
ρl

� �
K 1

x−1
� �

+
ρg
ρl

� �
1−Kð Þ 1

x−1
� � ρl

ρg

� �
+ K 1

x−1
� �

1 + K 1
x−1
� �

2
664

3
775

8>><
>>:

9>>=
>>;

−1

K=0.4
11 Sardesai et al. [17] β≥1.75 for annular flow regime

β = 0:7X2 + 2X + 0:85
� �

F X =
1−x
x

� �0:9 ρg

ρl

� �0:5 μ l

μg

� �0:1

F =
ffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ρg

ρl−ρg

r
jgffiffiffiffiffiffi
dg

p jg =
xG
ρg

12 Soliman [18] FrN45 for annular/semi-annular flow regime

Fr =
0:25Rel

u4

δþ

� �1:5

ffiffiffiffiffi
gνl

p Rel =
Gd 1−xð Þ

μ l

Eq. (6) is used for u*, Eqs. (3) and (4) are used for δ+
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2. Experimental apparatus and method

Due to space limitations, detailed descriptions of the experimental
apparatus and test section for studying the condensationof R134a inside
a vertical tube can be found in the authors' previous publications.

3. Data reduction

The data reduction of the measured results such as inlet and outlet
vapor qualities of the test section, average heat transfer coefficient can
be seen from the authors' previous publications in detail.

3.1. Calculation procedure for annular flow model

To confirm the annular flow pattern during condensation of
refrigerant in the test section, the experimental results at a mass flux of
260–515 kg m−2 s−1 and condensing temperature of 40–50 °C are
checked with the flow regime maps of Hewitt and Roberts [3], Chen
et al. [4], Barnea et al. [38], Baker [39], Thome [40] and Kattan et al. [41],
and they are also checked through sight glasses at the inlet and outlet of
the test section. Plotting the data points on this flow regime map, it is
found to be in very good agreement qualitatively. The data points are
located in the region of the annular flow pattern although some flow
regime maps are developed for two-phase flow in horizontal tubes.
Hence, the discussion section will address only the heat transfer
mechanism in this flow pattern.

In the present study, annular flow pattern models and correlations
are used to show the similarity of annular flow correlations which are
independent of tube orientation (horizontal or vertical). Chen et al.
[37] also mentioned this similarity in their article. They developed a
general correlation by relating the interfacial shear stress to flow
conditions for annular film condensation inside horizontal and
vertical tubes using correction factors.

Details of the development of the relationship between film
thickness, void fraction and flow parameters on one hand, and flow
pattern transition mechanisms on the other, can be seen in Soliman
[18], Kosky [42], Lockhart–Martinelli [43] and Azer et al. [44].

Liquid and vapor Reynolds numbers can be determined respec-
tively as follows:

Rel =
Gd 1−xð Þ

μ l
ð1Þ

Reg =
Gdx
μg

ð2Þ

Kosky [42] developed a model for the determination of liquid film
thickness in co-current flow under simultaneous shear and gravity
forces which has also been validated experimentally by Soliman [18].
Calculation of liquid film thickness is defined as follows:

δþ = 0:707 Relð Þ0:5 for Rel ≤ 1250 ð3Þ

δþ = 0:0504Re
0:875
l for Rel N 1250 ð4Þ

where the dimensionless film thickness value is shown in Eq. (5):

δþ =
δu⁎
νl

ð5Þ

Table 3
Standard deviation and mean error between predicted void fraction values for
Tsat=40 °C and G=300–515 kg m−2 s−1.

Void fraction
models and
correlations

G=300 kg m−2 s−1 G=515 kg m−2 s−1

Mean error
(%)

Standard
deviation

Mean error
(%)

Standard
deviation

Soliman [18] −0.376 0.021 −0.845 0.0137
Chisholm [19] −4.63 0.022 −4.38 0.013
Turner and Wallis [20] −5.861 0.035 −4.791 0.02
Smith [21] −6.384 0.045 −4.564 0.025
Spedding and Spence [22] −5.123 0.03 −4.397 0.017

Table 2
Void fraction models and correlations.

Number Void fraction model/correlation Model/correlation

1 Homogeneous model αH = 1

1 +
1−x
x

� �
ρg

ρl

� �
S

S = 1

2 Soliman [18] G 1−xð Þ = 4ρlul
δ
d

� �
α = 1− 4δ

d

3 Chisholm [19] α = 1
αH + 1−αHð Þ0:5 αH

4 Turner and Wallis [20] 1−α
α = A

1−x
x

� �p ρg
ρl

� �q μ l

μg

� �r

5 Smith [21] α = 1 +
ρg

ρl

� �
K 1

x−1
� �

+
ρg
ρl

� �
1−Kð Þ 1

x−1
� � ρl

ρg

� �
+ K 1

x−1
� �

1 + K 1
x−1
� �

2
664

3
775

8>><
>>:

9>>=
>>;

−1

K=0.4

6 Spedding and Spence [22] α = 1 + 2:22
1−x
x

� �0:65 ρg
ρl

� �0:65
 !−1
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and the frictional velocity is determined as:

u⁎ =
ffiffiffiffiffiffiffiffiffiffi
τwall

ρl

r
ð6Þ

where the wall shear stress can be calculated as follows:

τwall =
−d

dp
dz

� �
f

4
ð7Þ

Mandhane et al. [45] reported that the determination of the two-
phase frictional pressure drop depends strongly on the flow pattern.
Lockhart and Martinelli's correlation [43] is recommended for the
annular flow regime and shown in Eq. (8):

dp
dz

� �
f
= ϕ2

g
dp
dz

� �
gs

ð8Þ

where the superficial vapor pressure drop is obtained as follows:

dp
dz

� �
gs

= − 2
d

� �
0:045
Re0:2g

 !
G2x2

ρg

 !
ð9Þ

Substituting Eqs. (7)–(9) into Eq. (6), and simplifying gives:

u⁎ = 0:15
νl

d

� � ϕg

X

� �
Re10:9l ð10Þ

where the Lockhart–Martinelli [43] parameter is expressed as follows:

X =
1−x
x

� �0:9 ρg
ρl

� �0:5 μ l

μg

 !0:1

ð11Þ

Soliman [18] used the two-phasemultiplier of Azer et al. [44] in his
analysis and reported that it was the most consistent one for data of
annular flow condensation inside a horizontal tube, it should be noted
that Eqs. (6) and (10) give exactly the same results as the two-phase
multiplier of Azer et al. [44]. On the other hand, it is found that other
two-phase multiplier correlations do not give satisfactory results
according to the authors' analysis and the most predictive two-phase

Fig. 1. Void fraction values frommodel vs. average vapor quality forG=300 kg m−2 s−1

(a) and 515 kg m−2 s−1 (b) at the condensing temperature of 40 °C using laminar and
turbulent flow data.

Fig. 2. Film thickness values frommodel vs. average vapor quality forG=300 kg m−2 s−1

(a) and 515 kg m−2 s−1 (b) at the condensing temperature of 40 °C using laminar and
turbulent flow data.
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multiplier for this model by Azer et al. [44] can be seen from Eq. (12)
as follows:

ϕg = 1 + 1:09X0:039 ð12Þ

The void fraction value from the model is estimated using an
estimated film thickness value calculated by Eq. (5), assuming δ≪d
as follows [23–26]:

α =
Ag

A
= 1− δ

r

� �2
= 1−4δ

d
ð13Þ

Moreover mean errors between predicted void fraction values are
shown in Table 3 and are calculated as follows:

Error =
αcorr−αmodel

αmodel

� �
100 ð14Þ

Mean Error =
∑Error
data

ð15Þ

It should also be noted that void fraction values obtained from the
model bymeans of Eq. (13) are assumed as comparative values for the
error analysis.

3.2. Uncertainties

The uncertainties in the Nusselt number and condensation heat
transfer coefficient in the test tube varied from±7.64% to ±10.71%. It
should be noted that a similar range of uncertainty with minimum
and maximum values exists in the literature. The procedures of Kline
and McClintock [46] were used for the calculation of all uncertainties.
Various uncertainty values of the study can be seen in the authors'
previous works [28,31,33].

4. Results and discussion

In order to investigate the validation of the void fractionmodels and
correlations proposed in the authors' previous publications in the
annular flow regime, checked by sight glasses located at the inlet and
outlet of the test tube, using a large number of experimental data points
for thedownward two-phaseflowofR134a in a vertical round tubewith
an inner diameter of 8.1 mm, the present study was performed at the
Fluid Mechanics, Thermal Engineering and Multiphase Flow Research
Lab. (FUTURE) in KMUTT. Pure HFC-134a was used in the experiments.
Discussion of the results will be given in turn as follows:

The present study was performed to study the relationship
between void fraction models and the annular flow model of Soliman
[18] and to investigate the well-known flow pattern correlations to
verify the annular flow conditions of experimental data for downward
two-phase flow of R134a in a vertical round tube. The effects of the
temperature difference between the saturated temperature of the
vapor and the inlet wall temperature of the tube (ΔTsat), mass flux,
vapor quality, and condensation temperature on the heat transfer
coefficients, pressure drop and void fraction can be seen in the
authors' previous studies in detail [23–34]. It should be noted that
R134a enters the test section as a pure saturated vapor during laminar
flow experiments. Verification of the reliability of the calculated film
thickness, void fraction from the model and annular flow pattern
identification are checked using different condensing temperatures
and mass fluxes.

Figs. 1 and 2 show the relationship between void fraction
(Eq. (13)) and film thickness (Eq. (5)) obtained from the model of
Soliman [18] and vapor quality in the test tube for mass fluxes of
300 kg m−2 s−1 (a) and 515 kg m−2 s−1 (b) and a condensing
temperature of 40 °C. Comparison of the void fraction at higher and
lower average vapor qualities and smaller liquid film thickness
together with higher vapor velocity at the vapor–liquid interface
shows an increase in the void fraction when the average quality is
higher. In addition to this, the film thickness values increase with
decreasing vapor quality. Trend lines of data are in accordance with
this basic knowledge of in-tube condensation. It is shown in the
authors' previous publications that film thickness decreases with
increasing heat transfer coefficient; in other words, film thickness

Fig. 3. Comparisons between the model and calculated void fraction values for the mass
flux of 300 kg m−2 s−1 (a) and 515 kg m−2 s−1 (b) at the condensing temperature of
40 °C using laminar and turbulent flow data.

Table 4
Prediction analysis of annular flow pattern for Tsat=40 °C and G=300–515 kg m−2 s−1.

Flow pattern correlation Predictability of data points

G=300 kg m−2 s−1 G=515 kg m−2 s−1

Jaster and Kosky [7] 6/26 32/32
Traviss and Rohsenow [8] 0/26 0/32
Taitel and Dukler [9] 26/26 32/32
Dobson [10] 26/26 32/32
Akbar et al. [11] 26/26 32/32
Breber et al. [12] 26/26 32/32
Cavallini et al. [13] 26/26 32/32
Chisholm and Sutherland [14] 0/26 29/32
Soliman [15] 0/26 0/32
Tandon et al. [16] 26/26 0/32
Sardesai et al. [17] 26/26 0/32
Soliman [18] 12/26 32/32
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decreases with decreases in ΔTsat for similar test conditions. The
increase in heat flux in relation to ΔTsat increases the condensation
rate. In other words, the film thickness on the tube wall increases due
to the constant latent heat of condensation for a specific saturation
temperature of condensation.

In Fig. 3, comparison of the void fraction values obtained from the
model of Soliman [18] with the most predictive void fraction and
correlations shown in Table 2 are presented with a 5% deviation line
for the minimum mass flux of 300 kg m−2 s−1 (Fig. 3a) and the
maximum mass flux of 515 kg m−2 s−1 (Fig. 3b) according to the
condensation temperature of 40 °C. It is clearly seen from the figures
that the void fraction models and correlations of Chisholm [19],
Turner and Wallis [20], Smith [21] and Spedding and Chen [22] give
the best predictability of experimental data among 35 void fraction
models and correlations given in the authors' previous publications
[23–26]. In addition to this, the majority of the data calculated by the
void fraction models and correlations of them fall within ±5% and are
in good agreement with experimental data. Table 3 also shows the
accuracy of investigated void fraction models and correlations for the
tested experimental conditions.

In Table 1, well-known flow pattern models and correlations valid
for horizontal and vertical tube orientations are presented with the
plotted experimental data of the current study. Verification by visual
control of the flow regime in the test tube is done using these flow
pattern models and correlations in the literature. Table 4 shows the
comparison of annular flow regime correlations for mass fluxes of
300–515 kg m−2 s−1 at a condensing temperature of 40 °C. The
predictability ratio of Jaster and Kosky [7] for the determination of
annular flow regime is 6 out of 26 data points for a mass flux of
300 kg m−2 s−1, whereas it is 32 of 32 data points for a mass flux of
515 kg m−2 s−1. A heat-momentum transfer analogy (for annular
flow) is developed for the two-phase multiplier for shear stress using
steam in a 12.5 mm i.d. horizontal tube for mass fluxes between 12.6
and145 kg m−2 s−1. Traviss andRohsenow'smodel [8] cannot predict
the annular flow regime for the tested experimental conditions. They
condensedR12 in an8 mmi.d. horizontal tube formassfluxes between
100 and 990 kg m−2 s−1 at saturation temperatures of 10–40.6 °C.
Dispersed, annular, semi-annular and slug flow are observed in their
study. The Froude number and von Karman velocity profile are used in
their condensation analysis. Taitel and Dukler's [9] model predicts all
the tested data successfully for annular flow conditions. They
investigated adiabatic flow of air–water in conventional tubes
developing a theoretical approach to flow regime mapping using a
momentum balance on a stratified flow pattern. Many researchers
benefited from their analysis in the literature. Dobson's model [10] is
found to be consistentwith experimental data for the determination of
the annular flow regime. He used R12, R134a, R22, R32/R125 as
condensing test fluids in 3.14, 4.6, 7.04 mm i.d. horizontal tubes at
mass fluxes between 25 and 800 kg m−2 s−1 at condensing tempera-
tures of 35–60 °C. His results were in good agreement with the flow
regime map of Mandhane et al. [45]. A modified Soliman number and
mass flux are used in his analysis. The model of Akbar et al. [11]
predicts annularflow experimental data successfully. They divided the
entire flow regime map into four regions: the surface tension-
dominated region, including bubble, plug, and slug, inertia-dominated
zone 1, annular andwavy–annular regimes, inertia-dominated zone 2,
and dispersed flow regimes and a transition zone. Themodel of Breber
et al. [12] is good at predicting annular flow experimental data. He
performed condensation experiments using R11, R12, R113, steam, n-
pentane in several tubes with i.d.'s between 4.8 and 50.8 mm at mass
fluxes between 17.6 and 990 kg m−2 s−1. They benefited from Taitel
and Dukler's flow regime map [9] to develop simple criteria for
condensation in horizontal tubes. The analysis of Cavallini et al. [13] is
successful at predicting annular flow experimental data. They
performed condensation tests using data of R22, R134a, R125, R32,
R236ea, R407C, R 410A in an 8 mm i.d. horizontal tube for mass flux

between 100 and 750 kg m−2 s−1 at condensation temperatures of
30–50 °C. Kosky and Staub's model [47] is recommended for annular
flow and the model of Breber et al. [12] is considered for the observed
flow regimes of annular, stratified, wavy, and slug. Chisholm and
Sutherland'smodel [14]was not successful for theminimummassflux
of R134a, whereas it was successful for the maximum mass flux of
R134a. They developed a model using a two-phase multiplier and
Froude number for gravity-controlled condensation and annular flow.
Soliman's model [15] could not predict annular flow experimental
data. Soliman condensed R12, R113 and steam in 4.8–15.9 mm i.d.
tubes. He used a Froude number for annular–wavy flow and Weber
number for mist–annular flow. Soliman's model [18] also has poor
predictability for annular flow experimental data. The model of
Tandon et al. [16] was not successful for the maximum mass flux of
R134a, whereas it was successful for theminimummass flux of R134a.
They did experiments using several refrigerants such as R12, R113, and
R22 in 4.8–15.9 mm i.d. horizontal tubes at pressures between 570
and1960 kPa. They observed annular, semi-annular and wavy flows
during their experiments. The model of Sardesai et al. [17] was not
successful for the maximum mass flux of R134a, whereas it was
successful for theminimummass flux of R134a. They condensed R113,
steam, propane, methanol, n-pentane in a 24.4 mm i.d. horizontal
tube. An annular-stratified/wavy transition is investigated in their
analysis based on Taitel and Dukler [9].

A large number of graphs could be generated from the output of
the calculations; however, due to space limitations, only typical
results are shown for limited data. It should also be noted that detailed
information on the explanations above and some additional figures
with different experimental parameters related to this study can be
seen in the authors' previous publications [23–36].

5. Conclusion

Co-current downward condensation heat transfer of R134a was
experimentally investigated in an 8.1 mm i.d. vertical smooth tube.
Accurate and repeatable heat transfer data during annular flow were
obtained. There are few research studies on the parameters and
content of such cases in the literature. For this reason, the results of
this study are expected to fill a gap. This paper provides a
comprehensive review of the published literature on flow regime
correlations in relation to a flow transition model connected to film
thickness and void fraction models and correlations. Validation of the
annular flowmodel was accomplished by using a large number of data
points. The following results were obtained:

1– A study of the theoretical model of the flow regime transition
mechanism of Soliman [18], performed for condensation in
horizontal tubes, was done using experimental data to determine
accurate film thickness and void fraction values under various test
conditions. Calculated void fraction and film thickness values from
the model are found to be in good agreement in the range of ±5%.

2– The effect of vapor quality on film thickness and void fraction is
discussed and investigated in detail. Void fraction values obtained
from the theoretical model increase with increasing vapor quality
and film thickness values obtained from the theoretical model
increase with decreasing vapor quality as expected.

3– In order to verify the results of calculations, the data obtained from
void fraction correlations previously proposed in the authors'
publications with void fraction values from the mode were
compared. The majority of data obtained from the void fraction
models and correlations of Chisholm [19], Turner and Wallis [20],
Smith [21] and Spedding and Chen [22] are found to be in good
agreement with the void fraction values obtained from the model
of Soliman [18] within the ±5% error band. These results also
validate the accuracy of previously proposed consistent void
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fraction correlations with the condensation database of KMUTT by
the authors.

4– According to the analysis of flow regime identification in this
paper, the flow pattern correlations of Taitel and Dukler [9],
Dobson [10], Akbar et al. [11], Breber et al. [12], Cavallini et al. [13]
and Sardesai et al. [17] are capable of predicting the annular flow
regime conditions, as verified through sight glasses in the
experimental apparatus and also checked with various flow
regime maps for the high mass region of R134a in a vertical tube.

5– According to the analysis in this paper, it is shown that the annular
flow model does not depend on tube orientation provided that an
annular flow regime exists along the tube length and is capable of
predicting condensation film thickness, void fraction and flow
pattern inside the test tube.
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In this paper, the jet liquid impingement heat transfer characteristics in the mini-rectangular fin heat sink for
the central processing unit of a personal computer are experimentally investigated. The experiments are
tested with three different channel width heat sinks under real operating conditions: no load and full load
conditions. The jet liquid impingement cooling with mini-rectangular fin heat sink system is introduced as
the active and passive heat transfer enhancement techniques. Effects of relevant parameters on the central
processing unit temperature are considered. It is found that the central processing unit temperatures
obtained from the jet liquid impingement cooling system are lower than those from the conventional liquid
cooling system; however, the energy consumption also increases. The results of this study are of
technological importance for the efficient design of cooling systems of personal computers or electronic
devices to enhance cooling performance.

© 2010 Elsevier Ltd. All rights reserved.

1. Introduction

In order to ensure reliable operation, the personal computer (PC)
or electronic devices must be operated in specific temperature ranges.
The exceeding maximum allowable temperature is a serious problem
for these devices. Therefore, in order to keep the operated temper-
ature constant, the cooling system must dissipate generated heat
equal or higher than the generated heat of these devices. There are
many techniques to dissipate the generated heat. The development of
the miniaturized technology, mini and micro-components has been
introduced as one of the techniques. The heat transfer and pressure
drop in the mini and micro-channel have been widely studied by
researchers. Guglielmini et al. [1] studied the pool boiling heat
transfer of the finned copper surfaces immersed in a dielectric fluid.
Zhao and Lu [2] analytically and numerically studied the effect of
porosity on the thermal performance of the micro channel heat sink.
Bhowmil [3] investigated on the convective heat transfer of electronic
chips in a vertical rectangular channel. Zhang et al. [4] reported the
study of a single-phase heat transfer of micro channel heat sink. Yu [5]
studied on the thermal performance of a plate-pin fin heat sink and a
plate fin heat sink. Peles et al. [6] investigated on the heat transfer and
pressure drop over a bank of micro pin fins. Kosar and Peles [7,8]
considered the single-phase and two-phase heat transfer, and

pressure drop of R-123 over a bank of the micro pin fins. Yakut et
al. [9] considered effects of the heights, widths of the hexagonal fins
on thermal resistance and pressure drop characteristics. Mohamed
[10] investigated on air-cooling characteristics of an electronic device
with various square modules array heat sinks. Didarul [11] investi-
gated on the heat transfer and fluid flow characteristics of finned
surfaces. Chein and Chuang [12] studied on the micro channel heat
sink performance with and without thermoelectric using nanofluids
as coolants. Jeng and Tzeng [13] determined the pressure drop and
heat transfer of a square pin-fin array. Lie et al. [14] investigated the
flow boiling heat transfer of FC-72 on a heated micro-pin-finned
silicon chip. Naphon et al. [15,16] numerically and experimentally
studied on the heat transfer and flow characteristics in the mini-fin
heat sink for CPU with and without thermoelectric. There is
reasonable agreement from the comparison between the measured
data and the predicted results.

The numerous papers presented the jet impingement heat transfer
enhancement. Kobus and Oshio [17] studied on the thermal
performance of a pin-fin heat sink with various geometrical. Li et al.
[18] determined the thermal performance of heat sinks with confined
impingement cooling. The effects of the impinging Reynolds number,
the width and the height of the fins, the distance between the nozzle
and the tip of the fins on the thermal resistance were investigated.
Geedipalli et al. [19] simulated the combination heating of food using
microwave and jet impingement by coupling Maxwell's equations.
Sung and Mudawar [20,21] studied on the jet impingement single-
phase and two-phase heat transfer characteristics. Reasonable
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agreement was obtained between the predicted results and the
measured data. Koseoglu and Baskaya [22] applied Laser Doppler
Anemometry to observe the jet flow field and turbulence on heat
transfer characteristics. Katti and Prabhu [23] carried out to study the
jet heat transfer enhancement from a flat surface. Kanna and Das [24]
simulated the heat transfer from the flat plate by a two-dimensional
laminar incompressible offset jet. Goodro et al. [25] considered effects
of the hole spacing on the spatially-resolved jet array impingement
heat transfer. Cirillo and Isopi [26] experimentally and numerically
studied air jet heat transfer characteristics on a flat plate. Effects of jet
diameter, air velocity, jet-to-jet spacing, jet-to-plate distance and
nozzle height were considered. Jeng et al. [27] experimentally
investigated on the jet air flow and heat transfer behaviors of a
rotating heat sink. Wong and Saeid [28,29] applied the Brinkman-
extended Darcy model to simulate the mixed convection on jet
impingement cooling in a horizontal porous layer. Hewakandamby
[30] numerically studied on the enhanced heat transfer of oscillatory
impinging jets. Nguyen et al. [31] performed to study the enhanced
heat transfer of nanofluid in a confined and submerged impinging jet
on a flat, horizontal and circular heated surface. Koseoglu and Baskaya
[32] experimentally and numerically investigated on the impinging

jet heat transfer. Chang et al. [33] studied the jet-array impingement
heat transfer in a concentric annular channel with rotating inner
cylinder. Sharif and Banerjee [34] applied the k–ε turbulencemodel to
analyze the heat transfer of the confined slot-jet impingement on a
moving plate. Whelan and Robinson [35] used the jet liquid
impingement for cooling the electronic devices.

As mentioned above, the numerous papers presented the study on
heat transfer and pressure drop in the mini-and micro-channel or jet
impingement heat transfer on the flat plate. Almost all the works
reported on the study of jet air impingement heat transfer. However,
heat transfer capability is limited by the working fluid transport
properties. At present there is limited data available for jet liquid
impingement heat transfer especially for the central processing unit
(CPU) of personal computers (PC). Furthermore, the paper focuses on
the experimental study on the jet liquid impingement heat transfer
characteristics of the mini-rectangular fin heat sink of a CPU based on
the real operating conditions of a PC. Effects of channel width, nozzle
diameter, and coolant flow rate on the CPU temperature are
considered. The results obtained from the jet liquid impingement
cooling system are compared with those from the conventional liquid
cooling system.

Fig. 1. Schematic diagram of experimental apparatus.

Fig. 2. Photograph of the mini-rectangular fin heat sink unit for cooling the CPU of the PC.
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2. Experimental apparatus and method

A schematic diagram of the experimental apparatus is shown in
Fig. 1. The test loop consists of a set of PC, cooling de-ionized water
loop and data acquisition system. The close-loop of de-ionized water
consists of a 10−3 m3 storage tank, water pump, flow meter, and
radiator. The de-ionized water in the radiator is chilled by the
atmospheric air. After the temperatures of the water are cooled to
achieve the desired level, the cooling water is pumped out of the
storage tank, passed through a flow meter and the CPU, and returned
to the storage tank. Three nozzles with diameters of 1.00, 1.40, and
1.80 mm are tested. The flow rates of the cooling water are controlled
by adjusting the valve and measured by the flow meter with an
accuracy of ±0.2% of full scale. The test sections are fabricated from
the blocks of copper by a wire electrical discharge machine (WEDM)
with channel widths of 0.50, 1.00, and 1.25 mm. The inlet and outlet
plenums are shown in Fig. 2. In Fig.1, the type T copper-constantan
thermocouples with an accuracy of 0.1% of full scale are employed to
measure the temperatures at various positions. The CPU temperatures
are measured by two type-T copper-constantan thermocouples. All
thermocouples are pre-calibrated with a dry box temperature
calibrator.

The de-ionized water was pumped into the mini-rectangular fin
heat sink which was installed on the CPU of the PC in the normal
direction. The inlet temperature of coolant water before entering the
cooling section was kept nearly constant at 28–30 °C. Experiments
were conducted with various cooling water flow rates, channel width
of heat sink, and operating condition of PC. The supplied load into the
CPUwas adjusted to achieve the desired level by setting the operating
conditions of the PC. The operating conditions of the computer can be
controlled by setting the software of computer system. The energy
consumption of the PC was measured by the watt–hour meter. The
temperatures at each position and energy consumption were
recorded in the period time of 200 min. Data collection was carried
out using a data acquisition system (DataTaker). The uncertainty and
accuracy of the measurement are given in Table 1.

3. Results and discussion

The supplied load into the CPU was adjusted by setting the
operating condition of the PC: full load and no load conditions. The
relevant parameters are measured in the period time of 200 min. In
general, based on the real operating conditions of a PC, it is difficult to
know the generated heat of the CPU. In the present experiment,
average CPU temperature is measured with type-T copper-constantan
thermocouples in the period time of 200 min. Figs. 3–4 show the effect
of the channel width of the heat sink on the CPU temperatures for the
conventional liquid cooling system and for the jet liquid impingement
cooling system, respectively. Due to higher surface area, the heat
transfer rate from the CPU to the heat sink increases. Therefore, the
CPU temperatures obtained from the heat sinkwith the channel width
of 0.5 mm are lower than those from the higher ones. As expected, the
CPU temperatures from the full load condition are higher than those
from the no load condition for the whole range of the period time. At
the same condition, the CPU temperatures obtained from the jet liquid
impingement cooling system are lower than those from the
conventional liquid cooling system. From Fig. 2, it can be seen that
fluid flows in and flows out the heat sink in the normal direction. At
the inlet plenum, it looks like a jet impinging on the bottom of the

Table 1
Accuracy and uncertainty of measurements.

Instruments Accuracy Uncertainty

Voltage supplied by power source (volt) 0.2% ±0.5
Current supplied by power source (ampere) 0.2% ±0.5
Water flow meter 0.2% ±0.5
Thermocouple type T, data logger, (°C) 0.1% ±0.1

Fig. 3. Effects of channel width of heat sink on CPU temperature of the conventional
cooling system for no load and full load conditions.

Fig. 4. Effects of channel width of heat sink on CPU temperature of the jet liquid
impingement cooling system for no load and full load conditions.

Fig. 5. Effects of nozzle diameter on the CPU temperature for no load and full load
conditions.
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heat sink. The recirculation zones appear in the inlet and outlet
plenums.

In addition, a larger velocity in the heat sink results in higher heat
transfer coefficient. Therefore, the jet liquid impingement cooling
system gives CPU temperatures lower than the conventional liquid
cooling system. Fig. 5 shows the variation of the CPU temperature
from the jet liquid impingement cooling system for different nozzle
diameters. Due to higher velocity, the heat transfer rate increases with
decreasing nozzle diameter. Therefore, the lower nozzle diameter
gives CPU temperatures lower than the higher ones. Effects of coolant
flow rate on the CPU temperatures for different load conditions are
shown in Fig. 6. For the four different coolant flow rates, a larger CPU
temperature drop is found for a larger coolant flow rate. The reason
for this is because a larger coolant flow rate results in lower capacity
resistance and consequently lower heat sink thermal resistance
(R=ΔT/Q) as shown in Fig. 7.

The CPU temperature and the energy consumption obtained from
the jet liquid impingement cooling system are compared with those
from the conventional liquid cooling system. As seen in Table 2, the
plus symbol represented the higher values while the minus symbol
represented the lower values as compared with those from the

conventional liquid cooling system. It can be seen that the CPU
temperatures obtained from the jet liquid impingement cooling
system are lower than those from the conventional liquid system and
with the same explanation as mentioned above. However, the energy
consumption also increases.

4. Conclusions

Due to high levels of heat generation, space limitation for the set
up of the cooling system, and air cooling limitation, the jet liquid
impingement cooling in the mini-rectangular fin channel heat sink for
CPUs of PCs has been investigated. The jet liquid impingement cooling
withmini-rectangular fin heat sink system is introduced as the couple
active and passive heat transfer enhancement techniques. The effect
of channel width of heat sink, coolant flow rate and operating
condition of the PC on the CPU temperature are considered. It is found
that the CPU temperatures obtained from the jet liquid impingement
cooling system are lower than those from the conventional liquid
system. However, this technique requires higher energy consumption.
The results of this study are expected to lead to guidelines that will
allow the design of a cooling system with improved thermal cooling
performance for ensuring that these devices are in the specific
temperature ranges.
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MEASUREMENT OF THERMO PHYSICAL
PROPERTIES OF METALLIC NANOFLUIDS
FOR HIGH TEMPERATURE APPLICATIONS
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This article presents the measurement of thermal conductivity and viscosity of nanofluids

experimentally. Silver nanoparticles dispersed in water with volume concentrations of 0.3, 0.4,

0.6, 0.8, 0.9, and 1.2 vol%are used in the present study. A transient hot-wire apparatus is used for

measuring the thermal conductivity of nanofluids and a Cannon-Fenske viscometer is used to

measure the kinematic viscosity of nanofluids. The data are collected for temperatures ranging

from 50 to 90
C. The results have shown an increase in the measured thermal conductivity and

viscosity of nanofluids as the particle concentrations increase, and the values are higher than the

values of the base liquids. The minimum enhancement of 27% for 0.3 vol% and a maximum

enhancement of 115% for 1.2 vol% are observed at an average temperature of 70
C when

compared with pure water for the same temperature. Further, the thermal conductivity of

nanofluids increases with the increase in nanofluid temperatures and, conversely, the viscosity

of nanofluids decreases with the increase in temperature of nanofluids. An experimental

correlation is developed based on the experimental data for thermal conductivity and viscosity

that relates the particle volume concentration and nanofluid temperature.

KEY WORDS: thermal conductivity, viscosity, silver, nanofluid, temperature, nanopar-

ticle enhancement

INTRODUCTION

Conventional heat transfer fluids such as water, mineral oil, and ethylene glycol
play a vital role in many industrial applications, including power generation, chemical
processes, heating or cooling processes, and microelectronic devices. The operational
speed of these devices depends on the cooling rate. Low heat transfer performance of
these conventional fluids affects the enhancement of performance and in turn the
compactness of heat exchangers. Therefore, further enhancement in heat transfer is
always in demand. Energy-efficient fluids with greater potential to improve flow and
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thermal characteristics are the option to enhance heat transfer rate. In the development of
any energy-efficient heat transfer fluids for enhanced heat transfer performance, in
practical applications, a detailed study on the thermophysical properties such as thermal
conductivity and viscosity is necessary. Improving the thermophysical properties is the
key idea to improve the heat transfer characteristics of the conventional fluids.

The use of nanosize solid particles as an additive suspended in the base fluid
(nanofluids) is a technique for the heat transfer enhancement [1]. Besides the enhance-
ment it is found that the nanofluids eliminate most of the problems arising with
microsize slurries, like sedimentation, clogging of small channels, erosion, excessive
pressure drop, etc. Thus, nanofluids have greater potential for heat transfer enhance-
ment and are highly suited to application in practical heat transfer processes.
Nanofluid thermophysical properties such as thermal conductivity and dynamic visc-
osity are of significant importance in every heat transfer application involving a fluid
system. The heat transfer resistance of a flowing fluid is often represented by a Nusselt
number, which takes into account the fluid thermal conductivity sometimes directly
and usually indirectly as well through the Prandtl number. Thus, the first assessment of
the heat transfer potential of a nanofluid is to consider its thermal conductivity.

The thermal conductivity of nanofluids is more temperature sensitive than that
of the base fluid. Consequently, the thermal conductivity enhancement of nanofluids is
temperature sensitive. Recently, many researchers have investigated the enhancement
of thermal conductivity and observed that the thermal conductivity of the suspension
of nanoparticles has increased more than 20% even with the low nanoparticle con-
centrations [2, 3]. Maxwell’s theoretical model showed that the effective thermal
conductivity of suspensions containing spherical particles increases with particle
volume concentration [4]. Hamilton and Crosser’s and the modified Maxwell model
showed the effect of particle shape and particle volume concentration on thermal
conductivity of fluid containing solid particles [5]. Recent research has focused on both
the effect of particle size on the heat transport mechanism and the effect of a solid–-
liquid interface and temperature effect on thermal conductivity enhancement. Lee
et al. [6] investigated the effective thermal conductivity and viscosities of Al2O3

nanoparticles with volume fraction of 0.01–0.3 vol% dispersed in water. The transient
hot-wire technique was used to measure the thermal conductivity and an oscillation
viscometer was used to measure the viscosity of nanofluids. All data were collected for
temperatures ranging between 20 and 40
C. The results showed that the thermal

NOMENCLATURE

A surface area, m2

g acceleration of gravity, m s-2

h free surface elevation difference, m
k thermal conductivity, W/mK
l length of the capillary section, m
n empirical shape factor
q heat flux, W/m
r radial distance, m
T final temperature, 
C
T0 initial temperature, 
C
t time, s

Greek Symbols
� particle size, nm
� dynamic viscosity, mPa.s
� kinematic viscosity, m2/s
� density, kg/m3

’ volume fraction

Subscripts

nf nanofluid
p particle
w water
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conductivity of nanofluids increases nearly linearly with the particle volume fraction.
The viscosity of nanofluids significantly decreases with increasing temperature.
Moreover, the authors found that the measured viscosities of nanofluids exhibited a
nonlinear relation with the particle concentration and increase with increase in particle
concentrations. Das et al. [7] investigated the thermal conductivity of Al2O3 and CuO
nanoparticles suspended in water as a function of temperature. The temperature
oscillation technique was used for measuring the thermal conductivity of nanofluids
at different temperatures ranging from 21 to 51
C. The results showed that the thermal
conductivity increased with increase in nanofluid temperature as well as particle
concentrations. Thus, fluids containing suspended metal particles are found to man-
ifest enhanced thermal conductivities compared to pure fluids [8]. Masuda et al. [9]
dispersed oxide nanoparticles (�-Al2O3 and TiO2 with ’¼ 4.3%) in liquid and showed
the increase in the thermal conductivity to be 32 and 11%, respectively. Grimm [10]
dispersed aluminum particles (� ¼ 80 nm to 1 �m) in a fluid and claimed a 100%
increase in the thermal conductivity of the fluid for ’ ¼ 0.5–10 vol%.

Choi and Eastman [11] measured the thermal conductivity of multiwalled carbon
nanotubes (MWCNTs) of diameter 25 nm and length 50 �m. The thermal conductivity
was measured by a transient hot-wire method for 1 vol% nanotube loading. The results
showed 159% enhancement in the thermal conductivity with 1 vol% fraction of
MWCNT. The important feature of this enhancement was the increasing slope of the
enhancement curve. Eastman et al. [3] showed that Cu-ethylene glycol (nanoparticles
coated with thioglycolic acid) with ’ ¼ 0.3% gave a 40% increase in thermal conduc-
tivity. Recently, an investigation on thermal conductivity of magnetic nanoparticles
(Fe3O4 coated with oleic acid) suspended in the base fluid (hexadecane) was conducted
at the Indira Gandhi Centre for Atomic Research (IGCAR). The results showed 300%
enhancement in the thermal conductivity of nanofluids containing magnetic nanopar-
ticles [12]. Further, it was proved that the thermal properties are tunable for magneti-
cally polarizable nanofluids that consist of a colloidal suspension of magnetite
nanoparticles. These enhancements depend on factors such as particle shape, particle
size, and volume fraction of particles and temperature and thermal properties of solid
and liquid materials.

Viscosity is an important parameter for fluid flow. Determining the viscosity of
the nanofluid is essential in establishing adequate pumping power as well as the
convective heat transfer coefficient, because the Prandtl and Reynolds numbers (func-
tions of viscosity) will be influenced by these. Until now, only a few studies have
addressed the viscous properties of nanoparticle suspensions at different temperatures.
Masuda et al. [9] were the first who measured viscosity of water-based nanofluids for
temperatures varying from the ambient to 60
C, which was then followed by Pak and
Cho [13], who presented some additional data for Al2O3–water nanofluid. Wang et al.
[14] measured the viscosity using three different dispersion techniques for Al2O3–water
and Al2O3–ethylene glycol mixtures at ambient temperature. Putra et al. [15] have
provided some limited data showing the temperature effect on Al2O3–water nanofluid
viscosity. Recently, Maré et al. [16] have obtained some new temperature-dependent
viscosity data for Al2O3–water with relatively high particle concentrations. Lu and
Fan [17], Kwak and Kim [18], Nguyen et al. [19], Namburu et al. [20], and Avsec and
Oblak [21] have studied the viscosity of nanofluids with various metallic and oxide
nanoparticles and found that the viscosity of nanofluids increases with particle loading
and decreases with increase in temperature. Lee et al. [6] measured viscosity of
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Al2O3–water nanofluids with low volume concentrations ranging from 0.01 to 0.3%.
Results showed that the viscosity decreased with increasing temperature.
Furthermore, the measured viscosities of the Al2O3–water nanofluids showed a non-
linear relation even in the low volume concentration, whereas the Einstein viscosity
model clearly predicts a linear relation. Murshed et al. [22] measured the viscosity of
nanofluids and found that the viscosity increased with the volumetric loading of
nanoparticles. The results were compared with different models and experimental
data. The results showed a substantial increase in the viscosity. Such enhancement
of viscosity may diminish the potential benefits of nanofluids. Most recently,
Duangthongsuk andWongwises [23] experimentally investigated the thermal conduc-
tivity and dynamic viscosity of TiO2 nanoparticles dispersed in water with volume
concentration of 0.2–2 vol% for temperatures ranging from 15 to 35
C. Detailed
information regarding measurement techniques of thermal conductivity, viscosity,
and particle size are shown in Duangthongsuk and Wongwises [23], which belong to
one of coauthors. The results showed that the measured viscosity and thermal con-
ductivity of nanofluids increased as the particle concentrations increased and are
higher than the values of the base liquids. Finally, new thermophysical correlations
are proposed for predicting the thermal conductivity and viscosity of nanofluids [23].

Based on the above, it is clearly seen that the nanofluids show higher thermal
conductivity and viscosity than the base fluids. However, the inconsistency has been the
subject of many published literature works with respect to the thermal conductivity and
viscosity of nanofluids. For example, some researchers have suggested that the existing
theoretical models can be used to predict the thermal conductivity and viscosity of
nanofluids, whereas many other researchers have indicated that these models fail to
predict the thermophysical properties of nanofluids. Likewise, the enhancements of the
thermophysical properties of nanofluids have been explained by a number of mechan-
isms and models but no agreement has been reached between the experimental and
theoretical results. Also, the thermophysical properties of nanofluids depend on various
factors such as particle size, particle shape, metallic or nonmetallic (oxide) material, pH
value, etc. For example, nanoparticles with a cylindrical shape have higher thermal
conductivity enhancement than spherical-shaped nanoparticles. Nanofluids with smal-
ler nanoparticle size exhibit greater thermal conductivity [24]. Nanofluids with metallic
nanoparticles give higher thermal conductivity than nanofluids with nonmetallic nano-
particles [22]. The lower pH value gives higher heat transport than the higher pH value
[25]. Furthermore, the thermophysical properties of nanofluids are strongly dependent
on temperature. Only a few articles [6, 7, 22, 26] have reported the effect of temperature
on the thermal conductivity and viscosity of nanofluids and more experimental inves-
tigations are needed to address the effect of the temperature and particle volume
concentrations on the thermophysical properties of nanofluids. Therefore, in the present
work, the temperature-dependent properties such as the thermal conductivity and
viscosity of silver nanoparticles suspended in water are measured. The experiments
were carried out over temperatures ranging from 50 to 90
C with 0.3, 0.4, 0.6, 0.8, 0.9,
and 1.2% volume concentrations. The thermal conductivity was measured by the
transient hot-wire method and the viscosity was measured with a Cannon-Fenske
viscometer (Shambhavi Impex, Mumbai, India). Further, the measured data of the
thermal conductivity and viscosity of nanofluids are used for comparison with the
predicted values of the existing classical models. Finally, new correlations for predicting
the thermal conductivity and viscosity of silver–water nanofluids are proposed.
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PREPARATION AND CHARACTERIZATION OF SILVER–WATER NANOFLUID

Some important conditions in the preparation of nanofluid are stable suspension
ability to withstand any chemical change and low agglomeration of particles.
Common methods used for the preparation of nanofluids are (1) addition of acid or
base to change the pH value of the suspension; (2) addition of surfactants to disperse
particles into fluid; and (3) the use of ultrasonic vibration. Addition of some other
materials (surfactants) may have negative effects because of the structural change of
solid–liquid interface. Therefore, the ultrasonic vibration method is used for the
preparation of nanofluids and also to prevent the structural change of nanofluids in
this experiment. The ultrasonic vibration is carried out for 5 h using an ultrasonic
processor (Roop-Telsonic TEC-40 model [Roop Telsonic Ultrasonix Limited, USA];
power density 750 W, frequency 20 kHz). The silver nanoparticles were directly
purchased from Sigma Aldrich, Bangalore, India (product number 576832, xilver
nanopowder, ,100 nm, 99.5% metals). The silver nanoparticles were mixed directly
with deionized water under ultrasonic vibration without any additive or stabilizer. The
nanofluid was not transparent and it was black in color. The long-term stability of
nanoparticles in suspension is not important to measure the thermal conductivity of
nanofluid by the transient hot-wire method because the thermal conductivity measure-
ment is carried out within 10 s. Moreover, the nanofluid used in this experiment was
not settled for one day. To validate this, a stability test was conducted by taking a small
sample of nanofluid with the maximum concentration of 1.2% volume fraction and
physically observing to see whether any settling occurred. Photos were taken 1 h after
preparing the sample and after 24 h as shown in Figure 1. From the figure it is clearly
seen that settling did not occur in 24 h. Hence, the nanofluid is assumed as a stable fluid
in the experiment. The pH value of the nanofluid is also measured by using a pHmeter
(ELICO, LI120, Elico Limited, Hyderabad, India), which is capable of measuring pH
values ranging from 2 to 14. The glass electrode that is connected to the pH meter is
inserted into the liquid and the measured value is displayed in the indicator of the pH
meter. The desired volume concentrations used in this study are 0.3, 0.4, 0.6, 0.8, 0.9,

De-ionized Water After 1 hour After 24 hours

Figure 1 Stability test of silver–water nanofluids.
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and 1.2 vol% with pH values of 7.4, 7.3, 7.1, 6.9, 6.8, and 6.7, respectively. From the
pH values, it can be seen that the solution chemistry of nanofluids is nearly neutral in
nature. Powder X-ray diffraction (PXRD) as shown in Figure 2 is used in the present
study for characterizing silver nanoparticles. As the name suggests, the sample is in
powder form, consisting of fine grains in the form of single crystallites. The term
powder really means that the crystalline domains are randomly oriented in the sample.
In Figure 2, The XRD plot is between the intensity (counts) and 2�, in degrees. The
wavelength is 1.54 nm and the shape factor is 0.9. When a two-dimensional (2D)
diffraction pattern is recorded, it shows concentric rings of scattering peaks correspond-
ing to the various d-spacings in the crystalline lattice. The positions and the intensities of
the peaks are used for identifying the underlying structure (or phase) of a solid material.
From the Scherrer equation the average size of calculated silver nanoparticles was
63 nm, which is consistent with the identified value from the manufacturer.

THERMAL CONDUCTIVITY MEASUREMENT

Description of the Transient Hot-Wire Method/Apparatus

A transient hot-wire method is the most appropriate and widely used method
to determine the thermal conductivity of liquids. This method eliminates the effects
of natural convection, whose unwanted presence creates problems for measure-
ments made with a steady-state apparatus. A constant current is supplied to the
wire (platinum) to generate the essential temperature rise. The wire serves as both
the heat source and the temperature sensor. The wire is surrounded by a liquid,
whose thermal conductivity is to be measured. The heat dissipated in the wire
increases the temperature of the wire and that of the liquid. The rise in temperature
of the wire depends on the thermal conductivity of the liquid in which the wire is
immersed.

Normally a platinum wire is chosen because of its capable resistance–tempera-
ture relationship over a wide temperature range. The resistance–temperature coeffi-
cient of platinum wire is 0.0039092
C. A 75-�m diameter is used in the present study.
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Figure 2 XRD patterns of silver nanoparticles.
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Because the nanofluids are electrically conductive, Teflon spray is used for easy and
convenient coating of the platinum wire to act as an electric insulation. The Teflon-
coated platinum wire was directly purchased and the 7.5-�m Teflon coating was given
as per the specification from the manufacturer. A schematic diagram of the transient
hot-wire apparatus is shown in Figure 3. The main experimental cell is actually a part
of the Wheatstone bridge circuit because the wire (hot-wire) is used as one arm of the
bridge circuit. In the bridge R1 and R2 are the fixed resistors having 1,000� and 16�
resistance; R3 is the variable resistor with maximum of 1,000� resistance connected to
the Wheatstone bridge circuit; and Rw is the resistance of the wire that is to be
measured. A 100-mL glass tube having a cylinder cavity of 2.9 cm in diameter and
23 cm length is used as the nanofluid container, which is filled with fluid whose thermal
conductivity is to be measured. The Pplatinum wire is placed at the center of the
nanofluid container and is placed inside the constant-temperature bath. The size of the
bath is 17.5 cm diameter and 24.5 cm length. The constant-temperature bath consists
of a heater, a stirrer, and temperature sensors to ensure that a constant temperature is
maintained in the bath. Water is used as the heating fluid in the bath. The constant-
temperature bath is also thermally insulated.

Principle of Transient Hot-Wire Method

Because the experiment lasts for just 5 s, the total quantity of heat going to the
liquid per second is very small. Hence, the diameter of the container is sufficient to
assume the liquid to be a thermally semi-infinite medium. An infinitely long and thin
wire is used as a line source for dissipating heat into a semi-infinite medium, with
constant heat generation. The working equation is based on a specific solution of
Fourier’s law [27].

Following is the general Fourier’s equation for one-dimensional radial heat
conduction:

Figure 3 Transient hot-wire setup for measuring the thermal conductivity of nanofluids.
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1

�f

@�T

@t
¼ 1

r

@

@r
r
@�T

@r

� �
ð1Þ

with boundary conditions

lim
r!0

r
@T

@r

� �� �
¼ � q

2�kf
ð2Þ

where t ¼ 0 and r ¼ 0.

lim
r!1 �T r; tð Þf g ¼ 0 ð3Þ

where t 	 0 and r ¼ 1 and �T ¼ T - T0.
If temperatures of the heat source at time t1 and t2 are T1 and T2, respectively,

then the thermal conductivity of liquid may be given as

k ¼ q

4� T2 � T1ð Þ ln
t2
t1

ð4Þ

Experimental Procedure

Initially, the experiment was conducted and the readings were recorded up to 10 s
and the actual calculation was carried out for less than 5 s after reaching the required
temperature in the bath in order to avoid natural convection of the wire and fluid.
Measurements were taken at different temperatures ranging from 50 to 90
C. It took
nearly 15 to 20 min to reach each temperature range chosen for the study. The
nanofluid was heated to the desired temperature after sonication. After taking the
reading for each concentration, the nanofluid was taken out and sonicated well before
conducting the experiment for the next concentration. During the experimentation, we
did not find any agglomeration for the nanofluid tested. However, some particles stuck
to the glass tube.

Once the required temperature was reached in the constant-temperature
bath, the power supply was switched ON. The Wheatstone bridge circuit was
balanced (i.e., until the galvanometer showed zero deflection) by adjusting the
variable resistor R3. Then the DC supply was given to the bridge, which caused a
change of voltage in the bridge through the platinum wire. As the current flowed
through the circuit the resistance of the wire increased, which in turn produced an
emf between the arms, thus causing an unbalanced condition in the circuit. This
change in voltage over time was recorded by the data logger (Agilent
Technologies Ltd.) at the sampling rate of 10 readings per second. The change
in resistance of the wire was calculated from the Ohm’s law using the measured
voltage change over time. From the temperature–resistance relation of the plati-
num wire the temperature variation of the wire was calculated. The calculated
temperature variation vs. natural logarithm of time was plotted and a sample plot
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of the same is shown in Figure 4. The thermal conductivity was then calculated
from the slope of the linear fitted curve and the other known parameters. For
every concentration of the nanofluid measurement the glass tube for measuring
the thermal conductivity was cleaned and kept for some time to be dried. Then the
measurements awere taken for different concentrations. The above procedure
was repeated for different temperatures and different volume concentrations of
silver water nanofluid.

Uncertainty Analysis

Various measured entities with their average values and uncertainties are as
given below, including resistances:

	�RW
¼ �

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
@�RW

@V
	V

� �2

þ @�RW

@R3
	R3

� �2

þ @�RW

@RW
	Rw

� �2

þ @�RW

@�V
	�V

� �2
s

ð5Þ

	�RW
¼ �5:0227 · 10 · e�4 �

For example, the thermal conductivity of water at 70
C is calculated as k ¼ 0.6616
W/mK, which is the average value from 50 to 90
C. The uncertainty in this value is
calculated as
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Figure 4 Plot of the temperature variation vs. natural logarithm of time.
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	k ¼ �
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
@k

@q
	q

� �2

þ @k

@slope
	slope

� �2
s

¼ �0:01013W=mK: ð6Þ

k¼ 0:6616� 0:01013 W=mK

Thus, the uncertainty in the value of thermal conductivity of liquid measured by this
equipment is less than 1.6% of its mean value. Then, the measured thermal conduc-
tivity of nanofluids is used for comparison with those obtained from the existing
correlations, which are defined as follows.

Hamilton and Crosser [5] proposed a model for calculating the thermal con-
ductivity of nanofluids for spherical and nonspherical (cylindrical) particles
where n ¼ 3 for spheres, n ¼ 6 for cylinders, which is expressed in the following
form:

knf
kw

¼ kp þ ðn� 1Þkw � ðn� 1Þ’ðkw � kpÞ
kp þ ðn� 1Þkw þ ’ðkw � kpÞ ð7Þ

Timofeeva et al. [28] suggested the effective medium theory to calculate thermal
conductivity of nanofluids, which is expressed as follows:

knf ¼ ð1þ 3’Þkw ð8Þ

Wasp [29] proposed a model for calculating the thermal conductivity of nanofluids,
which is expressed as follows:

knf
kw

¼ kp þ 2kw � 2’ðkw � kpÞ
kp þ 2kw þ ’ðkw � kpÞ ð9Þ

VISCOSITY MEASUREMENT

Principle of Cannon-Fenske Viscometer

Various methods can be used for the experimental determination of viscosity.
Concentric cylinders or cone and plate methods are very similar to the parallel plate
visualization for measuring the shear viscosity.

The capillary viscometer follows Oswald flow where the kinematic viscosity is
given by the formula

� ¼ 4�r4gh
�
8l

dv=dt
ð10Þ

Each glass viscometer size has a coefficient of calibration. The coefficient is
multiplied by the time taken for the fluid sample to pass between the different marks
on the viscometer. This value determines the kinematic viscosity, which can be con-
verted into the dynamic viscosity by multiplying the density of the fluid. An
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