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ABSTRACT

This research work studies the thermal performance of finned tube heat exchanger
which is locally made. The crimped spiral finned tube is selected for this study. This work
can be divided into two parts. The first part studies the performance of cnmped spiral
finned tube under the dry condition and the second part studies the performance under the
dehumidifying condition.

A total of 23 cross flow heat exchangers having crimped spiral configurations is
studied. The effect of tube diameter, fin spacing, fin height, transverse tube pitch, and
tube arrangements are examined. From the expertment, it 1s found that these paramecters
play important roles not only on the heat (ransfer performance but also on the frictional
characteristic. Moreover it is found that, in case of the dry surface hcat exchanger, the
thermal performance and the air stream pressure drop are shghtly higher lower than the
wel surface,

The emptrical correlations for evaluating the heat transfer coefficient and pressure
drop of both cases are also developed in this work. It s also found that the correlations

can predict the experimental data quite well.
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NOMENCLATURE

area {m?)

minimum free flow area (m%)

total surface area (m°)

inside surface area of tube (m?)

mean surface area of tube (m?)

outside surface area of fube (m”)

slope of straight line between the outside and inside tube wall temperature
slope of the air saturation curved at the mean coolant temperature

slope of the air saturation curved at the mean water film temperature

of the extemal surface

slope of the air saturation curve at the mean water film temperature

of the primary surface

specific heat (J/kgK)

moist air specific heat at constant pressure (J/kgK)
water specific heat at coolant pressure (3/kgK)
outside diameter of finned tube (m)

tube inside diameter {m)

tube outside diameter (m)

fnction factor

fin height (m)

in-iube friction factor of water

fin spacing (m)

fin thickness (m)

correction factor

mass flux of air base on minimum flow area (kg/sm-)

maximum mass velocity based on minimum flow area
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heat transfer coefficient (W/m’K)

sensible heat transfer coefficient for wet coil (W/m°K)
inside heat transfer coefficient (W/m?K)

total heat transfer coefficient for wet external fin (W/m’K)
modified Bessel function solution of the first kind, order 0

modified Bessel function solution of the first kind, order 1

air enthalpy (J/kg)
inlet air enthalpy (J/kg)

outlet air enthalpy {I/kg)

saturated air enthaipy at the mean refrigerant temperature (J/kg)
saturated air enthalpy at the inlet of refrigerant temperature {J/kg)
saturated air enthalpy at the outlet of refrigerant temperature (I/kg)
saturated air enthalpy at the mean nside tube wall temperature (J/kg)
saturated air enthalpy at the mean outside tube wall temperature (§/kg)
saturated air enthalpy at the mean water film temperature of the external surface
(J7kg)

mean enthalpy difference (1/kg)

the Colburn factor

modified Bessel function solution of the second kind, order 0
modified Bessel function solution of the second kind, order |

thermai conductivity of fin (W/mK)

thermal conductivity of tube side fluid (W/mK)

thermal conductivity of tube (W/mK)

thermal conductivity of water {(W/m¥K)

length {m)
parameter

air mass flow rate (kg/s)

water mass flow rate (kg/s)
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number of tube row
number of tube in each row

number of transfer unit
Nusselt number
pressure (Pa)

pressure drop (Pa)
Prandt] number

heat transfer rate (W)

mathematical average heat transfer rate (W)

air-side heat transfer rate (W)

water side heat transfer rate (W)

distance from the center of the tube to the fin base (m)
distance from the center of the fube to the fin tip (m)
Reynolds number base on instde diameter of bare tube
Reynolds number base on outside diameter of bare tube
longitudinal tube pitch (m}

transverse tube pitch (m)

minimum flow area (m?)

temperature (°C)

mean temperature of water film (°C)

water temperature of at the tube inlet (°C)

water temperature of at the tube outlet (°C)

mean iemperature of the inner tube wall (°C)

mean temperature of the outer tube wall (°C)

mean temperature of refrigerant coolant {°C)

overall heat transfer coefficient (W/m’K)

overall heat transfer coefficient (W/m°K)
maximum velocity (m/s)

thickness of wbe wall (m)
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1]

thickness of condensate water film (m)

Greek symbols

& effectiveness

by efficiency

M Wetfinefficiency

J7; dynamic viscosity (Pas)

p density (kg/m“)

2 density of inlet air (kg/m’)
PR density of outlet air (kg/m®)
£,  mean density of air (kg/m’)
o coniraction ratio of cross sectional arca
Subscripts

a A

b Bare tube

S/ Fin

i Inlet, tube side

0 Cutlet, air side

W’

Water
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EXECUTIVE SUMMARY

The therma! performance of locally manufactured finned tube is investigated in
this research work. The crimped spiral finned tube, widely used in the industry, is
selected in this study. Since there is a very few data about the performance of this finned
tube, consequently, this work benefits o the heat exchanger designer.

The method for testing the performance of finned tube follows the ASHRAE and
ARI standards. The finned tubes are arranged in a wind tunnel as a cross flow heat
exchanger. The water circulates inside the tube while the air stream 1s flowing outside. By
measuring the imlet and the outlet temperaturcs of the water and the air and also the mass
flow rate of both fluids, the performance of the cross flow heat exchanger is evaluated.
Note that the performance testing of the heat exchanger covers the heat transfer
performance and the frictional charactenstic.

This work can be divided mto 2 parts. The first part is to study the perfonmances
of crimped spiral finned tube under the dry condition and the second part studies the
performance under the dehumidifying condition.

For the first part, the approximately 65°C hot water is exchanging heat with the
ambient air. While the second part, the cold water is exchanging heat with the
approximately 65°C hot air. When the air exchanges heat with the water, the temperaturc
of the air decreases. At the tesiing condition, the temperature decreasing of the air is
designed to lower than the dew point of moisture. Therefore, there is a condensation of
moisture from the air stream on the heat exchanger surface. The phenomenon of cooling
1s more complicated than that of the heating.

For heating and cooling, the heat exchangers have the same dimensions. In this
work, the parameters affecting the performance of the heat exchanger are investigated
such as tube diameter, fin height, fin spacing and tube arrangement. Note that, the mass
flow rate of air is varied in the range of (.1-0.5 kg/s while the volume flow rate of water
is kept constant at 8 ¥/min. The empirical models for evaluating the heat transfer
coefficient and the pressure drop of each part are also developed. The results of the
performance testing are as follows:

The heating coil
1. For an inline arrangement, with the rise of tube diameter, the pressure drops increase

but the associated heat transfer coefficients decrease with it. The increase of fin height
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also gives rise 10 a considerable increase of the pressure drop but decreases the heat
transfer coefficient.

For the inline arrangement, the effect of fin spacing on the airside performance varies
with the fransverse tube pitch. For a larger transverse tube pitch of 71.4 mm, there 1§
an effect on heat transfer coefficient but no detectable influence of the fin spacing on
frictional characteristics. [t is likely that this phenomenon is related to the
considerable airflow bypass between tube rows. On the contrary, at a smaller
transverse lube pilch of 50 mm, one can see smaller fin spacing results in'higher
pressure drops and lower heat transfer cocflicients.

For the staggered arrangement, the effect of tube diameter on the airside performance
is analogous to that of the inline arrangement but to a comparatively small extent.
This is because the recirculation zone behind the tube row is much smaller i a
staggered arrangement. The effect of the fin height on the pressure drops much
smaller than that of inline arrangement due to the major contribution to the pressure
drops is (rom the blockage of the subsequent tube row in a staggered arrangement.
The effect of fin spacing on the airside performance for staggered arrangement also
varies with the transverse tube pitch. For a smaller fransverse tube pitch of 50 mm,
there 15 no appreciable influence of the fin spacing on heat transfer. On the contrary,
at a larger transverse tube pitch of 84 mm, one can see smaller fin spacing leads to
lower heat transfer coefficients. This 1s also attnibuted to the presence of airflow
bypass effect.

Correlations of the present crimped spiral fins in both staggered and inline
arrangement are developed. The proposed correlations give quite good predictive

ability against the present test data.

The cooling coil

1.

The pressure drop of wet surface heat exchanger increases with the mass flow rate of
atr and the result is slightly higher or close to that of dry surface because only water
condensate can be easily drained in the large fin spacing and individual finned
configuration.

The heat wansfer coefficient of the wet surface is slightly lower than that of the dry
surface.

The effect of tbe diameter on the airside performance is significant. Larger tube

diameter not only gives lower heat transfer cocfficient but also contributes
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significantly to the increase of pressure drops. This phenomenon is applicable in both
dry and wet condition.

For wet surface, the influence of fin height is negligible whereas there is a small effect
in dry surface.

The effect of fin spacing on the heat transfer performance is rather small. However,
the increasing of fin spacing tends to have a lower heat transfer coefficient.

The tube arrangement plays an important role on the heat transfer coefficient, the
lower transverse pitch gives the higher heat transfer coefficient. '
Airside performance In the present study is presented in terms of f and the j factor.
The proposed correlations in case of staggered arrangement can predict 75% and 95%
of experimental data within £15%. In case of inline amangement, the proposed

correlations can predict the j and the f factors can estimated about 85.7% and 82.3%

of expenmental data within 15% accuracy.
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CHAPTER ]
INTRODUCTION

1.1 Statement of Problems and Background

There are many types of heat exchanger applicable to the recovery of waste heat
such as shell-and-tube, plate, and cross-flow heat exchangers. Among them, the cross
flow type is especially suifable for recovering heat from high temperature air. Normally,
the liquid always flows inside the tube whereas the gas flows across the {ube bank.
Because the dominant resistance occurs on the airside, it is a common practice to employ
fins (such as circular fins) on the (ube bundie to increase the gas side performance. For
circular fin geomctrics, there are many empirical correlations available in the literature
[1-3]. However, circutar fin implemented in typically industnal application is usually in
the form of crimped spiral fin as shown in Figure 1.1. Unfortunately, there is no airside
data reported in the literature especially the finned (ube manufactired in Thailand. [n this
regard, it is the objective of this study to present relevant airside data of the crimped
spiral fins produced frem Thai industry. Furthermore, relevant important geomeinc
parameters such as tube diameter, tin spacing, fin height, and tube spacing influencing the
airside performance are also investigated. Moreover the empirical corrclations for

evaluating the airside performance are also developed.

Figure 1.1 Schematic of the crimped spiral fin geometry.
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The first part of this work is dealing with the performance testing of the heat
exchanger operating under no condensation of moisture from the air stream on the heat
exchanger surface. Actually, for practical waste heat recovery system, the heat exchanger
may accompany with condensation of moisture air on the heat exchanger surface.
Although the designers try to avoid this situation due to considerably corrosive problem
agsociated with it, condensation may still takes place from time to time. This 1s commonly
encountered if the Joad is not constant such as small boilers where the steam consumption
varies with time and the the flue gas temperature fluctuates in a wide range. In that
regard, the airside performance in the presence of dehumidification is rather important.
Unfortunatety, there are simply no data reported for the crimped spiral finned heat
exchangers. Hence, it is the objective of the second part of this work. The heat transfer
and friction characteristic of cross flow heat exchanger using crimped spirat fin jn the
presence of dehumidification are reported. Moreover, the heal transfer and friction

correlations are also developed in this part.

1.2 Research Objectives

1. Develop the correlation for predicting the heat transfer coefficient of cross flow heat
exchanger using crimped spiral fin under no condensation of moisture from the air
stream and dehumidifying conditions.

2. Develop the correlation for predicting the air stream pressure drop of cross flow heat
exchanger using crimped spiral fin under no condensation of moisture from the air

stream and dehumidifying conditions.

1.3 Scope of Work

The aim of this work is to correlate the heat transfer and frictional characteristic of
the cross flow heat exchanger using crimped spiral finned tube which are locally
manufactured. The dimensions of finned tube are the same size as using in the industry.
The dimensions and the testing conditions of this research are as follow:

1. Dimensions of finned tube

Outside diameter of tube 17.3,21.7,27.2 mm.
Fin gpacing 2.85,3.85, 6.10 mm.
Fin height 1G, 15 mm.

Fin thickness 0.4 mm.

Tube arrangement Inline, Staggered
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2. Testing conditions

Part 1. No condensation of motsture from the air stream.

Inlet temperature of air 25 °C (approx.)
Inlet temperature of hot water 65 °C

Frontal velocity of air 0.5-2 m/s

Mass flow rate of water 0.12 kg/s

Part 2. Dehumidifying condition.

Intet temperature of hot air 65 °C

Inlet temperature of water 25°C

Frontal velocity of air 0.5-2 m/fs

Mass flow rate of water 0.12 kg/s

Relative humidity of air 50% RH (approx.)

1.4 Methodology

1. Design the test rig for testing the performance of a cross tlow heat exchanger using
crimped spiral fin.

2. Calibrate all of the instrument by follow the standard method [6-9]

3. Performance testing of a cross flow heat exchanger under no condensation of moisture
of air stream on heat exchanger surface and construct the empincal model for
evaluating the heat transfer coefficient and the air stream pressure drop.

4. Performance testing of a cross flow heat exchanger under dehumidifying condition
and construct the empirical modei for evaluating the heat transfer coefficient and the

air stream pressure drop.

1.5 Expected Benefits
The results from this research can help the heat exchanger designer select the

suitable size of the heat exchanger using the crimped spira} finned tubes.
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CHAPTER 2
EXPERIMENTAL SET-UP

2.1 Overview of the Experimental Apparatus

As mention in the previous chapter, this research work divides into two parts. The
first part is to study the performance of the cross flow heat exchanger using crimped
spiral finned tube operating under the condition having no condensation of moisture from
the ajr stream on heat exchanger surface. Normally (he heat exchanger operating under
this condition is called heating coil. The second part investigates the performance in case
of dehumdifying condition that having condensation of moisture on the heat exchanger
surface. This heat exchanger 1s calted cooling coil.

Therefor the experimental set-up of this work can be divided into two parts follow
the testing conditions. The experimental apparatus is designed to support the testing
conditions and the schematic sketch of the apparatus is shown in Figure 2.1, Note that this
apparatus is designed and calibrated by following the ASHRAE and ARI standards [6-9].
The apparatus shown in Figure 2.1 is the wind tunnel. The cross flow heat exchanger is
mount in Uus tunnel. This heat exchanger exchanges heat between the air stream and the
water. The next sections will describe the eperating methods and the testing conditions of

this test 11g. Figures 2.2-2.10 show the images of the experimental apparatus.

Incline Manomeler inchne Manometer

Adir Healer &

Temperature
Caontrolier

Alr Blower & J— @

Frequency lnverter

s i
/"\I [:J> Mixing Dewcc%;é K @L%tl[ction |® ':>

\ f~' il

{}‘ .
oo 1 ) - O
Sy Heater & B i |
/ i E h Temperature @g b | | Logger i ..{ Commputer
Controller !
LWECD—J

Figure 2.1 Schematic sketch of the experimental apparatus.
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Figure 2.2 The front view of the apparatus.

g section.

.3 The top view of the apparatus at lestin

gure 2

Fi
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Figure 2.5 The testing specimen before mount in the wind tunnel.
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Figure 2.9 Contro) panel of the wind tunnel.
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tigure 2.10 Inclined manometer for measuring the pressure drop.

2.2 The Experimental Set-up of the First Part

As menlion in the previous section, the first part is to study the performance of the
cross flow heat exchanger using cnimped spiral finned tube operating under the condition
having no condensation of moisture from the air stream on heat exchanger surface.

From Figure 2.1, the air siream at room temperature flows through the tube bank
with hot water circulating inside the tubes. In this experiment, the water flow rate 1s kept
at a constant flowrate of § L/min. An accurale flowmeter is used for the measurement
with « precision of 0.1 L/mm. The mlet remperature of water is maintained at 65°C.
Both of the inlet and outlet temperatures of water are measured by a set of calibrated K-
type thermocouples and the signals are recorded by a temperature data logger.

The aurflow across the heat exchanger is generated by a 1.5 kW centrifugal air
blower with the controllable range of 0.1-0.5 kg/s by using a frequency inverter. The
mass flow rate of air stream 1s measured by a standard nozzle and an inclined manometer
with £0.5 Pa accuracy. The inlet and the outlet temperatures of air streamn are also

measured by another set of K-type thermocouple mesh. The jnlet and outlet temperature



measuring meshes consist of 16 and 41 thermocouples, respectively. Note that all of
thermocouples have been calibrated to £0.1 °C accuracy. The pressure. drop across the
heat exchanger is also measured by the inclined manometer with £0.5 Pa accuracy.

A total of 23 crimped spiral fin heat exchangers having vanous geometric
parameters are tested in this study. Table 2.1 lists the details of the tested samples.
Relevant defimitions of the geometrical parameters can be also shown in Figure 2.11.
Notice that both inline and staggered arrangements are tested in this study. The effects of
tube diameter, fin height, fin spacing, fin thickness, and tube arrangement on the airside

performance are examined accordingly.

Table 2.1 Geometric dimensions of cross flow heat exchanger.

No d, d; 7 I Ji S 5 n, fn, arrangémcnt
{(mm) (mm) (mm) {mm) (mm) (mm) (mm)

I 17.3 13.3 6.10 10.0 0.4 50.0 50.0 4 10 inline

2 217 16.5 6.10 10.0 0.4 71.4 50.0 4 7 inline
3 21.7 16.5 6.10 10.0 0.4 50.0 50.0 4 10 inline
4 21.7 16.5 3.85 10.0 4 71.4 50.0 4 7 inline

5 217 16.5 3.85 10.0 0.4 50.0 50.0 4 10 inhne
6 217 16.5 2.85 10.0 0.4 71.4 50.0 4 7 inline
7 217 16.5 2.85 10.0 0.4 50.0 50.0 4 10 infine

8 217 165 385 150 0.4 7.4 500 4 7 inline
9 27.2 21.6 3.85 10.0 0.4 500 50.0 4 10 inline
10 217 165 630 100 04 720 360 4 6 staggered
11 21.7 16.5 3.85 16.0 0.4 720 36.0 4 6 staggered
12 217 163 285 100 0.4 720 360 4 6 staggered
13 21.7 16.5 6.10 10.0 0.4 84.0 24.2 4 5 staggered
14 217 165 385 100 0.4 84.0 242 4 5 staggered
135 21.7 16.5 2.85 10.0 0.4 84.0 24.2 4 5 staggered
16 21.7 16.5 6.10 10.0 0.4 50.0 433 4 g staggered
17 217 165 385 100 04 500 433 4 9 staggered
18 217 16.5 2.85 10.0 0.4 50.0 433 4 o staggered
19 217 165 610..100 04 556 482 4 8 staggered
200 217 165 385 1000 04 556 482 4 g staggered
21 217 165 285 100 0.4 556 482 4 8 staggered
22 217 165 385 150 04 556 482 4 8 staggered
23 272 216 385 100 04 500 433 4 9 staggered
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Figure2.11 Details of crimped spiral fins geometry and tube arrangemenis.
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2.3 The Experimental Set-up of the Second Part

The second part is to study the performance of the cross flow heal exchanger using
crimped spiral finned tube operating under dehumidifying condition. In this part, the hot
air stream flows through the tube bank and the water at room temperature circulates
inside the tubes. In this experiment, the water flow rate 1s kept constant at 8 L/min. An
accurate water flow meter is used for the measurement with a precision of 0.1 L/mm.
The inlet temperature of water 1s approximately 30°C. Both the inlet and ocutlet
temperatures of water are measured by a set of calibrated K-type thermocouplesi and a
temperature data logger records these signals.

A [.5 kW centrifugal air blower accompanied with a frequency inverter having a
controllable range of 0.1-0.5 kg/s air 1s used to conduct flowing air across the heat
exchanger. A standard nozzle and an inclined manometer are adopted to measure the
mass flow rate of air stream. The uncertainty of the inclined manometer is 0.5 Pa
accuracy. The inlel lemperature of air stream is kept constant at 65 °C by the set of
heaters and the temperature controller. The inlet and the outlet dry bulb temperatures of
air stream are also measured by another set of two meshes of K-type thermocouples. The
inlet and the outlet wet bulb temperatures of air stream are also measured. Note that all of
thenmocoupies have been calibrated to £0.1 °C accuracy. The pressure drop across the
heat exchanger is measured by another set of inclined manometer with calibrated
uncertainty of + 0.5 Pa accuracy.

A total of 10 crimped spiral fin heat exchangers having various geometric
parameters are tested in this study. The details of the tested samples is the same as shown
in Table 2.1. Relevant definitions of the geometncal parameters can be also shown in
Figure 2.11. The effects of tube diameter, fin height, fin spacing, fin thickness, and tube

arrangements on the airside performance are examined accordingly.



CHAPTER 3
AIR-SIDE PERFORMANCE OF HEAT EXCHANGER USING CRIMPED
SPIRAL FINS, A CASE STUDY OF HEATING COIL

3.1 Introduction

This chapter describes the performance testing of cross flow heat exchanger nsing
crimped spiral fing producing from Thai industry. Actually, there are many reports about
the performance of this kind of heat exchanger, especially in case of circular fin. Briggs
and Young [1] developed the air side heat transfer coefficient of the staggered tube bank

in term of Colburn j factor as:

7=0.134 ReD"O‘m{%] (}f_f_] | . (3.1)

Note that the above correlation is valid for four or more tube rows and applicable to
the following ranges: 1100 < Rep < 18000, 1.0 < £/, 6.6, 0.09 < f3/d, £0.69, 0.0t < f/d,
< (.15, and 15 £ S5/d, < 8.2. The standard deviation of the Briggs and Young correlation
15 5.1%.

Robinson and Briggs [2] provided the frictional performance termed as the Fanning
friction factor for the circular fin tube bank having staggered arrangement:

~0,527 0.51%
) S S
=947Re | 2L = . 3.2
' o p S (3.2)

] 4

Equation (2) is based on isothermal air flow with data from 17 staggered tube
banks. Its applicable range is 2,000<Re, <50,000, 0155/ /7, <019,
38/ /7, 560,035<f,/d,<0.56, 001<f,/d, <003 and 1.9<§,/d, <4.6. The

standard deviation of Equation (2) is 7.8%.
Rabas et al. [3] developed the Colbum ; factor and friction factor for circular finned

tube bank having low fin height and small fin spacing:

j=0.292ReD”{£5-J--[L—T (LJ [d—f] [d—”] , (3.3)
d, i 7 d, J

d
n=-0.415+0.0346 - |, (3.4)
f

5

\ 028 076 073 N OT1 .38
f=3805Re, L] (L) (| [Le| L] (3.5)
‘ do f;: df Sr‘ Sf
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Equations (3.3)-(3.5) are also valid with 4 or more rows of tube bank. The
applicable range are 5,000<Re, <25000, 13<f /f, <15, 001/, '/ <0.06,
f,/d, <01, 0.01<f,/d <002 and 1.3<§,/d, £1.5. These equations could predict

94% and 90% of the experimental j and f data within +15%.
ESDU [4] reconunended a correlation for heat transfer performance of high fin
geometry:
0.297 -0.091
Nu = 0.242 Reﬂ‘”’”[li] [i?_} Pro3®. (3.6)
Sy Sy

This cormrelation is also valid for air-cooled heat cxchanger with four or more tube
rows and the suitable ranges for applcation are 2,000<Re, £40,000,
0.13< [/ f, <057,1.15585, /8, <1.72.

The preceding correlations were developed with the cross flow heat exchanger
having staggered arrangement. In case of inline arrangement, despite of its comparatively
low heat transfer performance, its lower pressure drop and high rehability {easy to
maintain and clean) are very attractive in very severe environment, For the heat transfer
performance, Schmidt [5] recommended a correlation for inline arrangement with high

fin,

~0.375
Nit = 0.30Re£,0'625[§] Pro®, (3.7)

Where 4 and 4, are the total surface area and that of bare tube. Range of
applicability for Equatton (3.7} 1s 5,000 <Re, <100,000and 5< A/ 4, <12.

However, circular fin implemented in typically industrial application is usually in
the form of crimped spiral fin. Unfortunately, there ts no airside data reported in the
literature especially the crimped spiral fin producing from Thai industry. In this regard, it
1s the objecli{fe of this snldy to preéent relevant airside data of the crimped spiral fins.
Furthermore, relevani important geometric parameters such as tube diameter, fin spaciﬁg,
fin height. and wbe spacing nfluencing the airside performance are alse investigated.
Moreover the empirical correlations capable of evaluating the airside performance are

also developed.
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3.2 Data Reduction
During the experiment, hot water flowing inside the tube bank transfers heat to the

outside air and the the heat transfer rate ({) can be calculated as

Q =, Cp, (T =T ): (3:8)
0=r,Cp.(T, ~T.,), (3.9)
Where s, is the mass flow rate of air, nz is the mass flow rate of water, 7,7,

are the inlet and outlet temperatures of air stream, 7,,,7, are the mlet and. outtet

temperature of water, and Cp,,Cp, are the specific heat of air and water, respectively.

The performance of the heat exchangers is analyzed by conventional £-NTU

technique, the effectiveness is defined as

£ == (3.10)

ar

£ = Q
('ill:‘Ii Cp )]]‘I'II\ QT ’

s

(3.11)

The relationship of the effectiveness and the number of transfer unit (NTU) for the

present 4-tube configuration is as follow (ESDU [10]);

- 43
S:%{I_e—u’(' 1+C-K3(6_4K+K2)+ 4(C")2K4(2—K)+‘8£€)3£ﬂ” (3.12)

K=]me MU (3.13)
UA
NTU = ———, (3.19)
(me)min
oo (rszp)m.l | (3.15)
(mCp}a

Once the overall resistance is obtained from Equations (3.12-3.14), the heat transfer
coefficients can be obtained from the following overall resistance equation:
] i in(d, /d.}) 3
— + + R
Ud n.h, A, 27l hA,

(3.16)

Where /1 1s the heat transfer coefficient, 4 1s the surface area, ¢ is tube diameter, L is
total tube length. 4 is thermal conductivity of tube matenal, 7, is surface efficiency and
the subscripts o./ denote the air side and the tube side, respectively. The tube side heat

transfer coefficient can be calculated from Gnielinski correlation [11] as



(3.17)

b _(ﬁ‘i (Re ,, — 1000)Pr(f, /2)
) 1e12907 2(pe 1)

f =.581n(Re , }-3.28]7, (3.18)
Where Re,; is the tube-side Reynolds number. The relation of the surface

efficiency in Equation (3.16) and the fin effictency n1s

A

—1~—L(1-7), 3.19)
n =1 (t-7) (:

A, = A, + 4, (3.20)

Where 4, is the total surface area of finned tube, A, is surface area of fin, 4, is the

surface area of the bare tube. The fin efficiency # can be approximated from the Schmidi

approximation [12]:
y = ta;ﬂl(;m'gsi)

mrg G.21)
where
/
m = \ 1{2 1:; , (3.22)
£
R ) R
¢=(~‘1"'—-1 ‘(Hossm(m‘_i } (3.23)
r J oy
Rm XM XL 12
LI I i -03| (3.24)
¥ r M
- \ (S.f }(2): + SL
X, = > , (3.25)
X, =058, (3.26)

where &, 15 thermal conductivity of the fin, S, and §, are transverse and longitudinal

pitches of the tube bank and f, is fin thickness.

The total surface area of {inned tube and the towal surface area of the fin can be

estimated by assuming equal 1o that of the circular fin as [13];

4, =%[O.5(dfg ~d})vd, 7 +d, 1), (3.27)
A, =27 {osla, -0, v a, 1), (3.28)

Jet ],
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where # 15 the {otal number of tube, d p js outer diameter of finned tube, f, is spacing

between adjacent fin and ) is fin thickness.

I

In this study, the pressure drop across tube bank is in the form of Fanming friction
factor. The relation of the friction factor including the entrance and exit pressure loss [14]
refative to the measured pressure drop AP is

poten z&gr@w{&_q o (3.29)
Aopm G‘ pn !

.
where 4. is the minimum flow area, ¢ is the contraction ratio, G, is the mass flux of air
flow based on the minimum flow area and the subscnipts ¢, o, m represent the inlet, outlet,

and mean value, respectively.

3.3 Results and Discussion

3.3.1 Inline Arrangement

In the case of inline arrangement, there are nine samples of inline arrangement as
shown in Table 3.1. Figure 3.1 shows the effect of tube diameter on the airside
performance. Results are termed as heat transfer coefficient and the pressure drop vs.
frontal velocity. In this comparison, the fin spacing (3.85 mm), fin thickness (0.4 mm),
and the fin height (10 mm) are all the same. The {ransverse and the longitudinal tube
pitches are 50 mm. As expected, the pressure drop rises with the tube diameter. However,
it is interesting to note that the heat transfer coefficient increases with the reduction of
tube diameter. It is likely that this phenomenon is attributed to the ineffective area behind
the tube increases with the tube diameter. The ineffective are is especially pronounced for
an inline arrangement. Wang et al. [14] performed flow visualizations via dye injection
technique for fin-and-tube heat exchangers having inline arrangement. Their visual results
unvell a very huge flow circulation behind the tube row. Consequently this huge
recirculation not only contributes to the decrease of heat transfer cbefﬁcient but also 1o
the nse of pressure drop. In addition. the huge recirculation may also block the
subsequent tube row and degrade the heat transfer performance hereafter.

Figure 3.2 shows the effect of fin height on the airside performance for inline
arrangement. In this compartson, the associated fin heights are 10 and 15 mm and the fin
spacing and the tube diameter are 3.85 mm and 21.7 mm with the transverse and the
iongitudinal pitches are 71.4 and 50 mm, respectively. As seen in the figure, the influence

of fin height shows tremendous influence on the heat transfer performance and the



34

pressure drop. Although the increase of fin height is only 50%. the corresponding
increase of fin surface area is roughly 53% that eventually leads to a dramatic increase of
pressure drop (roughly 100%). Unlike those of pressure drops. the heat transfer
coefficients are dropped drastically with the increase of {in height. This is probably due to
the airflow bypass effect. Actually the airflow is prone to flowing the portion where the
flow resistance is small. In case of £, = 15 mm, the airflow resistance around fin tube is
Jarger than f, = 10 mm. Therefore, part of the direcied airflow just bypass the tube row
without effective contribution to the heat transfer and lower heat transfer coefficient is

oblained.

60 . S ST : 70

fz =385 mm fi = 10 mm.

50 Si = 50,0 mm, 51 = 50.0 mm 60
——do = 17.3 mn
—a— o =21.7 mm 30
~ 40 do =27.2
— L2 M
A —_
E 30 h, S
- 30
= 90 -
A 20
10 10
0 =k S S N — v St P W T 0
0 0.5 1 1.5 2

Frontal Velocity (m/s)

Figure 3.1 Effect of tube diameter on the airside performance for the inline arrangement.

The effects of the fin spacing on the airside performance at differeni ransverse
tube pitch (50 and 71 .4 mm) are shown in Figure 3.3. At a larger transverse tube pitch of
71.4 mm. one can see the effect of fin spacing on pressure drops is rather small.
Surprisingly. the reduction of the fin spacing does not give rise to the pressure drops. This
may be related to the presence of the bypass airflow between the tubes. Since the bypass
airflow does not increase the pressure drops. therefore no detectable change of pressure

drops 1s seen at a very large transverse tube pitch of 71.4 mm. On the contrary. the
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reduction of fin spacing give rise to pressure drops at a smaller transverse tube pitch of §;
= 50 mm. This is due to the significant decrease of bypass airflow and the reduction of
the associated hydraulic diameter. From Figure 3.3, it is also found that the increase of fin
spacing give rise to heat transfer coefficient. An explanation of this phenomenon is the
same as the effect of fin height that the result comes from airflow bypass effect. As is
known, the corresponding pressure drop rises with the decrease fin spacing. Therefore,
tower fin spacing gets higher bypass airflow and the heat transfer coefficient 1s decreased

at smaller fin spacing.

40 - : 30

35 fs = 3.85 mm, do = 31.7 mm,
St =714 mm, 51 = 50.0 mm 25
an —4— fh = 10 mm
50 —&— fh = 15 mm
. 20
& 25 .
; 20 15 :
\“: < <)
= 15
10
10
- © 5
)
0 s i 0
0 0.5 1 1.5 2

Frontal Velocity (m/s)

Figure 3.2 Effect of fin height on the airside performance for the inline arrangement.
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Figure 3.3 Effect of fin spacing and tube arrangement on the airside performance

for the inline arrangement,

3.3.2 Stagoered Arrangement

For staggered arrangement. Figure 3.4 shows effect of tube diameter on the air side
performance. The geometrical parameters of fin spacing, fin height. transverse pitch and
longitudinal pitch are 3.85 mm, 10 mm, 50 mm and 4.33 mm, respectively. Analogous 1o
that of inhine arrangement but the influence is comparatively less to some extent, the heat
transfer coefficient and the pressure drop decrease with the tube diameter. Explanation of
this phenomenon is the same as that of inline arrangement. However, the recirculation
region for staggered arrangement behind the tube is much smaller than that of the inline

arrangement due to the airflow across the adjacent tubes is direcied by the subseguent
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tube row. The directed oblique airflow will reduce the recirculation area behind the tube.
This phenomenon can be aiso made clear from the flow visualization experiment by
Wang et al. [15] in staggered arrangement. Their visualization indicated a much smaller

recircutation area of the staggered arrangement than that of inline arrangement.
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Figure 3.4 Effect of tube diameter on the airside performance for
the staggered arrangement.

The effect of fin height on the airside performance is shown in Figure 3.5. It is
found that the heat transfer coefficients of f, = 10 mm are slightly higher than those of f;,
= 15 mm and the explanation is similar to that of inline arrangement. However. the
pressure drops for both fin height are about the same irrespective of the fin area of f;, = 15
mm are approximately 53% higher than that of f; = 10 mm. The results are quite different
from those of inline arrangement in which one can see an approximalely two times
increase of pressure drops for f, = 15 mm relative 10 that of f; = 10 mm. Explanation of
this phenomenon can be made ciear as follows. For the same fin height of 7, = 10 mm,
one can se¢ a dramatic increase of pressure drops of six times for staggered arrangement
relative to that of inline arrangement. This implies the major contribution to the total
pressure drops comes from the type of arrangement. For staggered arrangement. the

airflow is direcied by the subsequent tube row in which most of the pressure loss is



generated. On the contrary, since the air flow across the inline arrangement is not directed
by the subsequent tube row. The pressure drop is mainly affected by the friction caused
by the fins and the recirculation area behind the tube. Thus one can see a very small

increase of the pressure drop with the rise of fin height for staggered arrangement.
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Figure 3.5 Effect of fin height on the airside performance
for the staggered arrangement.

Figure 3.6 shows the effect of fin spacing, and S, on the airside heat transfer
coefficients and pressure drops. The tube diameter is 21.7 mm and the fin height is 10
mm. From Figure 3.5, it can be concluded that higher fin spacing gives lower pressure
drops. For a smaller transverse tube pitch (S, = 50 mim), one can see the effect of fin
spacing on the heat transfer coefficients 1s negligible. This result is analogous to that of
continuous fin geometry as reported by Rich [16] and Wang et al. [17]. However, for a
larger transverse pitch of 84 mm, the heat transfer coefficients decrease with the decrease
of fin spacing. Again explanation of this phenomenon may arise from the influence of
airflow bypass effect. As is known, the corresponding pressure drop rises with the
decrease fin spacing. As a consequence, although the airflow 1s directed by the tube row,

the airflow is prone to flowing the portion where the flow resistance is smaller. For a very
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targe of transverse tube pitch of 84 mm., part of the directed airflow just bypass the tube
row and fin without effective contribution to the heat transfer, thereby causing a drop of
heat transfer coefficients at smalier fin spacing. This flow bypass phenomenon becomes
much where the transverse tube pitch is reduced. Therefore, one can see no appreciable

change of heat transfer coefficients for S; = 50 mm.
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Figure 3.6 Effect of fin spacing and tube arrangement on the airside performance for
the staggered arrangement.

3.3.3 Empirical Correlations

Based on the previous discussions, it is obvious from the test data that no single
curve can be expected to describe the complex behaviors about the heat transfer and

frictional characteristics in both inline and staggered arrangements. For easier engineering
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calculations, we had performed multiple linear regression technique to obtain the relevant

correlations. The corresponding correlations are given as follows:

Correlation of the heat transfer performance of the inline arrangement:

-0 8363 1.9926 22810 -2 0720
d
j=3.9048x10™ Reoo‘%”(%] [gi] [j_] [d_fJ (3.30)

! o

Correlation of the heat transfer performance of the staggered arrangement:

-0.1452 - 1.1874 0.5238 0QeClo
01 S hY d :
j=0.1970Re , """ A =L = L (3.31)
fs SF dO do
Correlation of the frictional performance of the inline amrangement:
-0E01% -1 72235 -0 6334 12000
oan ) S d
£ =0.1635Re, """ Q = a J—) (3.32)
fx ) SI’ do do )
Correlation of the frictionat performance of staggered arrangement:
—0 2468 1. 8680 0.3011 04370
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Figure 3.7 Comparison of the heat transfer correlations with experimental data.
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Figure 3.8 Comparison of the frictional correlations with experimental data.

Figures 3.7-3.8 show the comparison of j and f of the experimental results with
the proposed correlations. For the heat transfer correlations, Equations {3.30)-(3.31) can
predict §89.7% and 88.4% of the experimental data with £10% and the friction factor
correlations, Equations (3.32)-(3.33) give a predictive ability of 79.6% and 91.3% of the
experimental data within £20%. The standard deviation of the comrelations Equations
(3.30)-(3.33) are 7.90%, 7.15%, 16.70%, and 13.7%, respectively.

The comparison of the proposed correlations and the previous correlations are also
investigated. In case of the inline armrangement, 1t 1s found that Schmidt’s correlation [5]
can predicts 71.8% of the experimental data with in $30%. This resuli comes from the
lower Revnolds number of air stream of the experimental. Moreover, Schmidt’s
correlation did not include the effect of the geometrical of finned tube. Therefore, lower
accuracy is obtained.

In case of the staggered arrangement, the correlations of Briggs and Young [1]
and ESDU [4] give approximately 30% lower than the present correlation. The
explanation of this result is the shape of the crimped spiral finned tube differs from that of
the circutar finned tube and the effect of cnimped edge pronocunce the heal transfer rate of

the heat exchanger. The frictton factor correlation of Robinson and Briggs [2] gives over
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predicting of the experimental value at low friction factor. However, at higher fniction

factor. the accuracy is close 1o that of the present correlation.

3.4 Conclusion

The present experimental study reports the airside performance of the crimped

spiral fin heat exchanger. The effects of tube diameter, fin spacing, transverse tube pitch,

and lube arrangements are examined. On the basis of previous discussions, the following

conclusions are made:

5.

For an inline arrangement, the pressure drops increase with the rise of tube diameter
but the associated heat transfer coefficients decrease with it. The increase of fin height
also gives rise to considerable increase of pressure drop but decrease of heat transfer
coefficient.

For the inline arrangement, the effect of fin spacing on the airside perforimance varies
with the transverse tube pitch. For a farger transverse tube pitch of 71.4 mm, there is
an effect on heat transfer coefficient but no detectable influence of the fin spacing on
fricional charactenistics. It 1s likely that this phenomenon is related to the
considerable airflow bypass between tube rows. On the contrary, at a smaller
fransverse tube pitch of 50 mm, one can see smaller fin spacing results in higher
pressure drops and lower heat transfer coefficients.

For the staggered arrangement, the effect of tube diameter on the airside performance
is analogous to that of inline arrangement but to a comparatively small extent. This is
because the recirculation zone behind the tube row is much smaller in a staggered
arrangement. The effect of the fin height on the pressure drops is much smaller than
that of inline arrangement due to the major contribution to the pressure drops is from
the blockage of the subseguent tube row in a staggered arrangement.

The effect of fin spacing on the airside performance for staggered arrangement also
vanes with the transverse tube pitch. For a smaller transverse tube pitch of 50 mm,
there is no appreciable influence of the fin spacing on heat transfer. On the contrary,
at a larger transverse tube pitch of 84 mm, one can see smaller fin spacing leads to
lower heat transfer coefficients. This is also attributed to the presence of airflow pass
effect.

Correlations of the present crimped spiral fins in both staggered and inline
arrangement are developed. The proposed correlations give fairly good predictive

ability against the present test data.



43

CHAPTER 4
AIR-SIDE PERFORMANCE OF HEAT EXCHANGER USING CRIMPED
SPIRAL FINS, A CASE STUDY OF COOLING COIL

4.1 Introduction

For practical waste heat recovery system, the heat exchanger may accompany with
condensation of moisture air on the heat exchanger surface. Although the designers try to
avoid this situation due to considerably comrosive problem associated with it,
condensation may still take place from time to time. This is commonly encountered if the
load 1s not constant such as small boilers where the steam consumption varies with time
and the flue gas temperature fluctuates in wide range. In that regard, the airside
performance in the presence of dehunudification is rather important. Unfortunately, there
are simply no data reported for the crimped spiral finned heat exchangers. Hence, it is the
objective of this work is to report the heat transfer and friction characteristic of ¢ross flow
heat exchanger using crimped spiral fin in the presence of dehumidification. Moreover,

the heat iransfer and friction correlations are also developed in this work.

4.2 Data Reduction
The heat transfer rate of cross flow heat exchanger under dehumidifying condition

can be calculated as foliows;
Oy =101, iy =l ) (4.1)
Qu' = If?1‘_Cp]‘_ (T - ‘T\\',fn ) (42)

Note that Equation (4.1) and Equation (4.2) denote heat transfer rate in the air-side
and the tube-side; respectiveiy. In this study, the mathematical average of the heat rate is
used. 1.€..

Q... =050, +0.). (4.3)

=g
The average heat transfer rate is related to the rate equation given in the following
{(enthalpy based potential),
Q.. =U, A Fbi . (4.4)

= avg e e
Where F is the correction facior of unmixed/unmixed configuration.

The log-mean enthalpy potential Aiy, is (Thretkeld [18])
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Af = ('in..-n = ir.om )_ (',".a.ou.r = I-r,in ) (45)

i . - ™
In Lown ~1rom
Iilrr.(;m.l' - lrr,r'a'r

Myers [19] derived the enthalpy-based overall heat transfer coefficient (U, ) 10

individual resistance as

! E x A
LS LT : , : (4.6)
UO-" h-"AP-i kP Aﬂ-”" ho y A,D.o + Af'??f.we: f
) b;,_pAo by A,
where

hoome L (4.7)
i Cp‘a )}w - .

. _+. .

O h k

LIPTH B gt ) W

Note that the ratio of water film thickness and thermal conductivity of waler
{y,/k,}is very small compared to other terms [20] and it is neglected in this study.

The tube side heat transfer coefficient can be calculated from Gmielinski
correlation {11] as

(. 72)Re,,~1000)Pr [k,
= -, (4.8)
1.07 +12.7.,/£,72(pr?"* 1)

d,

!

where

1
(1.58InRe,~328)

f = (4.9)

The four quantities in Equation 4.7 can be estimated foliow the method of Wang

et al. [20] base on the enthalpy-temperature ratios. b, and &, they can be calculated as

Iy =1
v soptm rom
b= pin "l (4.10)
Tp.!.m - T;',m
’ !h.\,p om fs.p‘f.m
b, = , {(4.11)
Tp,o.m T

The quantity b, is the slope of saturated enthalpy curve evaluated at the outer

mean water film temperature at the base surface and can be approximated at the stope of
saturated enthalpy curve evaluated at the base surface temperature of tube [20]. However,

the quantity b, , which defines as the slope of saturated enthalpy curve evaluated at the

outer mean water film temperature at the fin surface, can not be calculated directty.
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Consequently, a wial and error procedure of iteration is needed (Wang et al. [20])
Detailed procedures are in the following:

1. Assume a value of 7, , and calculate the quantity b,

2. Calculate &, from Equation 4.6

3. {(alculate the quantity { by this following retation

5w

' C !'? ' x b
J:-1'-“‘ - = I i} M 1 - UO.WAOJ: br + N }}(I _ir,m )' (4; I 5)
bw‘mhw hA,, kPAP.m
4. Determine the new 7, at i and repeat the procedure again untl the

forrance 1s met.
The wet fin efficiency is calculated as (Wang et at [20]):

. 2r, y K](Mfﬁ-)fl(Mrro)_K](MTrO)IJ(AJTrE) (4.16)
Sonet Mr(?‘g—"‘g) KI(MT’VO)IO(MTFF)-‘-KO(MT}-:)II(MT’VO) ’

<] !

2; *
k2 b, (4.17)
c,.

In this research work, the sensible heat transfer coefficient (/) and the pressure

where

drop of air stream across tube bank are presented in terms of the Colbum factor { ;) and

the friction factor ( /) factors,

. hro 243

ot pn (4.18)
Gmaa it
A 20 AP - 0

PR s (P W R | (4.19)
A(,. L Gr‘ P

4.3 Results and Discussion

4.3.]1 Stageered Arrangement

4.3.1.1 Pressure Drop

The associated pressure drops for all the {est samples are shown in Figures 4.1-
4.4. In Figure 4.1, the influence of tube diameter is examined. As seen in the figure, the
pressure drops for wet condition is only slightly higher than that of dry condition. This is
because the fin spacing in this figure is comparatively large (3.85 mm). In that respect,

the condensate can easily drain without adhering to the interspacing of fins, thereby



giving only a slight increase of pressure drops of the wet surface relative to dry
conditions. However, one can find a considerable influence of tube size on the total
pressure drop. For the same frontal velocity of 1.5 m/s, the associated pressure drop for d,
= 27.2 mm is roughly 2.5 times higher that of d, = 17. 3 mm.

The effect of fin height on the total pressure drops is shown in Figure 4.2. The
pressure drops increase with fin height because of more fin surface js provided. The
effective surface area of /i = 0.015 m is roughly 30% higher than that of , = 0.01 m and
the comesponding increase of pressure drop is also around 30~40% which indicate a
linear relationship of the fin height and total pressure drop. Conversely, one can go back
to Figure 4.1 where the effective surface area increase caused by the tube size is less than
10% because the surface area is dominated by secondary surface (fins). However, the
pressure drops is greatly increased with the tube size. The excess pressure drop are
attributed to (1) large form drag of the large tube; and (2) ineffective flow separation zone
behind the tube which may increase its influence to further downstream and results in
more pressure drops associated with it. This phenomenon is analogous to the continuous
fin pattern reported by Wang et al. [21].

The effect of fin spacing on the pressure drops is shown in Figure 4.4. Notice that
there ts very small difference between dry and wet conditions since the tube diameter and
fin height is relatively small which in term helps to drain the water condensate. Again
smaller fin spacing increases the effective surface area and correspondingly higher

pressure drops. In essence, the pressure drop increases with tube diameter (do), fin height
(7,) and decrease with it for a smaller fin spacing (/, ). Among them, the influence of

tube diameter is most pronounced. The effect of tube arrangement is also found in Figure
4.3-4.4. Higher transverse pitch of tube bank (S,) gives 11se to lower pressure drop.
Again this s also attributed to the increase of surface area. The relevant influences of

geometric parameters on the friction characteristics are correlated in terms of friction

factor, and is given as,

g 0.3956 p —03728 , S 1.2804 J ~01738
f=17.02 RC-DO'%S(’ - L0 t' S o ‘ (4.20)
S, 7 S, d,

From Figure 4.5, one can see the proposed friction factor correlation can predict

75% of the experimental data within £15% accuracy.
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Figure 4.1 Comparisons of the pressure drep in dry and wet condition

in case of different tube diameter.
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Figure 4.2 Comparisons of the pressure drop 10 dry and wet condition

in case of different fin height.
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Figure 4.5 Comparison of the frictional data with the proposed correlation.

4.3.1.2 Sensible heat rransfer coefficient

The related heat transfer coefficients vs. frontal velocity for all the test samples
are shown m Figures 4.6-4.10. For comparnison purpose, the relevant heat transfer
coefficient in dry condition is also shown in the figure. It is found that the heat transfer
coefficient of wel surface is shghtly Jower than that of dry surface. Actually, there are
many studies showing the companson of the heat transfer coefficients between wet and
dry surface heat exchanger. Some studies indicated that the heat transfer coefficient is
augmented in wel surface conditions, such as Myers [19], Elmahdy [22] and Eckels and
Rabas {23} who reported results for the continuous plate finned tube. These investigators
argucd thut the presence of water condensate may roughen the heat wransfer surface.
leading to higher heat iransfer coefficient. However, some of the studies showed a drop
of heat ransfer coefficient of wet surface. such as the wavy finned tube heat exchanger by
Mirth and Ramadbyani {24} who reported about 17-50% decreasing of heat transfer
coefficient of wet surface. One possible cause of the degradation is due 10 water film
resistance and condensate blocking. Moreover Wang et al. {20] shows the decreasing of

the Colbum ; factor of plate finned tube heat exchangers when the Reynolds number

lower than 2.000. However, at the higher Reynolds number, the ; factor of wet surface is
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slightly higher than that of dry surface. The present results are generally in agreement

with the trend of Wang et al. [20].
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Figure 4.6 Comparisons of the heat transfer coefficient in dry and wet condition

in case of different tube diameter.

The effect of tube diameter on the heat transfer performance is shows in Figure

4.6, it 15 found that the larger tube diameter (4, = 27.2 mm} has a lower heat transfer

coefficient than that of the small one (4, = 17.3 mm). This phenomenon is attributed to

the ineffective area behind the tube increases with the tube diameter. Wang et al. [15]
performed flow wvisualizations via dye injection technique for fin-and-tube heat
exchangers having inline arrangement. Their visual results unveil a very huge flow
circulation behind the tube row. Consequently this huge recirculation not only contributes
to the decrease of heat wransfer coefficient but alse to the rise of pressure drop as shown in
the preceding discussions. In addition, the huge recirculation may also block the
subseguent tube row and degrade the heat transfer performance hereafter.

Figure 4.7 shows the effect of {in height on the heat transfer coefficient. As seen
in the figure, the influence of the fin height is negligible 1n wet condition. For the fully

dry case. the previous chapter reporis the 15 mun fin height gives lower heat transfer



coefficient than that of 10 mun. This result comes from the airflow by pass effect.
Actually the airflow is prone to flowing the portion where the flow resistance is small. In

case of f, = 15 mm, the airflow resistance across the finned tube portion s larger than

that of f, = 10 mm. Therefore, part of the dirccted airflow just bypass the tube row

without effective contribution to the heat transfer, hence showing a lower heat transfer
coefficient. However, 1n case of wet surface, the condensate of water vapor covering the
surface of heat exchanger become dominant and it increases the airflow resistance around

tube. Therefore the effect of fin height is comparatively reduced.

g - - - -

fs = 3.85 mm, do = 21.7 mm, 5 = 55.6 mm, 51 =48.2 mm
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-t - h = 10 mm, dry JANNIRY

60 - - O Mh=15mmm dry Y
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Figure 4.7 Comparisons of the heat iransfer coefficient in dry and wet condition

in case of different fin height.

The effect of fin spacing shown in Figures 4.8 and 4.9. As seen in the figure, the
effect of fin spacing 1s small. However, small fin spacing tends to have lower heat

rransfer coefficient, and this is particularly pronounced in Figure 4.9 where S, = 84 mm
and S, = 24.2 mm. This result may be related to the water condensate effect. The

presence of water condensate increases the air flow resistances into the heat exchanger,
thereby causing more airflow to bypass. This phenomenon becomes more sigmficant with

S, = 84 mm because more bypass airflow. In that regard, one can see a moderately
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decrease of heat transfer coefficient at smaller fin spacing. The reports of McQuiston
[25,26] also show the decreasing of sensible heat transfer coefficient when the fin density

1s higher than 10 fins per inch.
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Figure 4.8 Comparisons of the heat transfer coefficient in dry and wet condition

in case of different fin spacing at S, = 72 mm and §; = 36 mum.

Figure 4.10 shows the effect of tube arrangement on the sensible heat transfer
coefficient. It is found that higher transverse tube pitch tends to have lower heat transfer
coefficient and again this result 1s attributed to the airflow bypass effect. In case of §, =
84 mm and §, = 24.2 mm, more airflow is prone to flowing across the space between
adjacent tube. Therefore, the amount of air stream contributed to the heat transfer is
decreased when compared to that of §, =72 mm and §, =36 mm.

The associated effect of geometric parameters on the heat transfer performance

are correlated 1n terms of the Colbum / factor, and is given as,

=-2.5650 0.7905 0.2391 0.2761
S d
j=0.0208Re™ de L 2 : (4.21)
3 ) s e,

where
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m = 02871+ 0.5322[%} 1 .2856[%) + 0.1845{%). (4.22)
)

! 5

In Figure 4.11, one can see the proposed jcorrelation can predict 95% of the

experimental data within £15% accuracy.
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Figure 4.9 Comparisons of the heat transfer coefficient in dry and wet condition

in case of different fin spacing at §; = 84 mm and 5 = 24.2 mm.
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4.3.2 Inline Arrangement

4.3.2.1 Pressure Drop

Figures 4.12-4.15 show the air stream pressure drops in the cross flow heat
exchanger. It is found that the air stream pressure drop increases with the frontal velocity
of air. Moreover, when compare with the result obtained from previous chapter in the
case of dry surface heat exchanger, the pressure drop is slightly higher than that of dry

surface. This is because only small amount of water vapor is condensed on the heat

exchanger surface.

Figures 4.12-4.14 also show the pressure drop increases with tube diameter (d,)
and fin height (/). However, it decreases with the increasing of fin spacing (/, ). These

phenomena come from the increasing of surface area resulted in higher the airflow
resistance. The effect of tube arrangement is also found in Figure 4.15. Higher transverse

pitch of tube bank (S,) gives Jower pressure drop.
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Figure 4.12 Effect of tube diameter on the pressure drop.
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Figure 4.13 Effect of fin height on the pressure drop.
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Figure 4.14 Effect of fin spacing on the pressure drop.
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In this research, the correlation for predicting the air stream pressure drop

including the effect of varicus quantities is also developed and the mode] is in a form of

J ~0.1781 f ~(.5391 S -0 7891 d 01177
= 494 =-0.8131 [ i Hr o . 423
/ PRE [SrJ [LJ [51} ' [df} ( )

From Figure 4.16, it is found that the fmodel can predict about 82.3% of the

experimental data within £15% accuracy.

4.3.2.2 Sensible heat transfer coefficient

Figure 4.17 shows the effect of tube diameter on the sensible heat transfer
coefficient at various frontal velocities of air stream. The fin spacing (3.85 mm), fin
thickness (0.4 mm), and the fin height (10 mm) are taken for this comparison. The
transverse and the longitudinal tube pitches are 5¢ mm. As expected, the heat transfer
coefficient rises with the frontal velocity. However, it is interesting to note that the heat
transfer coefficient increases with the reduction of tube diameter. Tlus phenomenon 15
attributed to the ineffective area behind the tube which increases with the tube diameter
especially, the inline arrangement. Wang et al, [15] performed flow visualizations via dye
injection technique for fin-and-tube heat exchangers having inline airangement. Their
visual results unveil a very large flow circulation behind the tube row. Consequently this
targe recirculation does not only contrnibute to the decrease of heat transfer coefficient but
also 1o the rise of pressure drop. In addition, the large recirculation may also block the
subsequent tube row and degrades the heat transfer performance hereafter.

Figure 4.19 shows the effect of fin height on the airside performance for inline
arrangement. In this comparison. the associated fin heights are 10 and 15 mm and the fin
spacing and the tube diameter are 3.85 mm and 21.7 mm with the transverse and the
longitudinal pitches are 71.4 and 50 mm, respectively. As seen in the figure, the influence
of fin height shows tremendous influence on the heal transfer performance. The heat
transfer coefficients drop drastically with the increase of fin height. This is probably due
to the airflow bypass effect. Actually the airflow is prone to flowing the portion where the
flow resistance is small. In case of f, = 15 mm, the airflow resistance around fin wbe is
larger than that for f, = 10 mm. Therefore, part of the directed airflow just bypasses the
tube row without effective contribution to the heat wansfer and lower heat transfer

coefficient is obtained.
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Figure 4.18 Effect of fin height on the sensible heat transfer coefficient.
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The effect of the fin spacing on the airside performance js shown in Figare 4.19. 1t
was found that the increase of fin spacing gives a rise fo the heat transfer coefficient. An
explanation of this phenomenon is the same as that in the previous case which concludes
that the resuit comes from the airflow bypass effect. The result of airflow bypass effect is
also shown in Figure 4.20. It can be seen that the high transverse tube pitch {§; =714

mm) gives lower heat transfer coefficient than that of the low value ($,= 50 mm).
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L~ 00023Ren ™ (do/ S i)
o (S50 (dorig” "
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Figure 4.2 The comparison of f factor from experiment and correlation.

Companson of the heat transfer coefficient under dehumidifying process with that
of non-dehumidifying condition is also shown in Figures 4.17-4.20. The heat transfer
phenomena of the wet surface heat exchanger are close 10 those of the dry surface.
However, the heat transfer coefficient of the wet surface is lower than that of dry surface.
The explanation is the same as the staggered amrangement that the present results are
generally in agreement with the trend of Wang et al. [20].

In this research, the correlation for predicting the Colbum ; factor including the

effect of vanous quantities is also developed and the model is

J -5 8433 -0.6457 S 2.9000 d B.6111
J=0.0023Re}| = L — £ \ (4.24)
Sr fs S: d f
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where

d b
m =0.4987 +1.0593] % | +0.4263] Lo | 18579 Lo | (4.25)
S /. d,

! ¥

It is found that the jmodel can predict about 85.7% of the experimental data

within £15% accuracy. The comparison is also shown in Figure 4.21.

4.4 Conclusion

This study experimentally investigated the airside performance of a cross: flow
heat exchangers having crimped spiral configurations under the dehumidification. The
effects of tube diameter, fin spacing, transverse tube pitch are examined. Based on the
experimental observations, the following results are concluded:

8. The pressure drop of wet surface heat exchanger increases with the mass flow rate of
air and the result is shightly higher or close to that of dry surface because only water
condensate can be easily drained in the present comparatively large fin spacing and
individual finned configuration.

9. The heat transfer coefficient of wet surface is slightly Jower than that of dry surface.

10. The effect of tube diameter on the airside performance is significant. Larger tube
diameter not only gives 11se to lower heat fransfer coefficient but also contribute
signtficantly to the increase of pressure drops. This phenomenon is applicable in both
dry and wet condition.

1. For wet surface, the influence of fin height is negligible whereas there is a small effect
n dry surface.

12. The effect of fin spacing on the heat transfer performance is rather small. However,
the increasing of fin spacing tends to have a lower heat transfer coefficient.

13. The tube arrangement plays an importance role on the heat transfer coefficient, the
lower transverse pitch gives the highier heat transfer coefficient.

14. Airside performance in the present study is presented in terms of f and the ; factor.
The proposed correlations in case of staggered arrangement can predict 75% and 95%
of experimental data within £15%. In case of inline arrangement, the proposed
correlations can predict the j and the f factors can estimated about 85.7% and 82.3%

of experimental data within £15% accuracy.
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CHAPTER 5
RESEARCH OUTPUT

The output of this research work can be classified into two groups. The first group
is the advantage of this work that can help the designer who design the cross flow heat
exchanger using crimped spiral finned tube producing from Thai industry.

The second output of this work is the publication. The researchers published the

resecarch resulf as follows:

The international journal

1. Nuntaphan A., Kiatsirircat T., Wang C.C., Airside Performance at Low Reynolds
Number of Cross Flow Heat Exchanger Using Crimped Spiral Fins, Int.
Communications in Heat and Mass Transfer, Accepted.

2. Nuataphan A., Kiatsiriroat T., Wang C.C., Heat Transfer and Friction
Characteristics of Crimped Spiral Finned Heat Exchangers With Dehumidification,
Applied Themmal Engineering, Submitted.

The national journal
1. Nuntaphan A., Kiatsiriroat T., Thermal Behavior of Crimped Spiral Fin Tube Bank
Under Dehumidifying Process: A Case Study of [nline Arrangement,
Songklanakarin I. of Sci. and Tech., Accepted
Conference
I. Nuntaphan A., Kiatsiriroat T., Heat Transfer Characteristic of Cross Flow Heat
Exchanger Using Crimped Spiral Fins a Case Study of Staggered Arrangement,
17" Conference on Mechanical Engineering Network of Thailand, Prachinburi,
2003
2. Nuntaphan A., Kiatsiriroat T., Air-side Heat Transfer Coefficient of Thermosyphon
Heal Pipe with Crimped Spiral Fins: a Case Study of Staggered Arrangement, 2™ |

Conference on Heat and Mass Transfer in Thermal Equipment, Chiang Mai. 2003

The detail of each paper is shown in the appendix.
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ABSTRACT

A total of 23 cross flow heat exchangers having crimped spiral configurations is studied. The effect
of tube diameter, fin spacing, transverse tube pitch, and tube arrangements are exarmined. For the
inline arcangement, the pressure drop increases with the rise of wbe diameter but the associated heat
transfer coefficient decreases with it. The increase of fin height also gives rise to considerable
increase of pressure drop and decrease of heat wansfer coefficients for the inline arrangement.
However. for the staggered arrangement, the effect of the fin height on the pressure drop is much
smaller than that of the inline arrangement due to the major contribution to the 1otal pressure drops
from the blockage of the arflow from staggered arrangement. Effect of the fin spacing on the airside
performance is swrongly refated to the transverse tube pitch for both inline and staggered
arrangements. Correlations of the present crimped spiral fins in both staggered and inline
arrangements are developed. The proposed cerrelations give fairly good predictive ability agamst
the present test data.

Introduction
There are many types of heat exchanger applicable 10 the recovery of waste heat such as sheli-and-mube,
plate, and cross-flow heat exchangers. Among them, the cross flow type is especially suitable for recovering heat
from high the temperature air. Normally, the liquid always flows inside the tube whereas the gas flows across the

tube bank. Because the dominant resistance occurs on the airside. it is a common practice to employ fins (such as
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circular fing) on the ube bundle 1o increase the gas side performance. For circular fin geometies, there are many
empirical correlations available in the literature such as the correlations of Briggs and Young [1]. Rebinson and
Briggs [2], Rabas et al. [3] and ESDU [4] for evaluating the awr side heat wansfer coefficiem and pressure drop of the
stageered tube bank

In case of inline arrangement, despite of its comparatively low hear transfer perforinance, its lower pressure
drop and high reliability (easy to maintain and clean} are very aftractive in very severe environment. For the heat
mansfer performance, Schmidt (3] recommended a correlation for predicting the heat transfer cocfficiem of the
inline arrangement.

However, circular fin implemented in typically industrial application is usually in the form of crimped spiral
fin as shown in Fig. 1. Unformunately, there is no airside data reported in the literature. In this regard, if is the
objective of this study to present relevant airside data of the erimped spiral fins. Especially in case of low Reynolds
number of air stream which is the condition of the cross flow heat exchanger recovering heat from the flue gas of
small package boiler which is many in Thailand. The relevant important geometric parameters such as rube
diameter. fin spacing, fin height, and tube spacing influencing the airside performance are also investigated.

Moreover the empincal correlations capable of evaluaring the airside performance are also developed.

FIG. 1

Schematic of the crimped spiral fin geometry
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FIG.2

Schematic diagram of the experimental setup
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Experimental Set-up

Fig. 2 presents the schematic of the experimental setup. The air stream at room temperature flows through the
mbe bank with hot waier circulated inside the tubes. In this experiment, the water flow rate is kept at a constant
flowrate of 8 L/min. An accurate flowmeter is used for the measurement with a precision of 0.1 L/min. The inlet
temperature of water is maintained at 65°C. Both of the inlet and outlet temperatures of water are measured by a set

of calibrated T-type thermocouples and the signals are recorded by a temperature daia logger.

Table }
Geometric dimensions of cross flow heat exchanger

do dr’ fr -f;: fr Sr Sa‘

No i, n, arrangement
(mm) (mm)  (om)  (nm)  (mm)  (mm) _ (om)

1 173 133 610 100 04 50.0 500 4 10 mhne

2 217 165 630 100 0.4 714 500 4 7 inline

3 21,7 165 620 100 0.4 50.0 500 4 10 inline

4 21,7 165 3853 100 0.4 714 500 4 7 nline

5 21,7 165 385 100 0.4 50.0 500 4 10 mline

o 21.7 165 285 100 0.4 71.4 500 4 7 inline

7 21.7 165 285 10.0 04 500 500 4 10 inline

8 217 165 385 150 0.4 714 500 4 7 inline

g 27.2 216 385 100 0.4 500 5040 4 10 inline
10 217 165 610 100 0.4 720 3640 4 6 staggered
11 217 165 385 100 04 720 3640 4 6 staggered
12 2.7 1653 285 100 0.4 720 360 4 6 staggered
13 217 165 610 100 0.4 840 242 4 5 staggered
14 21.7 165  3.85 10.0 ¢4 84.0 242 4 5 staggered
) 217 165  2.85 10.0 0.4 84.0 242 4 5 staggered
16 217 165 610 100 04 500 433 4 o staggered
17 21.7 16.5 3.85 10.0 0.4 500 433 4 9 staggered
18 21.7 165 285 10,0 0.4 500 433 4 9 staggered
19 21,7 165 610 100 0.4 356 48.2 4 8 staggered
20 217 165 385 100 0.4 556 482 4 8 staggered
21 21.7 16.5 285 10.0 0.4 556 482 4 3 staggered
22 217 165 385 15.0 0.4 556 482 4 8 staggered
23 272 216 385 100 0.4 500 433 4 9 staggered

v ‘
L 5PnC 0000
o z.’I air OOOO OOOO
: L 0Y0% Q000
IPSepge &Ioooo
' RCARS -
Crimped Spiral Mins b
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FIG. 3

Details of crimped spiral fins geometry and tube arrangements
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The airflow acrass the heat exchanger is generated by 2 1.5 kW centnifugal air blower with the controllable
range of 0.1-0.5 kgss by using a frequency inverter. The mass flow rate of air sircam Is measured by a standard
nozzle and an inclined manometer with 0.5 Pa accuracy. The inlet and the outlet temperatures of air stream are also
measured by another set of T-type thermocouple mesh. The inlet and outlet temperature measuring meshes consist
of 16 and 41 thermocouples, respecuvely. Note that all of thermocouples have been calibrated to 20.1 °C accuracy.
The pressure drop across the heat exchanger is also measured by the inclined manometer with £0.5 Pz accuracy.

A 1otal of 23 crimped spiral fin heat exchangers having various geometric parameters are tested in this study.
Table 1 lists the details of the tested samples. Relevant definitions of the geometrical parameiters can be also shown
in Fig. 3. Notice that both inline and staggered arrangements are tested in this study. The cffects of tuhe (iiameter,

fin height. fin spacing, fin thickness, and {ube arrangements on the airside performance are examined accordingly.

Data Reduction

Durnmng the experiment, hot water flowing inside the tube bank transfers heat to the ouiside air. The airside
and the tube side heat transfer rates can be caleulated as
Q, =, Cp,(T,, ~T,), ()
Q, =, Cp, (T, =T, ), @
Where @, and @, are the heat transfer rate of air and water respectively. In this experiment, the heat transfer

rale used in the calculation is the mathematical average of the air side and the tube side heat transfer rates as
Qru-r = OS(Q(? + Qn' ) " (3)
The performance of the heat exchangers is analyzed by conventional £-NTU technique, the effectiveness is

defined as

£= G 4
h (mlcp)min &Tmax ‘ ( )

The refationship of the effectiveness and the number of transfer unit (NTU) for the present 4 tube rows
configurauon is as follow {(ESDU [6]);

=%J1 - e*“’f'[l +C KM o-ak + k) alc VK4 —W*@J ’ ©
l

K=t-g s, (6}
LA
NTU = ————
(#Cp) "
(mcp)mln
- (mcp)mz_\c ' (8)

Once the overall resistance is obtained from egs. (1-8), the heal transfer coefficients can be obtained from the
following overall resistance equation:

1 1 n(d, /d,} I
— -+ -+ - (9}
Ud ~ nh, 4 2kl kA,

oe e
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Where # is the heat transfer coefficient, A is the surface area. 4 is tube diameter, £ 15 total tube length, £ is
thermal conductivity of tube material. n, is surface efficiency and the subscripts o.7 denote the air side and the

tube side, respecuvely. The tube side heat transfer coefficient can be calculated from Gnielinski correlation [7] as

kY (Re,,-1000)Pr(f, 12}

5= £ : (30)
d ) 1412247 2P 1)

£, =[1.58In{Re ,, )~ 3.28}7, (1)

Where Re,, is the tube-side Reynolds number. The relation of the surface efficiency in €q. (9) and the fin

efficiency 7 is
A
7, =1-—L(l~7), (12)
A
A=A, +4,, (13}

Where 4, is the total surface area of finned tube, A, 15 surface area of fin, 4, is the surface area of the bare

tube. The fin efficiency rp can be approximated from the Schmidt approximation {8):

n= Ianh(mrqe})‘ (14)

nrg
where

= | 2o , (15)
ki,
R, R

gai:{——-i- J{]+0.35In[—°"-ﬂ, (16)
r Fr

R, Xy (X .

=127 L3, (17

r rolXy,

oS, 72) s,

/\1 = (]8)

)
X, =055, (19)

where &, 1s thexmal conductivity of the fin, §, and §, are wansverse and longirudinal pitches of the tube bank and

f is fin thuckness.

The to1al surface area of finned tube and the total surface area of the fin can be estimaied by assuming equal

to that of the circular fin as [9]:

4 = f”i”f osle, -a)+d,r,+a,r,), 20)
A, = %(015(@2 -4 )vd, 1), (21

where # is the total number of tube. d . 1s outer diameter of finmed wbe, f, is spacing berween adjacent fin and 7,

£

is fin thickness.
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In this study, the air side heat wansfer coefficient and the pressure drop across tube bank are m the form of

the Colburn ; factor and the fanning friction factor ( f ) respectively and these factor are defined as

j=._hﬂ_[ili {22)
pﬂcpu max
. P -
f=dep | 228 _(1+o--{&_ ] _ (23)
Aopm G{'- J'OO

where ¥, is the maximum air velocity of tube bank base on the minimum flow area, A, 1s the munimum flow area,

& is the contraction ratio, . is the mass flux of air flow based on the minimum flow area and the subscripts £, o, m

represent the inlel, cutlet, and mean value, respectively.

Results and Discussion

Inline Arrangement

In the case of inlme arrangement, there are nine samples of inline arrangement as shown in Table 1. Fig. 4
shows the effect of tube diameter on the airside performance. Results are termed as heat transfer coefficient and the
pressure drop vs. frontal velocity. In this comparison, the fin spacing (3.85 mm), fin thickness (0.4 mum), and the {in
height (10 nun} are all the same. The transverse and the longitudinal tube pitches are 30 mm. As expected, the
pressure drop tises with the tube diameter. However, it 15 interesting 10 note that (he heat transfer coefficient
increases with the reduction of tube diameter. It is likely that this phenomenon is aftributed to the weffective area
behind the tube increases with the tube diameier. The ineffective are is especially pronounced for an inline
armangement. Wang et al. [11] performed flow visualizations via dye injection technique for fin-and-tube heat
exchangers having inline arrangement. Their visual results unveil a very huge fiow circulation behind the wbe row.
Consequently this huge recirculation not enly contributes to the decrease of heat transfer coefficient but also to the
rise of pressure drop. In addition, the huge recirculation may alse block the subsequent tube row and degrade the
heat transfer performance hereafier.

Fig. 5 shows the effect of fin heigbt on the airside performance for mlime arrangement. In this comparison,
the associated fin heights are 10 and 15 mm and the fin spacing and the tube diameter are 3.85 mm and 21.7 mum
with the transverse and the longitudinal pitches are 71.4 and 50 mm, respectively. As seen in the figure, the
influence of fin height shows tremendous influence on the heat wansfer performance and the pressure drop.
Although the increase of fin height is only 50%, the corresponding mncrease of fin surface area 1s roughly 53% thai
evenfually leads to a dramartic increase of pressure drop {roughly 100%). Unlike those of pressure crops. the heat
transfer coefficients are dropped drastically with the increase of fin height. This 15 probably due 1o the airflow
bypass effect. Acrually the airflow 1s prone to flowing the portion where the flow resistance 18 small. In case of f;, =
13 mm. the arrflow resistance around fin tube is larger than f, = 10 mm. Therefore, part of the directed airflow just
bypass the tube row without effective centribution to the heat ransfer and lower beat ransfer coefficient 1s obtained.

The effects of the fin spacing on the airside performance at different transverse mbe pitch (50 and 71.4
mun) are shown 1o Fig. 6. At a larger wansverse tube pitch of 71.4 mm, one can see the effect of fin spacimg on
pressure drops 1s rather small. Surprisingly, the reduction of the fin spacing does not give nise fo the pressure drops.

This may be related to the presence of the bypass airflow berween the tubes. Since the bypass airflow does not
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increase the pressure drops. therefore no detectable change of pressure drops is seen at a very large wansverse tube
piich of 71.4 mm. On the conwrary, the reduction of fin spacing give nse 1o pressure drops at a srnaller transverse
tube pitch of S, = 50 mm, This is due to the significant decrease of bypass airflow and the reduction of the associaied
hydraulic diameter. From Fig. 6, it is also found that the increase of fin spacing give rise to heat transfer coefficient.
An explanation of this phenomenon 1s the same as the effect of fin height that the result comes from airflow bypass
effect. As is known, the corresponding pressure drop rises with the decrease fin spacing. Therefore, lower fin

spacing gets higher bypass airflow and the heat ransfer coefficient is decreased at smaller {in spacing.
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Effect of fin beight on the awrside performance for the inline arrangement
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Staggered Arrangement

For siaggered arrangement, Fig. 7 shows effect of tube diameter on the air side performance. The geometrical
parameters of fin spacing, fin height, wansverse pitch and longitudinal pitch are 3.85 mm. 10 mum, 50 mm and 4.33
mm, respectively. Analogous to that of inline arrangement but the influence is comparatively less ta some extent. the
heat transfer coefficient and the pressure drop decrease with the tube diamefer. Explanation of this phenomenon is
the same as that of inhine arrangement. However, the recirculation region for staggered arrangement behind the mbe
is much smaller than that of the inline arrangement due to the auflow across the adjacent tubes i1s directed by the
subsequent tube row. The directed oblique airflow will reduce the recirculation area behind the tube. This
phenomenon can be also made clear from the flow visualization experiment by Wang et al. [12] in staggered
arrangement. Their visualization indicated a much smaller recirculation area of the staggered arrangement than that
ol injine arrangement.

The effect of fin height on the airside performance is shawn n Fig. §. It is found that the heat transfer
coefficients of /; = 10 mm are slightly higher than those of f; = 15 mm and the explananion is similar to that of inline
arrangement. However. the pressure drops for both fin height are aboul the same irrespective of the fin area of f;, =
15 mm are approximately 53% lugt-)er than that of £, = 10 mm. The resuits are quite different from those of indine

arrangement in which one can see an approximately two times increase of pressure drops for f;, = 15 mm relative to



6

that of £, = 10 mm. Explanation of this phenomenon can be made clear as follows. Far the same fin height of f; =10
mm. one can see a dramanc increase of pressure drops of six times for staggered arrangement relative 10 that of
inline arrangement. This implies the major contribution to the total pressure drops comes from the type of
arrangernent. For stapgered arrangement, the airflow is directed by the subsequent tube row in which most of the
pressure 1oss is generated. On the contrary, since the air flow across the inline arrangement is not directed by the
subsequent tube row. The pressure drop is mainly affected by the friction caused by the fins and the recirculation
area behind the tube. Thus one can see a very small increase of the pressure drop with the rise of fin height for
staggered arrangement.

Fig. 9 shows the cffect of fin spacing, and S, on the airside heat transfer coefficients and pressure drops. The
tube diameter is 21.7 mm and the fin height is 10 mm. From Fig. §, it can be concluded that higher fin spacing gives
lower pressure drops. For a smaller transverse tube pitch (S, = 50 mm), one can sec the effect of fin spacing on the
heat wansfer coefficients is negligible. This result ig analogous to that of continuous fin geomenry as reported by
Rich [12] and Wang et al. [14]). However, for a larger transverse pitch of 84 mm the heat transfer coefficients
decrease wilh the decrease of fin spacing. Again explanation of this phenomenon may arise tfrom the influence of
airflow bypass effect. As is known, the corresponding pressure drop rises with the decrease fin spacing. As a
consequence. although the airflow is directed by the tube row, the airflow is prone to flowing the portion where the
flow resistance is smaller. For a very large of wansverse tube pitch of 84 mm, part of the directed airflow just bypass
the wbe row and fin without effective contribution to the heat transfer, thereby causing a drop of heat transfer
coefficients at smaller fin spacing. This flow bypass phenomenon becomes much where the transverse tube pitch is

reduced. Therefore, one can see no appreciable change of heat transfer coefficients for S, = 30 mum,
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Empirical Correlations
Based on the previous discussions, It 18 obvious from the test data thal no single curve can be expected o

describe the complex behaviors about the heat wansfer and frictional characteristics in both inline and staggered
arrangements, For easier engineering calculations, we had performed muluple linear regression technique to obtamn

the relevant correlations. The corresponding correlations are given as follows:
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Correlation of the heat transfer performance of the inhne arrangement:

f -0.8363 S 19934 S 120 d 31720
L -4 0.0637| Jo 21 2 .—L (24
prasmanene (4] (32318 >

Correlation of the heat ansfer performance of the staggered arrangement:

-, 1452 [RE.r 0.8238 G000
o
F=0.1970Re, " L 3 3 £ (25)
S S, d, d,
Correlation of the frictional performance of the inline arrangement:
-0 5% -1 22358 -0.63%4 | 2050
aanl [ by Sr df :
=0.1635Re , " 7| - =4 L L (26)
f 6 CD fs Sr da do
Correlation of the frictional performance of staggered amangement:
=0.2463 1.8680¢ 0301 ~0.4470
=2.1768Re, | L2 e —~ —- (27)
! R S, 4, ..

Figs. 10-11 show the comparison of j and f of the experimental results with the proposed correlations. For

the heat transfer correlations, egs. {24)-(25) can predict 89.7% and 88.4% of the experimental data with 210% and
the friction factor correlations, eqs. (26)-(27) give a predictive ability of 79.6% and 91.3% of the experimental data
within £20%. The standard deviation of the correlations eqs. {24)-(27) are 7.90%, 7.15%, 16.70%, and 13.7%,
respectively.

The corparison of the proposed correlations and the previous correlations are also investigated. In case of
the mhine arrangement, it is found that Schmidt’s correlation [5] can predicis 71.8% of the experimental data with
+30%. Actually, Schmidt's correlation did not include the effect of the geometrical of finned tube. Therefore, lower
accuracy 1s obtained.

In case of the staggered arrangement, the correlations of Briggs and Young [1] and ESDU [4] give
approximately 30% lower than the present correlation and the friction factor correlation of Robinson and Briggs [2)
gives over predicting of the experimental value at low friction factor. These resulis come from the effect of crimped

spira] finned rube which differs from that of the circular finned tube.

Conclusion
The present expenimental study reports the airside performance of the crimped spiral fin heat exchanger. The
effecis of wbe diameter, fin spacing, transverse tube pitch, and mbe arrangements are exanuned. On the basis of
previous discussions. the following conclusions are made:
1. For an inline arrangement, the pressure drops increase with the rise of tube diameter but the assoctated heat
wansfer coefficients decrease with it. The increase of fin height also gives rise to considerable increase of

pressure drop but decrease of heat transfer coefficient.

[

For the inhne arrangement, the effect of fin spacing on the airside performance vanes with the transverse tube
2 g P
pitch. For a larger transverse tube pitch of 71.4 mm, there is an effect on heat transfer coefficient but no

deteciable mfluence of the fin spacing on frictional charactenstics. It is likely that this phenomeneon is related 10
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the considerable airflow bypass between fube rows. On the contrary, at a smaller mansverse tube pitch of 50
mm. one can see smaller fin spacing resulis in higher pressure drops and lower hear transfer coefficients.

For the staggered arrangement, the effect of tube diameter on the airside performance is analogous fo that of
inline arrangement but to a comparatively small extent. This is because the recirculation zone behing the tube
row is much smaller in a staggered arrangement. The effect of the fin height on the pressure drops is much
smaller thao that of inline arrangement due to the major contribution to the pressure drops is fram the blockage
of the subsequent tube row in a staggered arrangement.

The effect of fin spacing on the airside performance for staggered arrangement also varies with the transverse
tube pitch. For a smaller fransverse tube pitch of 50 mm, there is no appreciable influence of ke fin spaging on
heat uansfer. On the contrary, at a larger transverse tube pitch of 84 mm, one can see smaller fin spacing leads
10 lawer heat transfer coefficients. This is also attributed to the presence of airflow pass effect.

Correlations of the present crimped spiral fins in both staggered and inline arrangement are developed. The

proposed correlations give fairly good predictive ability against the present test data.
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Nomenclature Pr Prandtl number
Q Heat wansfer rate (W)
A Ar.ea {m’}) . Re, Reynolds number
A, Minimum flow area (m’) S ;
. Transverse pitch (mm)
Cp Spectfic heat (J/kgK) S~ )
' _ S, Longirudinal pitch {mzm)
d, Outside diameter of {inned
] T Temperature (°C)
tub§ (n11?1) ¥ Overall heat transfer coefficient
d. Inside diameter of bare tube (mm) (Wm'K)
d, Qutside dhameter of bare tube (mm) £ Maximum velocity (mvs)
I Friction factor Greek symbols
1, Fin height (mm) £ Eg"ec.uveness
7 Fin Spacing {mm)} 7 lClE]?C)/ . )
o i Dynamic viscosity (Pas)
1 Fin thickness (mm) ) 5
- Mase flux of a o fel Density (kg/m™)
‘ assiux o alrzbase on mininnm o Conrraction rario of cross
low area {kg/sm”) sectional area
h Heat wansfer coefficient (W/m’K) Subscripts
k Thermal conductivity (W/mK) a Agr
£ Length (mj ave Average
m Mass flow rate (ka/s) b Bare wbe
n, Number of tube rows I Fin
n, Number of tubes in row i Inler. tube side
NTU Number of transfer unit 0 Qutlet, arr side
Nu Nusselt Number w Warter
P Pressure (Pa)
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ABSTRACT

This study experimentally examined the airside performance of a total of 10 cross flow heat
exchangers having crimped spiral configurations under the dehumidification. The effect of
tube diameter, fin spacing, fin height, transverse tube piich, and tube arrangements are
examined. The results indicate that the heat transfer coefficient of wet surface is slightly
lower than that of dry surface. The effect of tube diameter on the airside performance is
significant. Larger tube diameter not ontly gives rise to lower heat transfer coefficient but also
contribute significantly to the imcrease of pressure drops. This phenomenon is applicable in
both dry and wet condition. For wet surface, the influence of fin height is negligible and the
effect of fin spacing on the heat transfer performance is rather small, However, the increasing
of fin spacing tends to have a lower heat transfer coefficient. The tube arrangement plays an
importance role on the heat transfer coefficient, the lower transverse pitch gives the higher
heat wansfer coefficient, The proposed correlations can predict 75% and 95% of experimental
data within 15%.
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1. INTRODUCTION

The cross flow heat exchanger plays an important role in waste heat recovery process.
especially, in econonuzer where flue gas is changing heat with water. Normally, the water is
always flowing inside the tube while the hot gas is flowing outside. Because the heat transfer
resistance at gas-side dominates the heat transfer of h_eat exchanger, many attempts have been
carried out to improve the gas-side heat transfer. Circular fins or Spiral fins are commonly
exploited for recovering heat from flue gas due to ils durability and reliability. A schematic of
the crimped spiral fin is shown in Figure 1. It should be noticed that the inner crimped edge
gives a yood attachment between the fins and the tube.

When using a set of crimped spiral finned tube in the cross flow heat exchanger, the
designer should concern about the heat transfer coefficient and the gas or air stream pressure
drop of the tube bank, Many research works were pertained to the airside performance, such
as Briggs and Young [1], Robinson and Briggs [2] and Rabas et al. [3]. These works are in
association with the circular finned tube bank. For the case of crimped spiral fins, Nuntaphan
et al. [4] had reported the relevant airside performance. However, the aforementioned studies
were performed in fully dry conditions. For practical waste heat recovery system, the heat
exchanger may accompany with condensation of motsture air on the heat exchanger surface.
Although the designers try to avoid this situation due to considerablly corrosive problem
associated with it, condensation may still take place from time to time. This s commonly
encountered if the load is not constant such as small boilers where the sieam consumption
varies with time and the the flue gas temperature fluctuates in wide range. In that regard, the
atrside performance in the presence of dehumidification is rather important. Unfortunately,
there are simply no data reported for the crimped spiral finned heat exchangers. Hence, 1t 1s

the objective of this work is to report the heat transfer and friction characteristic of cross
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flow heat exchanger using crimped spiral fin in the presence of dehumidification. Moreover,

the heat transfer and fnction correlations are also developed in this work.

2. EXPERIMENTAL SET-UP

Figure 2 presents the schematic of the experimental set-up. The hot air stream flows
through the tube bank and the water at room temperature circulates inside the tubes. In this
experiment, the water flow rate is kept constant at 8 L/min. An accurate water flow meter is
used for the measurement with a precision of 0.1 L/min. The inlet temperature of water is
approximately 30°C. Both the inlet and outlet temperatures of water are measured by a set of
catibrated K-type thermocouples and a temperature data logger records these signals.

A 1.5 kW centrifugal air blower accompanied with a frequency inverter having a
controllable range of 0.1-0.5 kg/s air 1s used to conduct flowing air across the heat exchanger,
A standard nozzle and an inclined manometer are adopted to measure the mass flow rate of
air stream. The uncertainty of the inclined manometer is 0.5 Pa accuracy. The inlet
temperature of air stream is kept constant at 65 °C by the set of heaters and the temperature
controller. The inlet and the outlet dry bulb temperatures of air stream are also measured by
another set of two meshes of K-type thermocouples. The inlet and the outlet wet bulb
iemperatures of air stream are also measured. Note that all of thermocoupies have been
catibrated to £0.1 °C accuracy. The pressure drop across the heat exchanger is measured by
another set of inclined manorﬁeter with éaiibrated uhcer-tain“t‘y of = 0.5 Pa accuracy.

A 1otal of 10 crimped spiral fin heat exchangers having various geometric parameters
are tested 1n this study. Table 1 lists the details of the tested samples. Relevant definitions of
the geometrical parameters can be also shown in Figure 3. Notice that the samples are all of
staggered arrangement. The effects of tube diameter, fin height, fin spacing, fin thickness.

and tube arrangements on the airside performance are examined accordingly.
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3. DATA REDUCTION
The heat transfer rate of cross flow heat exchanger under dehumidifying condition can
be calculated as follows:

Qn = mn (la n -in.oui)‘ . (1)

0, =1,C, (T = T ) )

. w0t
Note that Equation (1) and Equation (2) denote heat transfer rate in the air-side and
the tube-side, respectively. In this study, the mathematical average of the heat rate is used,
I.e.,
Qo =050, +0.). (3)
The average heat transfer rate is related to the rate equation given in the following
(enthalpy based potential),
Qg = U, AFAI,. {4)
Where F is the correction factor of unmixed/unmixed configuration.

The log-mean enthalpy potential Aly, is (Threlkeld [57)

— (In.in - Er,au! )- (':o,our - Im‘n )
w . . Ry :
In "n,m - Ir.au.r:
;04011{ - .in

Myers (6] denived the enthalpy-based overall heat transfer coefficient (U, ) to

Ai (5)

individual resistance as

Lo b, A ;
Lﬂro,n ha A,r)..l kp Ap,m ; ( Ap,o + A_.f ??f.we.f ]

(6)

b, , A, bl A

w,p' o w.an e

where
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Pow =7~ (7}

Note that the ratio of water film thickness and thermal conductivity of water (y /&, )

1s very small compared to other terms [7] and it is neglected in this study.

The tube side heat transfer coefficient can be calculated from Gnielinski correlation

(8] as

j = (/,/2XRe ,; —1000)Pr [k,.], )

1.07 +127f, 72(pr* 1)\ d,
where

1

fi = :
(1.581n Re,,—3.28)°

9

The four quantities in Equation 7 can be estimated follow the method of Wang et al.

{7] base on the enthalpy-temperature ratios. 5, and b, they can be calculated as

b: - ‘;.p,f‘m L] , (10)
Tp.i.m - Tr.m
I -i .
b;, = ;p.o,nr ;‘p,a,m ' (1 }.)
poom - prom

The quantity b ,1is the slope of saturated enthalpy curve evaluated at the outer mean
water film temperature at the base surface and can be approximated at the slope of saturated
enthalpy curve evaluated at the base surface temperature of tube [7]. However, the quantity
b, . . which defines as the slope of saturated enthalpy curve evaluated at the outer mean
water film temperature at the fin surface, can not be calculated directly. Consequently, a tral
and errar procedure of iteration is needed (Wang et al. [7]) Detailed procedures are mn the
following:

1. Assume avalue of 7, and calculate the quantity b, ,
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2. Calculate b, from Equation 6

3. Calculate the quantity { by this following relation

F.wLH

C h , o oxb
i,,\._,,, = P o,nnf‘me X{l— Uo_“.Ao|: » + LA :n(i _ I‘J',NI)‘ (15)

b mA,, kA

wom' oo 27 pam

4. Determine thenew T, at i and repeat the procedure again until the torlance

WA Fowom

15 met,

The wet fin efficiency is calculated as (Wang et al [7]):

2r, KM LM, )= K (M e, ) (M, r,
B = , { (M ) (M, ) - K (M, )1 ”))],(16)

Mr(roz _"?2) Kl(MTro)] (MT’?)+K0(MT"})]|(MTF

2}?0.\4’ 2hr.o b:v
M, = - D (17)
kS, Nk S NC,

In this research work, the sensible heat transfer coefficient {2, ) and the pressure

o

where

drop of air stream across tube bank are presented in terms of the Colburn factor { ;) and the

friction factor ( f) factors,

. Jhr.o P 243 - (18)
=—MWMWr 7,
7 G.C
A | 20.AP ? i )
_f: min & p’j _(]+O"{£LA—1‘ . (19}
A, p.| G Po

4. RESULTS AND DISCUSSION
4.1 Pressure drop

The associated pressure drops for all the test samples are shown in Figures 4-7. In
Figure 4, the influence of tube diameter is examined. As seen in the figure, the pressure drops

for wet condition is only slightly higher than that of dry condition. This 1s because the fin
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spacing in this figure is comparatively large (3.85 mm). In that respect, the condensate can
easily drain without adhering to the interspacing of fins, thereby giving only a slight increase
of pressure drops of the wet surface relative to dry conditions. However, one can find a
considerable influence of tube size on the total pressure drop. For the same frontal velocity of
1.5 m/s, the associated pressure drop for d, = 27.2 mm is roughly 2.5 times higher that of 4, =
17. 3 mm. 1

The effect of fin height on the total pressure drops is shown in Figure 5. The pressure
drops increase with fin height because of more fin surface is provided. The effective surface
arca of fp = 0.015 m 1s roughiy 30% higher than that of f;, = 0.01 m and the corresponding
increase of pressure drop is also around 30~40% which indicate a linear relationship of the
fin height and total pressure drop. Conversely, one can go back to Figure 4 where the
effccuive surface area increase caused by the tube size is less than 10% because the surface
area is dominated by secondary surface (fins). However, the pressure drops is greatly
increased with the tube size. The excess pressure drop are atiributed to (1) large form drag of
the large tube; and (2) ineffective flow separation zone behind the tube which may increase
its influence 10 further downstream and results in more pressure drops associated with it. This
phenomenon ts analogous to the continuous fin pattern reported by Wang et al. [9].

The effect of fin spacing on the pressure drops 1s shown in Figure 7. Notice that there
1s very small difference between dry and wet conditions since the tube diameter and fin
height is relatively small which in term helps 10 drain the water condensate. Again smaller fin

spacing increases the effective surface area and correspondingly higher pressure drops. In

essence. the pressure drop increases with tube diameter (4, ), fin height (f,} and decrease
with 1t for a smaller fin spacing (fs ) Among them, the influence of tube diameter is most

pronounced. The effect of tube arrangement 1s also found in Figure 6-7. Higher transverse

pitch of tube bank (S,) aives nse to lower pressure drop. Again this ts also attributed to the
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increase of surface area. The relevant influences of geometric paramelers on the friction

charactenstics are correlated in terms of friction factor, and is given as,

d 03936 ~0.3728 S 1.2804 d - 1738
[ =17.02Re**"| -2 A L ? : (20)
S, 7. S, d,

From Figure 8, one can see the proposed friction factor correlation can predict 75% of

1

the expernimental data within 215% accuracy.

4.2 Sensible heat transfer coefficient

The related heat transfer coefficients vs. frontal veiocity for 2]l the test sampies are
shown in Figures 9-13. For comparison purpose, the relevant heat transfer coefficient in dry
condition 1s also shown in the figure. It is found that the heat transfer coefficient of wet
surface is shghtly lower than that of dry surface. Actually, there are many studies showing
the comparison of the heat transfer coefficients between wet and dry surface heat exchanger.
Some studies indicated that the heat transfer coefficient is augmented in wet surface
conditions. such as Myers [6], Elmahdy [10] and Eckels and Rabas [10] who reported results
for the continuous plate firmed tube. These investigators argued that the presence of water
condensate may roughen the heat transfer surface, leading to higher heat transfer coefficient.
However, some of the studies showed a drop of heat transfer coefficient of wet surface, such
as the wavy finned tube heat exchanger by Mirth and Ramadhyani [12] who reported about
17-50% decreasing of heat transfer coefficieni of wet surface. One possible cause of the
degradation 1s due to water film resistance and condensate blocking. Moreover Wang et al.

[7] shows the decreasing of the Colburn j factor of plate finned tube heat exchangers when
the Reynolds number lower than 2,000. However, at the higher Reynolds number, the ;

factor of wet surface is shightly higher than that of dry surface. The present results are

generally in agreement with the trend of Wang et al. [7].
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The effect of rube diameter on the heat transfer performance is shows in Figure 9, it is

found that the larger tube diameter (4, = 27.2 mm) has a lower heat transfer coefficient than
that of the small one (d,= 17.3 mm). This phenomenon is attributed to the ineffective area

behind the tube increases with the tube diameter. Wang et al. [13] performed flow
visualizations via dye injection technique for fin-and-tube heat exchangers having iniine
arrangement. Their visual results unvell a very huge flow circulation behind the tubé row.
Consequently this huge recirculation not only contributes to the decrease of heat (ransfer
coefficient but also to the rise of pressure drop as shown in the preceding discussions. in
addition, the huge recirculation may also bléck the subsequent tube row and degrade the heat
transfer performance hereafter.

Figure 10 shows the effect of fin height on the heat transfer coefficient. As seen in the
figure. the mfluence of the {in height is negligible in wet condition. For the fully dry case,
Nuntaphan et al {4] reported the 15 mm fin height gives lower heat transfer coefficient than
that of 10 mm. This result comes from the airflow by pass effect. Actually the airflow 1s

prone 10 flowing the portion where the flow resistance is small. In case of f, = 15 mm, the
airflow resistance across the finned tube portion 1s larger than that of f, = 10 mm. Therefore,

part of the directed airflow just bypass the tube row without effective contribution to the heat
transfer, hence showing a lower heat transfer coefficient. However. 1n case of wet surface, the
condensate of water vapor covering the surface of heat exchanger become dominant and it
increases the airflow resistance around tube. Therefore the effect of fin height 1s
comparatively reduced.

The effect of fin spacing shown in Figures 11 and 12. As seen in the figure, the effect
of fin spacing is small. However., small fin spacing tends to have lower heat transfer

coefficient, and this is particularty pronounced in Figure 12 where S, =84 mm and §, = 24.2

mm. This result may be related to the water condensate effect. The presence of waler
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condensate increases the air flow resistances inlo the heat exchanger, thereby causing more
airflow 10 bypass. This phenomenon becomes more significant with S, = 84 mm because
more bypass airflow. In that regard, one can see a moderately decrease of heat transfer
coefficient at smaller fin spacing. The reports of McQuiston [14,15] also show the decreasing
of sensibie heat transfer coefficient when the fin density is higher thap 10 fins per inch.
Figure 13 shows the effect of tube arrangement on the sensible heat transfer
coefficient. It is found that higher transverse tube pitch tends to have lower heat transfer

coefficient and again this result is attributed to the airflow bypass effect. In case of S, = 84
mm and S, = 24.2 mm, more airflow is prone to flowing across the space between adjacent

tube. Therefore, the amount of air stream contnbuted to the heat transfer is decreased when
compared to that of S, =72 mm and §, = 36 mm.

The associated effect of geometric parameters on the heat transfer performance are

correlated in terms of the Colbum j factor, and is given as,

-2.3950 0.7905 02391 076t
J=0.0208Re’] dy S 5 d, (21)
Sr -fs Sf df

where

m=—0.2871+ 0.5322[%} —1.2856{%} + 0.1845(i]. (22)

r 5 A

In Figure 14, one can see the proposed jcorrelation can predict 95% of the

experimental data within £15% accuracy.

5. CONCLUSION
This study experimentally investigated the airside performance of a total of 10 cross

flow heat exchangers having crimped spiral configurations under the dehumidification. The
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effects of tube diameter, fin spacing, transverse tube pitch are examined. Based on the

experimental observations, the following results are concluded:

1.
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Nomenclature

minimum free flow area
total surface area

inside surface area of tube
mean surface area of tube
outside surface area of tube

slope of straight line between the outside and inside tube wall temperature
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e

slope of the air saturation curved at the mean coolant temperature
slope of the air saturation curved at the mean water fllm temperature

of the external surface

slope of the air saturation curve at the mean water film temperature

of the primary surface

moist air specific heat at constant pressure
water specific heat at coolant pressure
outside diameter of finned tube

tube inside diameter

tube outside diameter

friction factor

fin height

in-tube friction factor of water
fin spacing

fin thickness

correction factor

maximum mass velocity based on minimum flow area
sensible heat transfer coefficient for wet coil

nside heat transfer coefficient

total heat transfer coefficient for wet external fin

modified Bessel function solution of the first kind, order 0

modified Bessel function solution of the first kind, order |
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n

air enthalpy

inlet air enthalpy

outlet air enthalpy

saturated air enthalpy at the mean refrigerant temperature
saturated air entﬁalpy at the inlet of refigerant temperature
saturated air enthalpy at the outlet of refrigerant temperature
saturated air enthalpy at the mean instde tube wall temperature
saturated air enthalpy at the mean outside tube wall temperature
saturated air enthalpy at the mean water film temperature of the external surface
mean enthalpy difference

the Colburn factor

modified Bessel function sohution of the second kind, order 0
modified Bessel function solJution of the second kind, order 1
thermal conductivity of fin

thermal conductivity of tube side fluid

thermal conductivity of tube

thermal conductivity of water

parameter

air mass ftow rate
water mass ftow rate
number of tube row

number of tube in each row
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pressure drop
Prandtl number

mathematical average heat transfer rate

air-side heat transfer rate

water side heat transfer rate

distance from the center of the tube to the {in base

distance from the center of the tube to the fin tip

- Reynolds number base on inside diameter of bare tube

Reynolds number base on cutside diameter of bare tube
longitudinat tube pitch

transverse tube pitch

mean temperature of water {ilm

water temperature of at the tube inlet
water temperature of at the tube outlet
mean temperature of the inner tube wall
mean temperature of the outer tube wall
mean temperature of refrigerant coolant
overall heat transfer coefficient
thickness of tube wall

thickness of condensate water film

wet fin efficiency

mass density of inlet air
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mass density of outlet air
mean mass density of air

contraciion ratio
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Table 1 Geometric dimensions of cross flow heat exchanger

do dr‘ fs f.& fr Sr SI

No ", n, arrangement
(mm} {mm) {(mm) (mm} {mm} {mm) {(mm)
1 17.3 133 385 " 100 04 50.0 433 4 9 staggered
2 217 16.5  6.10 100 04 720 360 4 6 staggered
3 21.7 165  3.85 0.0 04 720 360 4 & staggered
4 21.7 165 2.85 100 04 720 360 4 6 staggered
5 21.7 165 610 100 04 840 242 4 5 staggered
6 21.7 16.5 385 100 04 840 242 4 5 staggered
7 21.7 16.5  2.85 100 ¢4 840 242 4 5 staggered
8 21.7 165  3.85 100 04 556 482 4 8 staggered
9 21.7 16.5  3.85 150 04 55,6 482 4 8 staggered
10 272 216 385 100 04 500 433 4 9 staggered
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Figure 1 Details of crimped spiral fin.
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Figure 2 Schematic diagram of the experimental set-up.
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Figure 4 Comparisons of the pressure drop comparison in dry and wet condition

for samples 1 and 10.
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Figure 5 Comparisons of the pressure drop comparison in dry and wet condition

for samples 8 and 9.



25
" f = 10, de = 21.7 mmy S = 72 mm, Si = 36 mm

—O— s =610 nm, wet A
—{3— {5 =3.85 mam, wet )
— 20 " A =2.85mm wet ,'D
=~ <o - 3 =610 mm, dry
jn <o -3-- 5 =385 mm, dry
S’ e -+ f5 =285 mm, dry
3
e 15
-
jom
g .
= 10 .
W
@
-2
=
¥
5
&
O WP Y NP S . R < U IV
0 0.5 1 1.5
Frontal Velocity (m/s)

ANE

Figure 6 Compansons of the pressure drop comparison in dry and wet condition

for samples 2, 3, and 4.
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Figure 7 Comparisons of the pressure drop comparison in dry and wet condition

for samples 5, 6, and 7.
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Figure 9 Comparisons of the heat transfer coefficient in dry and wet condition

for samples 1 and 10.
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Figure 10 Comparisons of the heat transfer coefficient in dry and wet condition

for samples 8 and 9.
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Figure 11 Comparisons of the heat transfer coefficient in dry and wet condition

for samples 2, 3, and 4.
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Thermal Behavior of Crimped Spiral Fin Tube Bank
Under Dehumidifying Process: A Case Study of Inline

Arrangement

Atipoang Nuntaphan' and. Tanongkiat Kiatsiriroat’

Abstract

Nuntaphan, A. and Kiatsiriroat, T.

Thermal Behavior of Crimped Spiral Fin Tube Bank Under Dehumidifying Process:
A Case Study of Inline Arrangement

Songklanakarin J. Sci. Technol.

A cross flow heat exchangers having crimped spiral fin and inline arrangement
configurations under dehumidification is studied. The effect of tube diameter, fin spacing, fin
height, transverse tube pitch are examined. From the experiment, it is found that the heat
ransfer and the frictional characteristics of the heat exchanger under dehumidification is
close to that of the non-debumidifying process. However, the air stream pressure drop and the
heat transfer coefficient of the wet surface heat exchanger are higher and lower than those of
the dry surface respectively. Moreover, equations are developed for predicting the fand the j
factors of a tested heat exchanger. Results from the developed equations agree well with the
experimental data.

Kevwords:  Air-side performance, dehumidification, crimped spiral fins

'Ph.D. (Thermal Technology). Engineer Level 6, Mae Moh Training Center, Electricity
Generating Authority of Thailand, Mae Moh, Lampang 52220, °D.Eng. (Energy
Technology), Professor, Department of Mechanical Engineering, Chiang Mai University,
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The cross flow heat exchanger plays an important role in waste heat recovery process,
especially. in economizer where flue gas exchanges heat with water. Normally. water flows
inside the tube while hot gas flows outside. Because the heat transfer resistance at gas-side
dominates the heat transfer of heat exchanger, many atlempts have been carried out to
improve the gas-side heat transfer. Circular fins or spiral fins are normally used for
recovering heat from flue gas. In this study, the crimped spiral fin was taken and the detail of
crimped spiral finned tube was shown in Figure 1. It should be noticed that the inner crimped

edge gives a good attachment between the fins and the tube.

Figure 1 The crimped spiral fin.

When using a set of crimped spiral finned tubes in a cross flow heat exchanger, the
designer should concern about the heat transfer coefficient and the gas or air stream pressure
drop of the tube bank. Many research works have been performed to find out these values.
such as Briggs and Young [1963], Robinson and Briggs [1966], Rabas et al [1981] and
Schmidt [1963] in case of circular finned tube bank and Nuntaphan and Kiatsirirat [2003] in
case of crimped spiral fins. However, these studies were deal with the dry coil conditions.
Actually, i the case of waste heat recovery system, the heat exchanger faces with
condensation of moisture in the hot gas or air stream at the heat exchanger surface. Although
the designer tries to avoid this condition because the finned tube might be corroded, but in

case of small boiler, condensation of moisture always occurs. There are very few reports
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about the performance of the tube bank particularly the cross flow heat exchanger using
crimped spiral finned especially in case of inline arrangement. Despite of its comparatively
low heat transfer performance, its lower pressure drop and high reliability (easy to maintain
and clean) are very attractive in very severe environment. Therefore, the aim of this work 1s
to study the heat transfer and friction characteristic of cross flow heat exchanger using
crimped spiral fin in case of inline arrangement. This heat exchanger faces with wvapor
condensation. Moreover, the heat transfer and fricthion correlations are also developed in this

work.

EXPERIMENTAL SET-UP

Figure 2 presents (he schematic of the experimental set-up. The hot air stream flows
through the tube bank and the water at room temperature circulates inside the tubes. In this
experiment, the water flow rate is kept constant at 8 L/min. An accurate water flow meter is
used for the measurement with a precision of #0.1 L/min. The inlet temperature of water is
approximately 30°C. Both of the inlet and outlet temperatures of water are measured by a set
of calibrated K-type thermocouples and a temperature data logger records these signals.

A 1.5 kW centrifugal air blower with a frequency inverter with a controllabie range of
0.1-0.5 kg/s ar flowing across the heat exchanger. A standard nozzle and an inclined
manometer measure the mass flow rate of air stream with £0.5 Pa accuracy. The inlet
temperature of air stream 1s kept constant at 65 °C by a set of heaters and a temperature
controller. The inlet and the outlet dry bulb and wet bulb temperatures of the air stream are
also measured by a number of K-type thermocouples which are positioned at various
jocations along the flow cross-sections. Note that all of thermocoupies have been calibrated

to £0.1 °C accuracy. The inclined manometer also measures the pressure drop across the heat

exchanger with £0.5 Pa accuracy.
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Figure 2 Schematic diagram of the experimental set-up.
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Figure 3 Relevant definitions of the geometrical parameters of crimped spiral fins.

A total of 10 crimped spiral fin heat exchangers having various geometric parameters
are tested in this study. Table 1 hsts the details of the tested samples. Relevant definitions of
the geometrical parameters can be also shown in Figure 3. The effects of tube diameter, fin
height. fin spacing. fin thickness, and fube arrangements on the airside performance are

examined accordingly.
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Table 1 Geometric dimensions of cross flow heat exchanger

do d; fer .fh f: S.’ S!

No ", 1 arrangement
(mm) (mm) (mm) (mm) (mm) (mm) (mm)
] 17.3 133 385 10.0 0.4 30,0 500 4 10 inline
2 272 216 385 10.0 0.4 50.0 300 4 190 inline
3 0.7 165 610 100 0.4 0.0 500 4 190 inline
4 21.7 165 3.85 10.0 0.4 50.0 500 4 10 inline
5 21.7 165 285 10.0 0.4 500 300 4 10 inline
6 217 165  3.85 10.0 0.4 714 500 4 7 inline
7 217 16.5  3.85 15.0 0.4 714 500 4 7 mline
DATA REDUCTION

The heat transfer rate of cross flow heat exchanger under dehumidifying condition can

be calculated as follows;

O, = ity =y ) ()
O = 1, CpTe = Tt ). 2)
Note that the heat transfer rates in Equation (1) and Equation (2) are the air-side and
the tube-side, respectively. In this study, the average heat transfers rate can be evaluated as
O =0.5(0, +0, ). (3)

The average heat transfer rate can be defined as a function of the overall heat transfer

coefficient based on the mean enthalpy difference as

Q

=g

=U, A FAI,,. (4)

F 15 the correction factor in the case of cross flow unmixed/unmixed configuration.

Threlkeld [1970] defines the mean enthalpy difference for counter flow tube bank as

(Y N B (A
a.dr Four a,.oui r.in
w = , , - (5)
]n Ia,f}r - rr.our
',a.our - 'rr,m

Mayer [1967] showed the relation of the overall heat transfer coefficient (U, } and

Af

other heat transfer resistance as
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‘ b x A
L _ b4, %54 ! _ (6)
L;o [ }?EA,U.F kpAp.m ( Ap,o A_fn_{.wer J
o b:vp Ao b:v.m Ao
where
1
h,,=——m: N
CM +X£ -
b h k ;

Note that the ratio of water film thickness and thermal conductivity of water (v _/k )
1s very small compared to other terms [1997] and they are neglected in this study.
The tube side heat transfer coefficient can be calculated from Gnielinski correlation

{1976] as

(f,/2XRe - 1000)Pr [_f_c_J ®)

Tro7+127¢7 2 1) g,

i

where

1
(1.58Re,—3.28)

fi= )

The four quantities in Equation 7 can be estimated following the method of Wang et

al. [1997] based on the enthalpy-temperature ratios. In case of &, and b,, they can be

calculated as

J:s i I’r "
b = 2 (10)
- - Tp‘:',m - Tr.m - .
i -7
b; = [ ] 3. Pt . (.i 1 )
Tp.o.m - Tp.!'.m

The quantity b, ,is the slope of saturated enthalpy curve evaluated at the outer mean

water film temperature at the base surface and in case of no loss, it can be approximated from

the slope of the saturated enthalpy curve evaluated at the base surface temperature of the



122

tube. However, the quantity &, . which defined as the slope of saturated enthalpy curve

evaluated at the outer mean water film temperature at the fin surface, can not be calculated
directly. Consequently, the trial and error procedure is selected to find out this value. Wang et

al. [1997] also gave the steps of this method as follows:

!
w. At

I. Assume a value of T and calculate the quantity b

[

Calculate &, from Equation 6

3. Calculate the quantity £ by this following relation

5w

; Y
T e b! x,b '
it Wil = I._- = i : I?f X 1_..Uo W'AO T + 7 (Il_-ir m)' (12)
o bl h ‘ WA, kA4, '

wom Lo

4. Determine thenew T, at { and repeat the procedure again until the error is in limit.

5, WL

The wet fin cfficiency can be evaluated by the method of Wang et al [1997] as:

- 25, « KI(MT"})Il(Mr"o)"KI(MT"o)IJ(MT"';') (13)
T =) R L0 )+ K, (0 1,0 17, |

where

/2’&0.!\' 2;1(.0 b?
M, = |22 = /—"‘ (14)
Vi s, VSN C

In this work, the sensible heat transfer coefficient (4,,) and pressure drop of air

stream across tube bank are presented in term of the Colbum factor ( /) and the friction factor

( [ ) factors as

J=——Pr* (15)

A £: 1 20.4P N o
=g —|l+o0° | —~1]|. 16
f Ao pm[ G2 ( (po ]} ( )

L
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RESULTS AND DISCUSSION
Sensible Heat Transfer Coefficient

Figure 4 shows the effect of tube diameter on the sensible heat transfer coefficient at
various frontal velocities of air stream. The fin spacing (3.85 mm), fin thickness (0.4 mm),
and the fin height (10 mm) are taken for this comparison. The transverse and the longitudinal
tube pitches are 50 mm. As expected, the heat transfer coefficient rises with the frontal
velocity. However, 1t is interesting to note that the heat transfer coefficient increases with the
reduction of tube diameter. This phenomenon is attributed to the ineffective area behind the
tube which increases with the tube drameter especially, the inline arrangement. Wang et al.
[2002] performed flow visualizations via dye injection techmique for fin-and-tube heat
exchangers having inline arrangement. Their visual results unveil a very large flow
circulation behind the tube row. Consequently this large recirculation does not only
contribute to the decrease of heat transfer coefficient but also to the rise of pressure drop. In
addition, the large recirculation may also block the subsequent tube row and degrades the
heat transfer performance herecafter.

Figure 5 shows the effect of fin height on the airside performance for inline
airangement. In this comparison, the associated fin heights are 10 and 15 mm and the fin
spacing and the tube diameter are 3.85 mm and 21,7 mm with the transverse and the
longitudinal pitches are 71.4 and 50 mm, respectively. As seen in the figure, the influence of
fin height shows wremendous influence on the heat transfer performance. The heat transfer
coefficients drop drastically with the increase of fin height. This is probably due to the
airflow bypass effect. Actually the airflow is prone to flowing the portion where the flow
resistance is small. In case of f, = 15 mm, the airflow resistance around fin tube is larger than
that for f; = 10 mm. Therefore, part of the directed airflow just bypasses the tube row without

effective contribution to the heat transfer and lower heat transfer coefficient is obtained.
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The effect of the fin spacing on the airside performance is shown in Figure 6. It was
found that the increase of fin spacing gives a nse to the heat transfer coefficient. An
explanation of this phenomenon is the same as that in the previous case which concludes that
the result comes from the airflow bypass effect. The result of airflow bypass effect is also
shown in Figure 7. It can be seen that the high transverse tube piich (S, = 7].4 mm) gives

lower heat transfer coefficient than that of the low value (S;= 50 mm). '

?O PR . A _ S———

fs = 3.85 mmm, fi = 10 mm, S = 50.0 vy, S = 50.0

60 . ——O0—do =173 mm, wet
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-ofy - do =272, dry

Q - O do=21.7mm dry
= 40
=
= 30
2
=
20
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0 0.5 1 1.5 2

Frontal Velocity (m/s)

Figure 4 Effect of tube diameter on the sensible heat transfer coefficient.
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60
fu = 10.0 mm, do = 21.7 mm, St = S0.0mm, Si = 50.0
—O— 5 = .10 mm, wet &
50 ——O— fs = 3.85 mm, wet
40
NM
£
E 30
o
= 20
10
0
0 0.5 1 1.5 2
Frontal Velocity (m/s)

Figure 6 Effect of fin spacing on the sensible heat transfer coefficient.
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Figure 7 Effect of transverse pitch on the sensible heat transfer coefficient.

Comparison of the heat transfer coefficient under dehumidifying process with that of
non-dehumidifying condition from the report of Nuntaphan and Kiatsiriroat [2003] is also
shown in Figures 4-7. The heat transfer phenomena of the wet surface heat exchanger are
close 10 those of the dry surface. However, the heat transfer coefficient of the wet surface is
lower than that of dry surface. Actually, there are many reports showing the comparison of
the heat transfer coefficient between wet and dry surface heal exchanger. Some experiment
shows the heat transfer augmentation of wet surface, such as Meyers [1967], Elmahdy [1975]
and Eckels and Rabas [1987] for the continuous plate finned tube. However, some reports
show the decreasing in the heat transfer coefficient of wei surface, such as for the wavy
finned tube. Mirth and Ramadhyani [1993] showed 17-50% decreasing of heat transfer
coefficient of wet surface. Moreover Wang et al [1997] showed the decreasing of the Colbum

; factor of plate finned fube when the Reynolds number lower than 2,000. However, at the
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higher Reynolds number, the j factor of wet surface is slightly higher than that of dry
surface. The present results are generally in agreesment with the trend of Wang et al. [1997].

In this research, the correlation for predicting the Colburn j factor including the

effect of various quantities 1s also developed and the model is

d ~5.8433 ~0.6457 S 29009 d g.6111
j=0.0023Re7| %2 L S [de| (17
S, /e 3, d, :
d
. } (18)
df

It 1s found that the jmodel can predict about 85.7% of the experimental data within +

where

m = 0.4987+1 .0593{%—] + 04265(—{’»] -1 .8579[

i ¥

15% accuracy. The comparison is also shown in Figure 8.

0.015 == e
+15%

£ 0.0l g "15%
S oo O
= ,
@ S
g fhicia
= 0.005 - @

= 0.0023Ren (dor S S Ry

25009 d.6011

(51784 (de/d)

m= 0.4987+1.0593(do/S0)+H0.4265(fi/£)-1.857%(do/d )
0 — -
0.0000 0.0050 0.0100 0.0150
j experimental

Figure 8 The comparison of j factor from experiment and correlation.
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Pressure Drop

Figures 9-12 show the air stream pressure drops in the cross flow heat exchanger. It is
found that the air stream pressure drop increases with the frontal velocity of air. Moreover,
when compare with the resuit obtaineq from Nuntaphan and Kiatsiriraot [2003] in the case of
dry surface heat exchangert, the pressure drop is slightly higher than that of dry surface. This
is because only small amount of water vapor is condensed on the heat exchanger surface.

Figurcs 9-11 also show the pressure drop increases with tube diameter (&, )and fin
height (/, ) However, it decreases with the increasing of fin spacing (fs). These phenomena

come from the increasing of surface area resulted in higher the airflow resistance. The effect

of tube arrangement is also found in Figure 12. Higher transverse pitch of tube bank (S,)

gives lower pressure drop.

30 N e e e e e e -

fs = 3.85 mm, fi = 10 mom, St = 50.0 nvmy, S1 = 50.0 mm

—G—do = 17.3 mm, wet
—3—do = 27.2 mm, wet
—&—go=21,?mm,§fet
---O-- do=173mm,

- do=27.2mm,dg
c--Be- - do=21.7m, dry

o]
LA

[
)

Pressure Drop (Pa)
= >

]

0 0.5 1 1.5
Frontal Velocity (m/s)

Figure 9 Effect of tube diameter on the pressure drop.
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2 -
A
O P R - L.
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Figure 10 Effect of fin height on the pressure drop.
18 o
fi = 10,0 mm, do = 21.7 mim, S¢ = 50.0 nmm, S1 = 50.0
16 —O— fs = 6.10 mm, wet
| —{— fs = 3.85 mm, wet
~ 14 - ——15=2.85mm wet
= oo - 5 =610 dry
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=)
= 10 <&
= P
£ 3
=
g 6
et bagl
R~ 4 - g
2 B
o
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Figure 11 Effect of fin spacing on the pressure drop.
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do=21.7 mm, St = 50.0 mm

—C— St =50 mim, wet
~—x— St = 72 nmn, wet
<o O - 8t= 50 mm, dry
<oA= St=T2mm, dry

e —
o b

<@

Pressure Drop (Pa)

0 0.5 } 1.5 2
Frontal Velocity (m/s)

Figure 12 Effect of transverse piich on the pressure drop.
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Figure 13 The comparison of f factor from experiment and correlation.
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In this research. the correlation for predicting the air stream pressure drop including

the effect of vanoas quantities 1s also developed and the model is in a form of

p -01781 f —0.539} s 07591 4 01177
f=4.9433Re;°'3”’ = EAS i ) i (20)
G B 7 B O N P

From Figure 13, it 1s found that the fmodel can predict about 8§2.3% of the

experimental data within £15% accuracy.

CONCLUSION
From the experiment, it can be concluded as follows:

1. The heat transfer coetlicient of wet surface is lower than that of dry surface.

2. The tube diameter, the fin height, the fin spacing and the transverse tube pitch of the cross
flow heat exchanger under dehumidifying condition affect the heat transfer coefficient
and the result is close to that of dry surface heat exchanger.

3. The air stream pressure drop of wet surface heat exchanger increases with the mass flow
rate of air. The result is close to that of dry surface because only small amount of vapor is
condensed.

4. The developed models for predicting the j and the 1 factors can estimated about 85.7%

and 82.3% of experimental data within +15% accuracy.
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Nomenclature

SN N S N

minimum free flow area

mimn

total surface area

=]

inside surface area of wbe

=

mean surface area of tube

=
3

outside surface area of tube

g
&

slope of straight line between the outside and inside tube wall temperature

el

slope of the air saturation curved at the mean coolant temperature

o o o

£~ =
I

slope of the air saturation curved at the mean water filim temperature

of the extemal surface
slope of the air saturation curve at the mean water film temperature

N

of the primary surface



]
Ll

=
T

S S S AR R AN

N BN

max

>
&

IF,OHF
I.‘.p.l."?

I.s.p,o,m

I
sowom

moist air specific heat at constant pressure
water specific heat at coolant pressure
outside diameter of finned tube

tube inside diameter

tube outside diameter

friction factor

fin height

in-tube friction factor of water

fin spacing

fin thickness

cotrection factor
maxjimum mass velocity based on minimum flow area

scnsible heat transfer coefficient for wet coil

instde heat transfer coefficient

total heat transfer coefficient for wet external fin
modified Bessel function solution of the first kind, order 0

modified Bessel function solution of the first kind, order 1

air enthalpy
inlet air enthalpy

outlet air enthalpy

saturated air enthalpy at the mean refrigerant temperature
saturated air enthalpy at the inlet of refrigerant temperature
saturated air enthalpy at the outlet of refrigerant temperature
saturated air enthalpy at the mean inside tube wall temperature
saturated air enthalpy at the mean outside tube wall temperature
saturated air enthalpy at the mean water film temperature of the external surface
mean enthalpy difference

the Colbum factor

modified Bessel function solution of the second kind, order O
modified Bessel function solution of the second kind. order 1
thermal conductivity of fin

thermal conductivity of tube side fluid

thermal conductivity of tube

thermal conductivity of water

parameter
air mass flow rate

water mass flow rate

number of tube row

134
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3

number of wbe in each row

pressure drop

Prandt! nomber

mathematical average heat transfer rate

75

Y
b

air-side heat transfer rate

010 ©

water side heat transfer rate

®

distance from the center of the tube to the fin base

]

distance from the center of the tube to the fin tip

—
i

Reynolds number based on inside diameter of bare tube ;
Re, Reynolds number based on outside diameter of bare tube
S, longitudinal tube pitch

S, transverse tube pitch

7., mean temperature of water film

7., water temperature of at the tube inlet

T, .., water temperature of at the tube outlet
7,:, meantemperature of the inner tube wall
7,,., meantemperature of the outer tube wall
7., mean temperature of refrigerant coolant
U, . overall heat transfer coefficient

X, thickness of tube wall

v, thickness of condensate water film

;... wetfin efficiency

2 mass density of inlet air
£, mass density of outlet air
p,, ~ mean mass density of air
a contraction ratio
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Abstract

Heatl transfer characteristic of cross flow heat
exchanger using crimped spiral fins with staggered arrangement

has been studied in this research work. This zpparatus

exchanges heat between ambient aw and 65°C hot water. The
mass flow rate of aw s risen from 0.2-0.5 kgfs while the water is
kept constant at & Wmin,

The parameters affecting the performance of heal
exchanger such as tube diameter, fin spacing, fin height and 1ube
spacing have been Investigated. Moreover the empirical
correlation for evalating the heat ansfer coefficient and
pressure drop are aiso developed in this work and they can

predict 98.6% and 91.3% of the experimental dala within the

ranges of T15% and £20% respectively.
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Nomenclature

A Area (m'}

Cp Specific heat (JkgK)

d, QOutside diameter of finned fube {mm)

d, Inside diameter of bare tube {mm)

d, Outside diameter of bare tube (mm)

f Friction factor

f, Fin height (mm}

f, Fin Spacing (mm)

f Fin thickness {mm} :

G Mass flux of air base on minimum flow area (kg!sm2)
h Heat transfer coefficient (Wim-K)

k Thermat conductivity (W/ink)

L Length (m)

Total Length (m)

m Mass flow rate (kgfs)
n Total number of tube
n Number of tube rows
n Number of tubes in row

NTU Number of transfer unit
MNu MNusseit Numbear
P Pressura {Pa)

Heat trarnsfer rate (W)
Re Reynolds number
Transverse pitch {mm}
Longitugdinal piich {mm)
Minimum flow area (m’)
Temperatura {°C)
Overall heat transfar coefficient (Wi’mzK)
Maximum velogcity (m/s)

Greek symbols

€ Effectivensss
T Efficiency
K Dynamic viscosity {(Pas)
p Density {kg.fms)
8] Contraction ralic of cross sectional area
Subscripts
a Ar
Bare tube
f Fin
i Inlst, tube side
o] Qutlst, air side
w Waier
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ABSTRACT

This research work studies the air-side heat transfer
coefficient of thermosyphon heat pipe in case of staggered-
arrangement tubes bank. Normally, the air-side heat transfer
coefficient is the lowest and it controls the overall heat transfer
of the system. To enhance the overall performance, extended
surface is used at the air-side and the crimped spiral finned tube
is normally selected in case of thermosyphon heat pipe. In this
research work, the heat transfer cocfficient of the thermosyphon
heat pipe with crimped spiral fins is nvestigated. The
parameters affecting the performance of heat exchanger such as
tube diameter, fin spacing, fin height and tube spacing have been
studied. Moreover the empirical correlation for evaluating the
air-side heat transfer coefficient is also developed in this work.

Keywords: air-side heat transfer coefficient, thermosyphon heat
pipe, crimped spiral fins, heat transfer model
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L. INTRODUCTION

Many types of heat exchangers are used
as industrial waste heat recovery units such as
cross flow, rotary, run around coil, and
especially thermosyphon heat exchanger which
has high performance and low operating cost.
The thermosyphon heat exchanger is used to
recover heat from flue gas of the boiler or
furnace and transfer this energy to increase the
temperature of combustion air (air-preheater) or
boiler feed water (economizer).

The thermosyphon heat exchanger
composes of a set of thermosyphon heat pipes
with in-line or staggered arrangement. In case of
air-preheater, The effective method to improve
the performance is to increase the air-side
surface area with extended surface. The circular
finned is normally designed for the
thermosyphon and many correlations are
developed for calculating the air-side heat
wransfer performance of this finned tube [1-3].
However, the process to construct the real
circular finned tube is quite complicated with
high cost. Thus the crimped spiral fins is used in

practice and Figure 1 shows the shape of the
finned tube.

Figure 1. The shape of crimped spiral fins.

In Thailand, there are a few factories
construct this kind of fin and no available heat
transfer performance data. Therefore, in this
study, the performance of the thermosyphon
heat exchanger using crimped spiral fins is
investigated and the correlation for evaluating
the heat transfer performance of the finned tube
is also formulated.

This work can be divided in to two
parts. The first part is to test the performance of
the crimped spiral fins and correlate the heat
transfer data. The second part is to find out the
performance of the thermosyphon heat



exchanger using this kind of finned tubes by
using the data from Nuntaphan[4].

2. PERFORMANCE TEST OF CRIMPED
SPIRAL FIN

2-1 Theory

This research work foilows the
ANSI/ARI standard [5] for testing the
performance of the finned tubes. The air-side
heat transfer coefficient of the crmmped spiral
fins can be evaluated by arranging it as a cross
flow heat exchanger shown in Figure 2. Hot
water is flowing inside the tube bank and
transfers heat to the cross flow air stream. The
heat transfer rate { Q ) of heat exchanger can be

calculated as

[ Tube Bank |
Airm - - 6 - Air Qut
=> 3| |3 |E| |3|=>
"4 o o o

TN
i

i3
Water Qut Water In

Figure 2. Cross flow heat exchanger.

Q=m,Cp,(T, - T,) (1)
Q=m,Cp,(T, - T..) @)

where m, is the mass flow rate of air, m , is the
mass flow rate of water, T,.T,, are injet and
outlet temperatures of air stream. T, . T, are

inlet and outlet temperature of water and
Cp,,Cp, are specific heats of air and water

respectively.
The performance indicator of heat
exchanger is the effectiveness which is defined

= —- 3)

o (m Cp)min ﬂTw (4)
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wheregis the effectiveness. The relation
between the effectiveness and the air side heat
transfer coefficient in case of 4 tube rows is as
follow

1+ CR g - 4K+ K)
e=—11-e=| 4 4{c VK2 - K) ()

C T
8ic" K¢
+
| 3 J)
K =] _e-NTUM . (6)
UA
NTU= ——— 7
V= oo @
. (n"le) .
C = 8
(mejw ®
1 o, In{d, 7d,) 1 ©

— = ER
UA b A,  2mkL WA

where h is the heat transfer coefficient, A is
area, dis tube diameter, Lis tube length, kis
thermal conductivity of tube material, 1, is
surface efficiency of the airside and subscripts
o,iare defined as the air side and the tube side
respectively.

The tube side heat transfer coefficient
can be calculated from Gnielinski correlation [6]
as

. {&] Re,,~1000 )Pr{f /2) 0
ol i]+12.?,/ﬁ/2(przu_l)

£ =[1.58 InRe,,) - 3.28] (1)

where Rep, is the tube-side Reynolds number.

The surface efficiency from equation (9) can be
estimated from

n, =1-2L{ =) ' (12)

; . (13)

where A_is the total surface area of finned tube,
A, is surface area of fin. A is surface area of
bare tube and 7 is fin efficiency which can be

calculated from Schmidt approximation [7] as
follows:

tanh (mr¢)
‘r'l = e ———
mrd

(14)



2h,
T "
R R
¢=[_°Q- ][1 +0.351n[-iﬂ (16)
r T
RA:}_Q?ﬁ[i—OGJ ‘ (17)
r roA Xy
S, 72) +8,
Kz% (18)
X, = 0.58, (19)

where k,is thermal conductivity of fin material,
S,and S, are transverse and jongitudinal pitches
of tube bank respectively and f, s fin thickness.

Figure 3. Schematic sketch of experimental
setup.

2-2 The expertmental setup

Figure 3 shows the experimental setup.
The air stream at room temperature is fed
through the tube bank while the hot water is
flowing inside the tube. The water flow rate is
kept constant at 8 [/min and the inlet temperature
is at 65°C. The mass flow rate of air is varied in
the range of 0.1-0.5 kg/s. By measuring the inlet
and the outlet temperatures of the water and the
air streams including the mass flow rate of each
side, the air side heat transfer coefficient could
be calculated.

Table 1 shows dimenstons of the finned
tubes and their arrangement. The effect on the
heat transfer performance of the parameters such
as tube diameter, fin height, fin spacing, fin
thickness and tube amangement are studied.
Moreover the empirical model including these
parameters is formulated for calculating the air
side heat ransfer coefficient
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Table 1 Dimensions of various type of heat
exchanger.

d, d, f, f, f S, S n, n,
217 16.5 6.10 10,0 04 720 36.0 4 6
217 16.5 385 100 04 720 360 4 6
217 16.5 2185 100 04 720 360 4 b
2.7 165 610 100 04 840 242 4 5
W7 165 3B5 100 D4 840 242 4 5
217 16.5 285 0.6 04 840 242 4 5
217 16.5 6.10 19.¢ 04 500 433 4 9
21.7 16.5 3.85 10.0 04 500 433 4 9
21.7 16.5 285 100 04 500 433 4 9
21.7 16.5 6.10 10.0 04 35.6 482 4 8
21.7 16.5 385 100 04 556 482 4 8
21.7 16.5 285 100 04 556 432 4 g
21.7 16.5 383 150 04 556 482 4 8
27.2 21.6 3.85 i60 04 500 4332 4 9

Note: All dimensions are in millimeter.
80 —— bt ey
£~ 3.85 mm, fr = 10 om, i
0 $1=300wwm, 5 = 433 mm 4 i
—&—do = 21.7mm & m ;
60 & do =27 Tmm /'J i
/' = .
Z50 | gy
540 — ¥
230 ¢ s
20 f
0k
0 S I | P R
0 0.5 I 15 2

Frontal Velocity (m/s)

Figure 4. Effect of tube diameter on air-side
heat transfer coefficient.

2-3 Resulis and Discussion
Figures 4-6 shows the relation of the air-

side heat transfer coefficient and the mass flow
rate of air stream. All of the mentioned Figures

give the same undoubted results that higher the

mass flow rate of air stream results in higher the
heat transfer coefficient. From Figure 4, it is
found that smaller diameter of tube gives higher
heat transfer coefficient. This result comes from
the re-circulation of air stream behind the tube
that increases with the tube diameter. This affect
pronounces the ineffective area of tube and it
brings to get lower heat transfer coefficient.
Wang et al. [8] also found this phenomena by
using flow visualization.

Figure 5 shows the effect of fin spacing,
and S, on the airside heat transfer coefficients.

The tube diameter is 21.7 mm and the fin height
is 10 mm. For a smaller transverse tube pitch



(S, = 50 mm), one can see the effect of fin

spacing on the heat transfer coefficients is
negligible. This result is analogous to that of
continuous fin geometry as reported by Rich [9]
and Wang et al. [10]. However, for a larger
transverse pitch of 84 mm, the heat wansfer
cocfficients decrease with the decrease of fin
spacing. This phenomenon may arise from the
influence of airflow bypass effect. As is known,
the corresponding pressure drop rises with the
decrease fin spacing. As a conseguence,
atthough the airflow is directed by the tube row,
the airflow is prone to flowing the portion where
the flow resistance is smaller. For a very large of
transverse tube pitch of 84 mm, part of the
directed airflow just bypass the tube row and fin
without effective contribution to the heat
transfer, thereby causing a drop of heat transfer
coefficients at smaller fin spacing. This flow
bypass phenomenon becomes much where the
transverse tube pitch is increased. Therefore, one
can see no appreciable change of heat transfer
coefficients for S, = 50 mm.

2 prmr S
4, =217 mm, [, = 10 mm
A
0 *
‘u
—:"”'/. *® |
".L. i L
60 o o X
by,
Zox
g Sl
0 - Vi °
Z p 4 W
HE ;"',-f' a o
wil e
3 40 AE o
Er Jff{’ﬁ'l/ r.x
= Vi
30 ‘:',//D- |
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0
0 0.5 1 1.5 2
Frontal Velocity (m/s)

Figure 5. Effect of fin spacing and tube
arrangement on the air-side heat transfer
coefficient.

The effect of fin height on the airside
performance is shown in Figure 6. It is found
that the heat transfer coefficients of f, = 10 mm

are higher than that of f,= 15 mm and the
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explanation is as follow. In case of f, =15 mm,
the airflow resistance around fin tube is larger
than £, = 10 mm. Therefore, part of the directed
airflow just bypass the tube row without
effective contribution 1o the heat transfer and
lower heat transfer coefficient is obtained.

80
f:=335mm do= 217 nmm,
70 Si=35.6mm B =482 0m

——{h = 10 rm
60 I —m—th=15mm

Y ]

0 05 1 1.5 2
Frootal Velocity (m/s)

Figure 6. Effect of fin height on air-side
heat transfer coefficient.

In this research work, the empirical
mode! for predicting the heat transfer coefficient
for various types of the finned tubes is also
developed. The empincal model is as follow.

-0, 1430 11856
4 F
Nu =0.0276 Re,*** [?j [-S—']

5 1

0.7815 ~0.3250 (20)
dO do
W — |
90 _ +1(E, i
80 ; '
70 ! a ~1(R4
g L [
‘Z-‘ 60 H o.g{og °
£ 50t e 8
|3 ‘go:‘—‘
2 40 - s@o
30 - g_ég)
20 v B K= 0.0 PO g
. e (50,0 T )1
10 I
50, = 0.0617 .
0 - ; —!
0 20 40 60 80 100
N“ﬁmrimmml

Figure 7. Comparison of Nu from the
experimental data and the model.



Figure 7 shows the comparison of Nu
from the experimental data and the model. It is
found that the model can predict 98.6% of the

experimental data with in +15% error.

m. T

c o

My, Ty

a. Paralie! flow arrangement

b. Counter flow arrangement

Figure 8. Thermosyphon heat exchanger. Water
is working fluid inside.

3. PERFORMANCE OF THERMOSYPHON
HEAT EXCHANGER USING CRIMPED
SPIRAL FIN

In this part, the crimped spiral fin tube is
used as in the air-to-air themiosyphon heat
exchanger as shown in Figure 8.The heat
iransfer rate of the thermosyphon heat exchanger
can be calculated as follows:

Q= n:!hcph (Thi - Tho)

= (UA)&TImtd

where UAis the product of overall heat wansfer

coefficient-area of the thermosyphon heat
exchanger. In this research work, the simulation
program for calculating the performance of
thermosyphon heat exchanger developed by
Nuntaphan [4] is selected for evaluating the
performance. Figures 9-12 show the simulation
results at various conditions.

From the Figures, it is found that the
performance of the system depends on the mass
flow rate of air and the inlet temperature of hot
gas. Note that in this part the mass flow rate of
the hot gas equals to the mass flow rate of the
cold pas. Moreover, it is also found that the
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counter flow gives higher performance than the
parailel flow.

Figure 9 shows the effect of tube
arrangement on the performance of
thermosyphon heat exchanger. It is found that
triangular arrangement gives the highest heat
transfer rate because of its highest air-side heat
transfer coefficient.

Figures 10-11 show the effect of fin
spacing and fin height on the heat transfer rate,
The outputs show the same results as those
described in the previous section.

do = 002171, di =0 0165 M e = 4,1 = 10
fe = QOXIRS my i - 000 m, v = 00004 m ¢
| T =1350C, T 30 .

16000 ) =
Su=0.05rn,9|=0.0433m"£} P
VA0 | :
14000 -&;-'0m2m5|=0.0%m;>®' - ‘
3 77 e |

oy 10000 ',.' 4 o
800 Ay ‘

| ) A ..-\- ‘
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m e ——1 - jl:l._._l—.—uw p e —-.—l
Q Ql 02 03 04 [£5] 06
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Figure 9. Effect of tube arrangement on the
performance of thermosyphon heat exchanger.
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Figure 10. Effect of fin spacing on the
performance of thermosyphon heat exchanger.

Figure 12 shows the effect of the injet
hot gas temperature on the heat rate. Higher the
temperature difference between the heat source
and heat sink results in higher heat transfer rate.



Anyway, the temperature must be controlled not
to exceed the critical heat flux condition.
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Figure 11. Effect of fin height on the
performance of thermosyphon heat exchanger.
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Figure 12. Effect of hot gas temperature on the
performance of thermosyphon heat exchanger.

4. CONCLUSION

This work studies the performance of
crimped spiral fin at various conditions such as
fin spacing, fin height. tube arrangement, mass
flow rate and temperature of air. The empirical
mode] for predicting the air-side heat transfer
coefficient is also developed and it can predicts
the results quite well. This research also studies
the performance of thermosyphon heat
exchanger using crimped spirat fin. It is found
that fin spacing. fin height, mbe arrangement,
mass flow rate and temperature of air and the
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direction of air streams give high effect to the
heat transfer rate of heat exchanger.
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NOMENCLATURES

A Area (m?)

Cp Specific heat (J/kgK) .
Qutside diameter of finned tube (mm)
Inside diameter of bare tube (mm})
Qutside diameter of bare tube (mm)
Fin height (mm)

Fin Spacing (mm})

i, Fin thickness (mm)

I Heat transfer coefficient (W/m’K)
k Thermal conductivity (W/mK)

L Length (m}

m Mass flow rate (kg/s)

n Number of tube rows

n Number of tubes in row

NTU  Number of transfer unit

Nu Nusselt Number

Pr Prandtl number

Q Heat transfer rate (W)

Re,  Reynolds number

S Transverse pitch (mm)

S, Longitudinal pitck (mm)

T Temperature (°C)

U Overall heat transfer coefficient
(W/m?K)

Greek symbois

£ Effectiveness

ul Efficiency

Subscripts

a Alr

b Bare tube

f Fin

i Inlet, tube side

o} QOutlet, air side

w Water
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